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1. INTRODUCTION

OBJECTIV

The objec the ATC Prograim were:

1. T,.. aemonstrate component technology to reduce devel-
opment risks applicable to a 22.5-ton HLH at the
lowest total HLH system cost.

2, To secure a cost data base adequate to assure that
cost estimates using that data base are credible
and acceptable.

3. To provide the Government with improved technology
and reduced risk for program definition for large
payload helicopters.

4. To advance the level of industry expertise in HLH
components.

APPROACH

The purpose of the ATC Program was to seek maximum reduction
of technical and cost risks associated with the Engineering
Development of an HLH system through the design, fabrication,
demonstration, and test of selected critical HLH components.
Engineering Development or full flight qualification of any
component or concept was not the purpose of this program.

The critical components of the HLH were determined to be the
rotor blades, the hub and upper controls, the drive system,
the flight control system, and the cargo handling system.
The scope of the HLH ATC program was limited to these com-
ponents, plus the interface analytical activities necessary
for the ATC components to be considered suitable for sub-
sequent integration with the complete aircraft.

The general arrangement of the HLH as described in the Prime
Item Description Document (PIDD) is shown in Figure 1. The
configuration is based on the U.S. Army Aircraft System Re-
quirement Document (ASRD) for the Heavy Lift Helicopter ATC
Program. The configuration is designated the Boeing Model
301.
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The drive system ATC program began in July 1971 and was
completed in July 1975. The general schedule is shown in
Figure 2.
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2. SYSTEM DESCRIPTION

The Drive System (Figure 3) consists of three transmissions

together with interconnecting shafting. The transmission
design tprques are determined by the following hp ratings:

1. 110% of the power required to hover OGE at design gross
weight at sea level 95 0 F with all engines operating
(17,700 hp at combining transmission output speed of
8000 rpm)

A 2. Maximum power of any two engines at sea level 590 with
one engine inoperative (8075 hp/engine at 11,500 rpm)

3. A torque distribution of 60% to either rotor

4. Transmissions are sized for the steady torque values
required by the flight envelope. The design goal for
transmission removal is 2000 hours MTBR with "on-

Scondition" removal. The transmission bearings are
designed for a B1 0 life of at least 2000 hours, using
a mean load derived from the mission profile.

The combining transmission (Figure 4) combines the power
from three forward drive engines, provides a 1.44 to 1 speed
reduction, and directs the power to forward and aft rotor

The three engine inputs are directed through sprag-type over- (
The cltchreeegnipus are dirncnected t the eringh spandsuppovrterunning clutches to combining gears on the centerline shaft.The clutches are spline connected to the gearing and supported

within a separate housing, thus allowing field replacement if
desired without major disassembly or disturbance of any gear-
ing. The clutch inner race is connected to the rotor side of
the system, thereby assuring a constant centrifugally-induced
oil supply from the inner race feed. The inner face is sup-ported within the outer by tapered roller bearings to reduce
the tendency to brinell which has been shown by cylindrical
or ball bearings used in this location.

The spiral bevel collector gear which combines left and right
engines also serves as the driver for the slanting-shaft:
aft rotor takeoff. The slant-shaft bevel is supported in
tapered roller bearings, as are the bevel input pinions. These
bearings have inner-race lubrication directed at the major
heat generati)n areas as well as other modifications to enable
them to operate at high velocities.
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These bearings, as well as main gear meshes, are served by
two separate lubrication feed systems (Figure 5), each of which
incorporates its own pump, filter, passages, and jets. The
main pump is located in the front of the gearbox beneath the
integral blower-cooler. It draws from a level several inches
above the sump floor to allow a reserve for the auxiliary
system. The main pump discharges through the circular cooler,
filter, and pressure relief valve to jets throughout the
transmission. The auxiliary pump, which is located at the

j opposite end of the gearbox and driven by the brake drive,
draws from the sump bottom. It does not discharge through a
cooler, but goes directly to a screen and then to critical
gears and bearings. The discharge capacity of the auxiliary
is about 15 percent of the main system. This quantity, deter-
mined by component tests, maintains the integrity of the main
drive train for a minimum of 20 minutes. Both lubrication
systems have individual pressure gages so that loss of pressure
on either system can be seen.

The screen-type debris detector located at the pump inlet pro-
vides warning of structural deterioration within the trans-
mission. All of the oil flows through the detecting screen,
whose mesh is sized to stop particles larger than .060 inch.

* Any electrically conductive material held against the screen
by suction force completes an electrical continuity and acti-
vates a signal. The particle need not be magnetic. Smaller
debris particles are deposited on the filter screen beyond the
pump and cooler. This filter signals an accumulation of debris
sufficiently heavy to activate a delta-pressure switch. As a
final protection for the transmission, a further down-stream
screen at the entrance to the transmission holds particles of
jet clogging size that stay have been left in the oil cooler

S~passages or filter bypass. Excessive debris collection will

be indicated by the oil pressure gage.

The rotor brake is mounted on and driven from the rear of the
gearbox. The brake disc is a carbon composite, rotating at
5,152 rpm and running in a brake head assembly containing
carbon composite linings within a caliper assembly.

The combining transmission is mounted to the structute by four
bolts, with a failsafe one-joint-failed capability. There are no
fluid lines connecting the transmission to the airframe. The oil
system, as noted, is self-contained within the transmission. Air
for the transmission-mounted cooler is brought from the aft pylon
into the transmission compartment and is drawn into the outside
diameter of the cooler. The hot exhaust air is drawn from the
cooler inside diameter through the blower to the hoist compart-
ment forward of the transmission and thence overboard.
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The aft transmission is shown in Figure 6. The aft
and forward rotor transmissions are similar except for input
bevel gear angles and orientation. Upper cover, rotor shaft,
and planetary gearing are identical. The iatio of the rotor
transmissions is 51 to 1, from synchronizing shaft to rotor.
The bevel gear accounts for 2.86 to 1, and the two-stage
planetary for 17.88 to 1.

All main drive gearing is made from carburized BMS 7-223
(Vasco X-2) high hot hardness tool steel. Bevel gears are
supported in tapered roller bearings modified and lubricated
for high-velocity application. Planet gears in the second
(upper) stage are supported by compliant cylindrical roller
bearings with hollow ends. These are designed to provide
higher capacity than spherical roller bearings, while allowing
a greater misalignment across the bearing than would normally
be possible with solid-end cylindricals.

The rotor shaft is a titanium forging (6 AL-4V), with surface
treatments at the bearing journals and at the upper spline,
designed to protect the titanium from fretting and wear. The
upper cover, which supports the rotor shaft and carries torque
and hub loads to the airframe, is a 7075 T-73 aluminum forging.
The attachment of the cover to the airframe through four bolts
follows fail-safe criteria.

The lower case is a magnesium casting of ZE 41A material selec-
ted for improved properties in heavy sections typical of these
large housings. Beneath the cast housing a glacss reinforced
epoxy sump closes the gearbox and provides pickup points for
the main and auxiliary lubrication system. Glass fiber was
selected for ballistic considerations, as its high-strength
low-modulus properties allow it to absorb ballistic impact
without large fracture areas. The sump is also designed with
self-sealing compound application as a consideration for
ballistic protection.

Lubrication, cooling, and condition uonitoring follow the same
principles as the combining transmission. The oil cooler is
integrated with the transmission to eliminate fluid connections
and to reduce the vulnerable area. Two lube pumps are used,
with the auxiliary pump drawing from a protected deep sump, to
supply critical areas in emergency conditions.

Accessory drives are arranged around the periphery of the sump
at the transmission base. Two separat 'd drive trains, begin-
ning with a dual face central gear, sLupply power to duplicated
accessory arrangements. Each branch has a main alternator, a
flight control hydraulic pump, a flight control generator, and
a transmission lube pump. Accessory drives to main alterna-
tors are designed for the use of oil cooled machines, incorp-
orating integral oil passages.
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Drive shafting outside the transmissions (Figure 7) is
thin-wall aluminum tubing. Shaft sections are supported
in grease-lubricated ball bearings at intervals to provide for
subcritical operation. There are twelve sections of synchro-
nizing shafting, nine forward and three aft, with each section
approximately 60 inches long. Engine drive shafting is iden-
tical for each of the three installations. There are three
shaft sections per engine, supported as the synchronizingshafting. All shafting is joined by flexible-metal-disc
couplings to provide for angular misalignment. Axial location A

change is provided ior by motion in the transmission shaft
spline. Sliding splines are grease lubricated on assembly
and sealed with static O-rings.
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3. DESIGN CRITERIA AND OBJECTIVES
fil

DRIVE SYSTEM

The drive system shall include all parts necessary in the

transmission of power from the engines to the lifting rotors.

Such parts as shafting, shaft support, overrunning devices,

gearboxes and speed reduction units external to the engines

shall be included in the transmission system. The trans-

mission system design shall be in accordance with the require-

ments of specification MIL-T-5955.

TRANSMISSION GEARBOXES

The transmission system shall include a forward rotor trans-
mission assembly, an aft rotor transmission assembly, each

of which shall contain all the accessory power takeoffs, and
an engine combining gearbox assembly. Power shall be trans-
mitted directly from each of the turbine engines into the
combining gearbox. The combining gearbox shall transmit
engine power to the forward and aft rotor transmissions.
Gear ratios and nominal input shaft speeds shall be as foliows:

Gearbox Gear Ratio Input Speed

Combining 1.44:1 11,500
Aft 51.2:1 7,986
Forward 51.2:1 7,986

The overall reduction ratio shall be 73.76:1.

Combining Gearbox Assembl

The engine combining gearbox assembly shall have spiral bevel

pinion gears and helical gears receiving power from the
engines. The spiral bevel input pinion gears shall mesh with
a common spiral bevel collector gear, and the helical pinion
shall mesh with a helical gear on a common shaft to combine
three engine powers. The combined engine power shall be

transmitted through shafting and flexible couplings to the
forward transmission. The spiral bevel collector gear shall
transmit power to the aft transmission through interconnecting
shafts and couplings.
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Forward Rotor Transmission

The forward rotor transmission shall be designed for power
between the rotors and shall receive all rotor loads, lift,
drag, and moments through the rotor shaft into the trans-
mission. The assembly shall contain a eet of spiral bevel
gears driven by the interconnecting shaft and a two-stage
planetary reduction gear assembly. The forward transmission
shall incorporate provisions for installation of the blade
de~icing system slip-rings.

Aft Transmissi(n

The aft transmission shall be similar to the forward trans-
mission except for angle of input shaft and direction of
rotor rotation.

General

10 Tanks and pumps not protected by their location shall be
self-sealing against 7.62 mm projectiles, or demonstra-
tion of transmission operation at normal power for 20
minutes after loss of main oil shall be required.I 0 Transmissions shall be sized for the steady torque values

as required by the flight envelope and shall be designed
for 3600 hours life. The design goal for transmission
removal shall be 2000-hour MTBR with "on-conditiontc
removal. The transmission subsystem bearings shall be
designed for a B1 0 life of at least 2000 hours.

* The natural 'requency of the gear designs shall be sub-
stantially rumoved from gear tooth mesh frequencies and/or
proper damping shall be provided.

0 The design of the main transmission components shall take

into consideration the growtix putential of the engines.
The transmission housing design shall be such that the
torque carrying capacity can be increased to the design
growth power without changing the transmission envelope.

0 A means shall be provided for turning the drive system
slowly and intermittently to enable maintenance personnel
to position each rotor blade as required. A connection to
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which a standard wrench or a crank can be applied shall be
provided in the gear train of the forward rotor trans-

mission to enable maintenance personnel to manually posi-
tion rotors.

S Each transmission shall be capable of continuous opera-
tion in aircraft attitudes of 450 nosedown, 250 noseup,
and 150 roll to either side. There will be no attitude
restrictions on short duration uncoordinated aircraft
maneuvers.

* Failure-detection sensors in the transmission shall
include:

(1) Indicating Chip Detectors
j (2) Oil Temperature

(3) Oil Pressure
(4) Clogged Filter
(5) Oil Screen Contamination

* The debris detector shall be located in the oil flow path
and capable of inspection without oil drainage.

9 Fail-safe structural mounting design shall be incorpo-
rated. In-flight failure of any single transmission

mounting point shall not result in loss of the aircraft.

Lifting provisions shall be made for each applicable
field-replaceable drive system component.

LUBRICATION SYSTEMS

SThe following requirements shall apply to all gearboxes:

0 Each transmission shall have an integral, lubrication and
cooling system. Each oil cooler and blower shall be
replaceable without removing transmission from aircraft.

* Each transmission shall have two active lubricating sys-
tems. The main system shall provide lubrication and oil
cooling for all gears and bearings during normal opera-
tion. An auxii.iary lubricating system, which bypasses
the cooler shall- supply additional oil only to the criti-
cal bearings and gears. Each system shall have a pump,
filters, and monitoring devices and shall utilize sep-
arate oil transfer passages and distribution jets.
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0 Ground servicing with lube oil shall be accomplished by
one man from inside the helicopter. The oil level gage
shall be visible to the man servicing the transmission.

The transmission filtration shall be a full-flow, single
stage with a filter condition indicator. Filtration shall
be 40 micron absolute. A bypass circuit shall be provided,
operating on a delta-pressure principle. A down-stream
screen with a .015-inch opening at the transmission shall
be provided to preclude filter bypass material clogging
the lube jets. This screen shall not have a bypass.
Debris buildup shall be indicated by the oil presLire gage
in the cockpit.

* The lubrication system shall be designed for use with oil
conforming to MIL-L-7808 and MIL-L-23699.

* Transmission oil filters shall be replaceable with the
transmission installed in the aircraft without draining
the lubricating oil. Filter media shall be the disposable
type.

40 Tne maximurit design bulk oil temperature shall be 300uF bu lie±
cooler.

0 Design oil heat rise shall be 50'F. A 10 percent trapped
air fraction shall be used for pump and sump volume
calculations.

0 Oil cooler air inlet temperature shall be 125 0 F maximum.

* Power losses shall be calculated on the basis of:

- Combiner Transmission - Any two engines at 8300 hp

with third engine out (worst cooling case).

-Rotor Transmissions - 60 percent power, worst case
condition, to any single rotor.

Component power losses based upon experiencewith the
spiral bevel gears 0.60 percent to 0.50 percent per mesh
depending upon velocity and planet stages 0.65 percent
per stage. Accessory drives shall be 1.0 percent per
mesh, based upon average accessory power.
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I * Pressure limits shall be:
SMain -Auxiliary

- Component Proof Pressure 400 psi 300 psi

Maximum Pump Pressure 160 psi max 60 psi max

(Norm. Operating Temp adjustable adjustable
-65DP)

-Design Operating 90-100 psi 30-35 psi
Pressure at Oil Jets

* Minimum jet size shall be 0.030 inch.

0 An emergency lubrication systei shall be provided to
enable continued transmission operation after any single

12.7 mm ballistic hit. A minimum of 20 minutes operation
is required. The emergency system shall be directed
to critical main power gears and bearings.

0 • A minimum of two jets shall be directed at main power
train bearings.

1 0 Sumps shall be sized for 15-second oil retention time

(25% of flow).

0 Oil passages shall be integral with the major transmission
components.

0 Breathers shall limit case pressure to 0.5 psig.

ACCESSORIES

0 Duplicated accessories (lube pumps, hydraulic pumps,
generators, auxiliary generators) shall be separated and

driven by independent accessory gear trains.

* The following units shall be driven by the forward and aft
rotor transmissions:

Forward Aft

Lube Pump (Main and Auxiliary) 2 2
Blower 1 1

Main Generators Identical 2 0
Deicing Generators] Drive Pads 0 2
Hydraulic Pumps 2 2

Plight Control Generators 2 1
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0 Accessories shall be easily accessible for maintenance
or removal. and replacement with the transmission mounted
in the helicopter.

9 Failure of an accessory shall not result in replacement
of transmission (i.e., accessory jamming shall not be
transmitted to main transmission as spline quill will
fail in shear).

ROTOR BRAKE

The rotor brake shall include the support housing, caliper
K assembly, shaft and disc. The brake shall be hydraulically

actuated. The rotor brake disc and/or head assembly shall be
replaceable without removing the transmission from the air-

¶ craft. The head assembly shall be replaceable without dis-
turbing the disc.

9 A rotor system brake shall be incorporated in the com-
bining gearbox assembly separate from any synchronizing

device shafting.

r The rotor brake assembly shall be capable of a minimum of
400 nnrmal service stops without replacement of compon-
ents with the total rotor stopping time not to exceed
60 seconds with the engines off.

0 In the event of a rotor brake caliper or disc failure,
the system shall preclude damage to critical dynamic
components.

* The rotor brake shall be capable of one emergency stop
from 156 rotor rpm within 30 seconds with the engines off.

* The rotor brake actuation system shall provide an inter-
lock to prevent brake actuation when the engine control
levers are advanced beyond the ground idle position.

0 The rotor brake shall, prevent rotor rotation on engine
start-up and with engines at ground idle power.

I

DRIVE SHIATS

The forward, aft and combining transmission shall be inter-I connected by drive shafting operating at approximately 8000
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I rpm. The engine to comtbining gearbox shaft shall operate at
11,500 rpm. The shafting shall consist of sections of alumi-

r num tubes, supported by grease lubricated bearings and inter-
connected with flexible steel couplings. Shaft connection
(coupling) bolts shall be self-retaining against loss or
omission of nut. I. The drive shafting shall be designed for static strength

' in conjunction with the appropriate structural factors

as specified in Section 4.
rV

b * Shafting bearings shall be designed with the objectives
of 300-hour intervals between periodic inspections.

* The drive shafting shall be capable of transmitting Jimit
rated torque for 30 minutes after sustaining any Xandom
hit from a 7.62 mm projectile. r

* Structural clearances around th'.- shf-1 t ::hall be arrzniged
to prevent the entraprment of loose objectr> whit-h cound
damage the rotating shaft. A miniim'un of one-inch clear-

ance shall be provide,.,

* Drive-shaft mounts shall be replaceable without re;'iiring

rcm--val of shaft ,t.-ctions oI'" flexible cowtlinqt.t

* Shaft-flexiLlo ccup] inc;o sball acccmmodate ngaular- mis-

alignment of 1/'4 degree across each coupling.

l Shaft mounts shall be protected from environmenta]
! deter i r dtior•.

* All t .'-0C1LssionY shall ha-,e .-rcvions for alignment
at installation :,nd !or checkixyq ,tliqnment withoIot
removal fzom i.he he1.cotEr

& * isali•jw•,n-nt of s)iaIft coupainým sial& not exceed "2.25

degree at full power,

S Unbalaisce forcz:s on rotating bhafting and gears shall
no%* exceud 25 pounds,

* The conLbininc gearbox si-. ]. co.ntain the oierrunnir[;
clutches. A one-'vay ovevrunning clutch shall be provided
for each engine. It shal.l be iocal;ed between the engine
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and the first gear stage. The overrunning clutches shall
_,"'be designed to withstand 1.5 times the single-engine

torque rating without permanent deformation or yielding
of the shaft, sprago or cage. The overrunning clutches
shall be designed for continuous operation should one
engine be shut down. Positive lubrication shall be pro-
vided to the clutch with oil dams to keep sprags submerged

:'in oil during operation. The clutch assembly shall be
field replaceable as a unit or as part of a larger sub-
assembly. Clutch shall be capable of continuous operation
at full overrun and at any differential speed.

II
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4. DRIVE S STEM STRm2UICAL CRITERIA-

GENERAL REQUIREMEN.TS

Design Ratin,

The basic drive system design rating sh-all be 17,700 hp. This
value represents 110 percent of the power rejuired to hover
Out of Ground Effect (OGE) at sea level, 95°F at a gross wuighr.
of 118,000 pounds. The One-Engine-Inoperative (OEI) ratinI3
shall be 8075 bp per engine, which is the maximum, .pcwr avail-
able at sea level, 59°'F."

Design SE eds

The design engine output and rotor speeds shall be 11,500 rpm,
and 155.S rpm, respectively.

Life Reguirements

Component Life

All compnonents, except bearings, shall have a retirement
life of not less than 'QO hours.

Bearing Life

Bearings shall be designed for a B-10 life of not less than1
2000 hours at cubic mean. loads. AM

Rotor Brake

The rotor brake system sl0alJ. be designed for not less than
400 normal stop~s between component replaceme_.kts.

LOADS DETERMINAT.(ON CRITERIA

Torque Distribution Between Rotors

The distribution of torque between rotors shall be 60 percent
of the total to either rotor .!or all loading conditions.

Ultimate Loads

The ultimate loads shall be obtained by applying an ultimate
factor of safety of 1.50 to the limit loads.
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Torque

The limit torque loads shall be obtained by applying a limittorque factor of 1.50 to the steady component of the fatigue

torque loaCA.

Rotor Shaft. Loads a

:he limit rotor shaft loads shall be obtained by considering
--a limit flapping angle of 20 degrees and a limit load factor
of 2.5 g&s.

Limit Landin Loads

The limit rotor shaft loads shall be obtained as specified in
Refererce I.

Limit Ground Loads

The limit rotor shaft loads shall be obtained by considering
a 60-knot wind, from any horizontal direction, acting on a
stationary rotor system with the blades either folded or
-extended, Thp aircraft shall be considered to be level.

, Steady Torque

The steady torque loads shall be equivalent to the basicdesign or growth rating. The more critical of the AEO or

OEI condition shall be employed.

Alternating Torque

The alternating torque loads shall be +12 percent of the
steady torque loads.

Bearing Fatigue Torque

The cubic mean torque loads shall be obtained on the basis
of the mission profile defined in Table 1, the power
requirements for the conditions in the profile shall be
evaluated at sea level, 50 0 F.
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Steady Rotor Loads

The steady rotor loads shaUl be ootained, from the followingequations. A fhap angle of 8 degrees shall be employed.

Thrust = .56 (GW) (BASZD ON EXTREME C.G. VOSITION) (l)

3Shear = (T) (A) (2)

Moment = (C?) (e) (A) (3)

Where GW = Gross Weight
B = Number of Blades per Rotor
T = Rotor Thrust
CF = Blade Centrifug9" Force
e = Horizontal I-inge Offret
A = Fla9 Angle

The following values shall be employed tor tue above
parameters:

Gross Weight 11i,000 pounds
Number of Blades A

Centrifugal Force 170,000 pounds
Hinge Offset 26 inches

Alternating Rotor Loads

The alternating rotor loads shall be the following percent-
ages of the corresponding steady rotor loads:

Thrust 13 percent
Longitudinal Shear 20 percent
Pitching Moment 20 percent

Rotor Shaft Bearing Loads

The cubic mean rotor shaft bearing loads shall be bLtalneC&
from Equations (1), (2), and (3) in conjunction with the
mission profile and the flap angle spectrum show-. irn
Table 1.I

Crash Loads

The crash loads for drive system components shb.li De cbtaine,dby applying the following ultimate crash load azctors.

Forward 20 g
Vertical 20 g
Lateral l0 g
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TABLE 1. MISSION PROFILE

"- Percent of Time per Ccutrrence.
Modifief foj.-

conditions *ASgg Profile(Ref'7) Cubic 14 Ar power
Ground Conditions 1.0 -""1.0
Takeoff (400) -

Steady Hovering 30.0 30.()
Turns Hovering (2000) .1 -

Control Reversals Hovering (2000)
Sideward Flight 2.0 2,9)
Rearward Flight 1.0 1.0

Landing Approach (750)
Forward Flight: 20%O V11  5.0 5.0

40% VH .;2.0 2.0
50%/ VH 2.0 2i 0
C-0/ VH 5.0 ,, 5.0
70% VH 8.0 9 0
00% VH .0 V. 5

90% TVH 16.0o
10O•1/ VH 1.0 1.3
115% VH , •.0 . .0

Tkeoif. Power Cl1mb.0 3 3.0
Full Power Climb 4.0 . '4.0 ,,1
part!&? ?o'wor Descent ~.500) -

Right Turnr 2.5

Left Tuns 2.
Control Rev,.rsai: "(oO. .
Pul] up- . 2,)0 -

Po•'•= to. A(oro:.aC io (<9) . . . -

Autorotation tc Power k40) -

Auto-o'ationi - steady , 0.5 '2.0
Aut-orotation -L eft Turn P .2 -
Autorotation - Right Tur n " J.2
AAtcrotation - Control Rever.3a) 0.3 -

Autorotation - Lz,.ding 0.3
Auto•cotation - Fullup (40)
Pow-ýr to O01 . 201
OEI to power (2c)
OEI to Steady 0.6
OZ1 - Left Turn ,.-
OEI - Right Turn 0 .
OEI - Control Rever,,.e. 0."
OEI - Landing 6.1

08 - Pullup '- (20)

Ground-Air-GroundFo:er i•,sk.5 2.3

<-','oss 6eh.ci Percent Taa'., Note: ,. Pt-.I it' es,? ire iaa'aeuvfrs
78,000 lb 45 -)er "0 `1q•.t hox'.s.

11_,000 _I 5 G; L.0 KPM, t k':. - - 4
147,500 _b 5 split __ st._,. k
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The crash loads shall be considered to act separately in
their respective directions.

Rotor Startinq Loads

A rotor starting procedure Ghall be developed to prevent the
torque from exceeding the specified design steady torque
during rotor starting.

Rotor Braking Load"

Design Requireicnts

The rotor b1rake system shall be designed to accomplish
the following:

a Hold -he rotors ý;tctionary against the application
of ground idle toc-que from the engines.

Q Sop the rotc7 in a total of 45 to 60 seconds from
hýver rpi. with the engines off.

e Hold the zotorr stationary in 45 knot winds with the
F engines off.

* btop the rotors in a total of 30 seconds from hover
rim w:ith engines off, under emergency conditions
without catasitroohic failulre of the brake assembly.

, .imiN Loads

The limit rotor braking loads shall be obtained by apply-
ing a limit factor of 2.0 to the loads resulting from
application of the design rated torque of the brake
system.

Fatigue Loads

The rotor brakirg fatigue loads shall be the loads result-
ing from application of the design rated torque or the
brake system. A total of 10,000 brake application cycles
sbtll be considered.
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Sprag Clutch Loads

Design Torque

The clutch design torque shall be obtained by applying a
factor of 2.0 to the steady component of the fatigue
torque loads.

Limit Torque

The clutch limit torque shall be obtained by applying a
factor of 1.50 to the clutch design torque.

Accessory Loads

Design Loads

The design loads applied to accessory drive components
shall be those corresponding to the maximum design rating
for the particular accessory.

Limit Loads

The accessory drive limit loads shall be obtained by
applying a factor of 1.50 to the design loads.

ANALYSIS CRITERIA

Only special analysis methods are defined herein. Standard
structural analysis procedures shall be applied to all other
components.

Gear Teeth

The gear-tooth bending and contact stresses and flash temp-
eratures shall be analyzed by the following procedures:

Spur Computer Program R-23
Helical Computer Program R-23
Spiral Bevel Computer Program R-20

The torque employed for the gear-tooth analysis shall be the
steady component of the fatigue torque loads. The analyses
are in accordance with AGMA Standards (References 2, 3, 4,
5, 6 and 7).
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Bearings

Ball Bearings

Bail bearing lives shali be analyzed by the procedure of
Computer Program S-04. A factor of 5.0 shall be applied
to the calculated life for Consumable Electrode Vacuum
Melt (CEVM) M-50 and CEVM carburized steels. Analysis is
based on methods presented in References 8, 9 and 10.

Cylindrical Roller Bearings

Cylindrical roller bearing lives shall be analyzed by the
procedure of Computer Program S-04. A factor of 5.0 shall
be applied to the calculated life for CEVM M50 and CEVM
carburized steels. Analysis is based on methods presented
in References 8, 9 and 10.

Planetary Bearings

Cylindrical and spherical roller planetary bearing lives
shall be analyzed by the procedure of PLANET 1 Computer
Program (Reference 11). An experience factor of 3.06 shall

be applied to the calculated life for CEVM M50 and CEVM
earburized steels.

Tapered Roller Bearings

Tapered roller bearing lives shall be analyzed by the pro-
cedure of TAPER 1 Computer Program (Reference 12). A factor
of 3.0 shall be applied to the calculated life for CEVM
carburized steel.

Planetary Gears

The stresses in the ring sections of planetary gears shall be
analyzed by the following procedures:

Sun Gears Computer Program RNGANL 51-1
Planet Gears Computer Program PLANET 2
Ring Gears Computer Program RNGANL 51-1

The analyses are based on standard elastic ring equations.
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ALLOWABLES

Gear Teeth

Stresses

The main drive gear-tooth stresses shall not exceed the
following at the basic design rating:

Gear Type Bending Stresses Contact Stress

Spur & Helical 47,000 psi 188,000 psi
Spiral Bevel 47,000 psi 260,000 psi

Tooth Backup

The gear tooth backup thickness shall not be less than the
tooth height. In the case of high contact ratio gears, the
height of a standard tooth at the same diametral pitch
shall be used.

Gear Shafts

The deflections of gear shafts at the bearings shall not ex-
ceed the following for the three-engine operation condition:

Bearing Type Maximum Slope

Ball 0.UU1U inch per inch
Roller 0.0004 inch per inch

Spline Teeth

Stresses

The spline tooth bearing stresses shall not exceed the
following at the basic design rating:

Spline Type Steel Splines Titanium Spline (Hub)

Fixed 12,000 psi 5,000 psi (Nylon cated)
Working (Nonlubricated) 4,000 psi ---
Working (Lubricated) 6,000 psi ---

L/D Ratio

The spline contact length to pitch diameter ratio shall not
exceed the following in the rotor drive system:

Spline Type Maximum L/D
Fixed 1.00
Working 0.50
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Aluminum Drive Shafts

The alternating torsional stress at the riveted end connec-
tions of aluminum drive shafts shall not exceed a net section,
unconcentrated level of +2000 psi.

Torsional windup between rotors (including transmissions)
shall not exceed 3.75 degrees at rated power.

Torsional stiffness of the shaft system shall be such that
undesirable torsional amplifications do not appear within the
operating range.

Lateral stiffness shall be such that first elastic mode shall
be at least 10 percent above maximum operating rpm, power on
or off.

The shaft mount stiffness shall be such that the first rigid
body mode will not be excited by 1/rev, 4/rev, or 8/rev
frequencies.

Planetary Components

Ring Stresses

The planetary gear concentrated alternating ring stresses

shall not exceed the following at the basic design rating:

rear Type OD Stress (R = -i)* ID Stress (R = -1)*

Sun + 33,500 psi + 22,000 psi

Sun-Carrier + 19,500 psi + 12,500 psi

Planet + 47,500 psi. + 47,500 psi
Ring + 44,000 psi + 44,000 psi

*These values represent the CH-47C experience level at
6800 hp.

Carrier Post Stresses

t The planet carrier post concentrated steady bending stresses
shall not exceed the following at the basic design rating.

Stae Bending Stress (Steel)*

First 7,700 psi

*These values represent the CH-47C experience level at

6800 hp.
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Ring Gear Deflection

The radial d',flection of ring gears shall not exceed 0.005
inch at the basic design rating.

Carrier Post Deflection

The slope of the planet carrier posts shall not exceed 0.005
inch per inch at the basic design rating.

Sprag Clutches

Stresses

The contact stresses in the sprag clutch shall not exceed the
following: (OEI Torque = 44,250 in-ib)

Clutch Torque Contact Stress

200 Percent OEI Torque 450,000 psi
300 percent OEI Torque 600,000 psi

Deflections

The combined radial deflection of the clutch components
shall not exceed 80 percent of the available cam rise at200t OEI torque.

Slippage

No slippage, overturning, or structural failure shall
occur at 300 percent OEI torque.

MISCELLANEOUS CRITERIA

Bolt Torque

Where maximum preload is required at bolted connections, the
installation torque shall provide a preload of 80 percent of
-the bolt yield strength.

Fail-Safe Transmission Mounting

The rotor tcansmission mounting system shall, in addition to
the other criteria defined herein, be designed and analyzed
for the following conditions with any one of the four mounting
points eliminated.
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Ultimate Loads

The ultimate loads shall be obtained by applying an ultimate
factor of safety of 1.0 to the limit loads.

Fatigue Loads

The fatigue loads shall be identical to those defined underFatigue Loads.

Life Requirement

The transmission mounting system shall be capable of opera-
ting for 100 hours with any one of the four mounting pointsfailed.

MISSION PROFILE

The mission profile is presented in Table 1.

HLH FLAPPING ANGLE SPECTRUM FOR ROTOR BEARING CUBIC MEAN LOADS

Flapping Angle Occurrence Flapping Angle Occurrence
(Degrees) (Percent) (Degrees) (Percent)

3.2 3.75 5.2 1.3[3.4 4.90 5.3 3.4
3.7 3.25 5.4 0.5
4.0 10.00 5.5 3.9
4.1 3.55 5.6 0.8
4.2 8.30 5.7 1.8
4.3 3.75 5.8 2.3
4.4 5.35 6.0 9.9
4.5 3.80 7.0 1.0
4.7 1.75 8.0 1.0
4.8 7.60 9.0 1.0
5.0 11.60 10.0 1.0
5.1 4.50

65



5. FABRICATION

Techniques used to manufacture major components are described
in this section. Machining and heat treatment of major compo-
nents was performed at the Speco Division cf Kelsey Hayes,
Springfield,Ohio. Major castings were supplied by Hitchcock
Industries, Inc., Minneapolis, Minn. Rotorshaft titanium

H forgings were supplied by ALCOA, Cleveland, Ohio.

UPPER COVER (P/N 301-10456)

This part was made from a 7075-T411 aluminum hand forging.
The forging was a rectangular billet that was formed into a
partial hemisphere in a hydraulic press. The outer contour
and center hole were created by band sawing (Figure 8).
The result was a large (7000 ib) crude partial forging. To
allow for the runout of the band saw cut of some four inches
in the sixteen-inch thickness of forging, the part was consider-
ably oversize from drawing requirements. As a result, the part
would not clear the Omni Mill tape controlled machine used to
contour mill the part. Many extra hours were required on a
Lucas boring mill to rough out the forging, s drawing furging
size.

A wood model (Figure 9) was made avd used to check out trAe
tapes for control of the Omni Mill. Considerable time was
taken to debug the tapes uslng the wood model. This time was

K considcred excessive relative to the few; number of parts (fovz)
to be made.

As a result of the time taken to debug the numerical control
tapes on the above ATC cover, the decision was made on the new
prototype cover (P/N 301-65025) to make a wood model and
finish the part to size on a Keller duplicating mill. This
part was made from a forged rectangular billet weighing approxi-
mately 11,000 pounds, which was nearly the limit of Alcoa
capacity. The part was essentially machined from the l;,)lid.

In producti.on, the part could be made from a contour die forging.
However, in these large sizes that approach the vendor Jinit
to even produce a billet, a true contour forging would require
three or irore stages at a cost of $80,000 or more per stage.
Only large quantity production could justify the tooling cost.

ROTOR SHAFT (P/N 301-10401) (Figure 10)

The rotor shaft was made from a 6A1-4V titanium alloy forging.
The bearing support journal was coated with tungsten carbide
by detonation flame spray method. The output spline was silver
plated. Titanium requires some coating or plating for mating
surfaces to avoid fretting.
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Fiur B.,...,h-S.,Forging

Figure 9. Mac.~hiSne Fovrgn.
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~AFT 
5HAFT

Figure I. Comparison of HLH and CH-47 Aft Rotor Shafts.
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Silver plating the shaft spline was a prnblem as antic-ipated.
Titanium requires special cleaning and treatment prior to
plating to secure proper bonding. The procedures as finally
evolved included glass bead cleaning, alkalitne c eani ngj
electrochemical etching in an acid solution, and a nickle
strike before the silver plating. The final inspection cri-
teria was that the plating should resist a mechanical scrape-
off test.

The bearing journal was tungsten carbide coated by the deto-
nation (D-gun) process to provide a hard surface as on inter-
face to the mating bearing. Grinding the coating requires a
diamond wheel. The shaft was designed with undercuts so that
diamond wheel ground only on diameters and hence did nit re-quire corner radius on wheel.

Improper setup resulted in grinding through the carbide coat-,
iny. There was a distinct sudden red burst that made grindinginto the titanium shaft obvious. It was then necessary to
have the vendor (Linde) electrochemically strip the coating
completely. The carbide coating cannot be added to a coated
surface.

t
The prototype rotor shaft posts were protected by silver plating
the mating planet bearing inner ring. Initially, coated steel
sleeves were shrunk on and finished at assembly; however, the
sleeves worked off during running. Carbide coating of the posts
was desired but tooling cost was prohibitive. For carbide
coating, the part must be rotated about the center of each
fDt. since the detonation gun cannot be rotated about the part.

It was necessary to perform Zyglo inspection by using aerosol
app;ication of penetrant due to size and weight of the part.

Spline inspection for involute and spacing was achieved only on
a dummy piece made at each shaft and set up on the hobber. Lead
cbh'ck was made in the hobber using the machine for axial motion
and an indicator attached to the machine.

BWV2L GFARS (P/N 331-10677 AND 301-10419)

The shaft ojameter oft the Level pinion gears exceeded the
"-sas.cn w.-:k head :rindle hole. The pinion was mounted aheak
cf the -pandi- with . special adapter. The adapter length ..Jus
the pini'o-,c:-oxantýr distance exceeded the normal work head
maximum rl:;,ting d-stanee The Gleason 27 machine capacit;,
was. extendJ by renmoving the workhead stops and moving the head
to partially overhang the machine base. Additional hold-down
bolts were addeZ& to sacure the work head column.

The aft sun-bevel 4Ear (Figure 11) was ground in the Gleason
137 grinder with tie, gear mounted in an adapter ahead of the
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work head spindle because of the large shaft size. The two
spur gears were ground in the Michigan 36 Helical Grinder.
The large capacity was required only to clear the bevel gear
blank, not for the spur gear size.

The most difficult problem was the quenching of the sun bevel
gear for hardening. The limiting feature was not the diameuer
on the gear (27 inch), which is well below the Gleason 36 piess
capacity. Rather, it was the -gear shaft length of approximate-

½ r ly 21 inches, which is beyond the normal 8-inch vertical throat
opening of the quench press with dies in place. It was neces-
sary to assemble the dies and hot part. outside the press and
then move the entire assembly into the press. By making

a several trial runs, the vendor achieved this assembly in 2
minutes.

In quenching, the gear section distorted excessively in rela-
tion to the shaft section until the quench die assembly was
modified to provide pilots to center quench plugs at each end.
The pilots held the shaft square to the large flat bevel gear
section.

MAJOR CASTINGS (P/N 301-10417 AND 301-10608)
(Figures 12 through 15)

The major castings were cast from ZE-41 magnesium allo..y by
I Hitchcock Industries. The combiner housing casting (301-10608)

weighed 250 pounds when cleaned up. Approximately 1000 pounds
of magnesium were poured for each casting. Seventy-five percent
of thiu was iin iAser-s-- , g.ates..., and ,o-thet . .reas rincuessary, t dis-
tribute and vent the molten magnesium.

Cured holes for filters anti screens were off location- requiring
machining cast bores to clear the screen assembly. Future parts
would provide these cavities with machining stock to permit
machining the entire cavity. Similarly, threaded plug bosses
required snifting of hole locations to match the final part.

* Small-diameter, long--length, cored holes were irregular, result- j
ing in thin wall areas or actual. contact of parallel cores.
Future parts should have all passages drilled if possible to

-, control the location and the size, and to provide clean full-
sxze passages for oil.

STATIONARY SPUR RING GEAR (P/N 301-10412)

The ring gear was successfully die quenched in the Gleason 36-
inch Quench Press. However, the part grew approximately 0.0050

inch in diameter, necessitating added allowance on gear teeth
to provide grind stock after hardening,

Tke gzar teeth were ground on a Michigan 36-inch Helical form
grinder with no special problems except that the original
grinding whcel, support arm had to be stiffened to teduce de-
flection under grinding load.
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F.3.ure 13. Baring the Horizontal
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IIFigure 14. Boring the Shaft Axis.

Figure 15. Machined Housing.
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The gear teeth were inspected for involute form on an Illinois
machine. A special arbor was made to provide a ring of balls
for support of the heavy (260 LB) gear in the checking machine.
It is necessary to slide the part in relation to the machine
spindle to see up the check.

MACHINING VASCO X-2

In turning and grinding operations, Vasco was found to be simi-
lar to 9310 steel. Although some abusive grinding tests
showed Vasco to be superior, in actual practice grind burns oc-
curred on Vasco as frequently as they did on 9310.

The only true problem occurred in machining bores of gears
after heat treat. Typically on prototype parts, excess stock 1.

is left on gear webs and in shaft bores. Vasco core areas
quench out at approximately five Rockwell C points higher than
9310. The result is that it is more difficult to remove stock
by turning, particularly in bores where tooling size is
limited, and thus chatter and tool bit breakage occurs. Speeds
and feed rates must be reduced for the harder material.

ASSEMBLY TECHNIQUES AND PROBLEMS

The rotor shaft bearing nut required a special gearbox adapter
to a Sweeney wrench. A mechanical advantage of approximately
S10 , 000 to one was needed~ to i aJil the Wut with a torque of
15,000 lb-ft. The wrench was satisfactory for normal tighten-
ing. However, in cases of a tight fitting nut it required
nearly four hours to remiove the nut using the high ratio mechan-
ical wrench. A two-speed device would be desirable for rapid
turning at lower torques.

Bearing-to-shaft assembly was accomplished by heating the
bearing in an oven and dropping onto a room temperature shaft.
The assembly was then held in a hydraulic press until cool.

Assembly of the rotor brake gear into the combiner housing
revealed a blind assembly problem. The spline coupling in the
end of the rotor brake gear engages the spline shaft of the
auxiliary lube pump already installed in the housing. The
pump offered no drag to rotation; rotating the gear to seek
engagement moved the pump shaft as well. An extra long quill
on the pump would solve this problem by allowing engagement of
the pump spline prior to engagement of the gear assembly cart-
ridge to the combiner housing.

The jacking screw inserts in the bearing cartridge supports
proved to be far too small. The larg, bearing supports took
greater loads to remove than similar smaller parts. Inserts
stripped or jacking screws buckled from the excessive loads

74



applied to remove the parts. Future large parts should have |
larger thread size inserts.

Installation of the low shaft angle (290) input bevel pinions
into the combiner assembly was marginal due to the design that
required the mating combiner gear be installed from the op-

Aposite side. In future designs, if the mating gear cannot be
installed from the same side (Apex first), then dummy gears
should be made and checked for axial assembly of pinion in the
Gleason tester. j

Iii
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6. BENCH DEVELOPMENT AND ENDURANCE TESTS

The purpose of these tests was to identify problems that might
develop during operation of the advanced technology transmission
under various loading conditions. Identified problems were to
be corrected and the design solutions were to be evaluated to
the extent possible within the ATC program. Verification of the
final design was to be done under the prototype raft
program.E1l

The original plan called for 201 hours of operation of the aft
and combiner transmissions at design and overload torques with
(for the combiner transmission) various combinations of anginc
inputs. Tese tests were to be performed in regenerative test
stands, with further testing to be done in the Dynamic System
Test Rig (DSTR) using gas turbines and an HLH rotor system.
The original plan was changed to reflect limitations in the
ATC hardware and to acconumodate a failure of the regenerative
stands drive system. The ATC program was completed in the
DSTR.

Transmission test specimens were complete assemblies including

integral lubricating and cooling system and accessories . The
transmissions were connected to the test stands through repre-
sentative lengths of HLH drive shafting and flexible couplings.

TEST EQUIPMENT AND FACILITIES

In the aft transmission test stand, Figure 16, the Model 301
aft transmission is inserted in one corner of the square loop
with the rotor shaft connected to an overhead helical gearbox
and the synchronizing shaft connected forward to a bevel gear- a
box. The bevel gearbox vertical shaft connects to the overhead
helical gearbox completing the loop.

Torque is applied iv the overhead helical gearbox hydrauli-
cally by axially shifting a compound helical gear set which
drives the mating gears in opposite directions to lock in the
desired torque.
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Figure 16. Model 301 Aft Transmission Test Stand Assembly.
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Rotor loads are applied to the rotor shaft through hydraulic
actuators simulating lift, pitching moment, and drag. The
accessory loads are induced by the use of aircraft alterna-
tors and pumps.

The aft transmission test stand as designed is capable of
loading the transmission as follows: -

.Percent of
Design

0 Rotor shaft speeds up to 170 rpm 110

0 Rotor shaft torque up to 6,350,000 in-lb 150

S Rotor shaft lift up to 102,000 lb 150

* Rotor side load (drag) up to 28,300 lb 200

5 Pitching moment up to 1,510,000 in-lb 125

In the combiner transmission test stand, Figure 17, the

Model 301 combiner transmission is inserted into a system

consisting of four connected closed loops. Each engine shaft
input to the combiner is a complete closed-loop system,
utilizing the forward and aft synchronizing shafts as common
shafts for all three inputs. With this system, the power
applied to the forward and aft transmission shafts can be
varied to duplicate torque distribution associated with the
different flight regimes.

Torque is applied to each loop through individual torque
systems by hydraulicdlly shifting a compound helical gear
set in the same manner described above for the aft stand.
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Theý cobiner transmission test stand is capable of loading
the transmission as follows:

Percent of

fDes

0 Engine input speeds up to 13,225 rpm each 115

* Engine shaft torques up to 71,500 in-lb each 160

* Synchronizing shaft torque up to 123,700 in-lb
each 160

In both stands, the dynamic torqueing units are capable of
applying and removing torque with the test stand at rest or
with it running at operating speeds. All controls for apply-
ing torque and rotor loads and for running the stand are
located outside the test cell.

The Dynamic System Test Rig (DSTR) shown in Figure. .8 provided
a means for integrating and testing the aft and conbiner trans-
missions, the aft rotor, thr'ee gas turbines, and aircraft drive
shafting. The forward rotor was simulated to a limited extent
by A water b:rake mounted at C tecom..aner7 fozvardl outp&t k.haft.ý

The DSTR gas turbines, designated 501.-M62B, were dynamically
similar to the XT701-AD-700 engines to be used in the proto-
type aircraft. Their maximum power output was approximately
90% of the flight engines. Enoine-mounted torque meter. were
"supplied.

The forward-mounted water brake had a rated capacity of 1800
hp at 8000 rpm. A torquemeter mor.ditorcd the power absorption.

Drive shaftings from engincs to combiner anrd from combiner to aft
were essentially duplicat.s of the aircraft installation.
Provision was macode for offsettino the shaft support bearings
to simulate aircraft misalignm.nt.s.

The DSTR was able to supply drive ystcm related information
difficult or impractic al to obtain in the c:locsed-loop stands.
Thiis included simiulation of hub to rotor shaft interface con--
ditions, rotor brake operat.ion, engine to tran.smission tor-
sional dynamics and clutch over'run oper.ation,

.,- 80
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AFT 'TRANSMISSION

K Summary:

A total of 128 hours of load tescinq was accumulated on the aft
transmission assembly. The sequence rof development testing and
modification is show,. in Figure 19. Test problems and resolu-
• tions are outliaed ia Table 7. Teclu-.-ZJal solutions beyond the

A scope of the ATC Program were developed under the prototype
pi.ogram. In the important area of bevel gear capability, com-
pleted effort incltzdes a pattial verification of the Prototype
hardware as described in Secticn 7. In oth>er areas as well, i

the ATC program was able to develop data to substantiate the
sdeqarz oZ' the lrototyr-a t!zhtIical approach.

Test Specimen

The initial test specimen was defined by Drawing 301-10400-1.
Latter test specimens were modified as defined in this report.

Pretest Preparation

Spiral bevel gear tooth bearing patterns wete taken and the
pinion Was adjusted for what wras judged to be an optimum pat-

tern. Previous experience was used as a guide. The HLH procedure
differed from the past practice of tooth pattern development.
Smaller test stands had allowed torque loads to be varied
while the stand was stationary. Aftez- torque application,
patterning was performed by rolling the teeth through mesh at
a constant torque. The HLH test stand size and design pre-
cluded this practice; the stands were started up at zero
torque and torque was increased while rotating. Load patterns
were necessarily a composite of the selected load level and
all lower loads that had been seen on the way up. This prob-
lem was finally overcome by building static-torque stands
for the HLH transmissions, which provided for first setting a
torque and then for a slow, controlled rotation of the bevel
pinion. Latter development of bevel gears during this pro-
gram used gear tooth strain gages to provide better informa-
tion on tooth stresses than is possible by using load footprint

* location relative to toe, heel, top,and bottom features of the
tooth.

"82



_____ 
_____

LJJ

LAJ Lu

t -
N

... : u f l

e O -CL

w2

F- z
0) LU 1

-
$ 4

w

2 0J

LU ~ wv

83



44 0~ :1 00
0 w A ,W-

(n _4 It 000
PW 0) F4ow - 4J 5.4t:

m 0 P 0ý(Uro2

wn ..-14J 94 M1

o U2 5-sUGa

Is l -4.0JN 4 0i9
UE4 - 4P~ 412 P-404 j Hq 4

0 r- -H lj -4'> r
(P E4 H r-4 P4C~ 0i C

H C14

0-.- 1~ 0
r.i 4 )J 0) r4 *e. 4J C

>- N. 4 tl L ,- 4004 1
4j 4 4 r4 zi H rq (a 4 A 4

5) 4-) 0 V. K 4PA IM 4J rn 0 ., to vm I
0- -1 OHJ G) $4d 4ý

4J $4 fl vr -Ic M 0 0(
0 En 200 Hr*-4I~ 03rl ý 00)
0 rq ac z- 104 'dO M 0)D 1

rO. 13 '00uvuZi

*n H~ r. Cl CIH H CO1 0 Hl )-ý r-I Cl u-

0) 0) P44J 0 0(1 A
4.) J 444J 0 x U a) r H > :s

E-44

4)nt
-r4 V.4 J

s-l Qo.H 0 4O
4-5 05-ri 40U

E -dr- 0)a)45 r-I

P4 4r U) P4 20 -H
- ~ 4 -) 4-) 4) on___ _ __ _ __ _ _ __ _ __ _ __ _ _

(1) "1 4.) w 84aI
I .01Wr

a4 III
844



sg 0) 44-

O0 0fw 0 A m
ro U) 0o

Ili 0 (d$4 ~ .
4.) q 4 Q)0

::: 01 1 440 ~
In 44'~

4J0)0 W2C W) 41 9c

m4. wZ r4$
m4~ 4J ( d P4

to0 4J W 4

P 0 H4 P M 4 m ~CD

0
*r4 HH

-H 0I

4) o 0

to4 0 0 -'i
1 4 ) V) 11 4) 4)

0)0

E-4 r: 41W
Hx En (n1 H

Q) r -'
0 E-4 Cl) I

$4 a -.4
0) z 0 rcs 0

wu: P4~ P4

CD 9)
yi4J)0 k~ M4 0

0 0 $4
41t

4)) 0)4
V 0- V Q ,C-

44 0 44 -4 U) (

(d 4 c '4) r4-4 ., 00~
A > -0 0 a4 U)0

4)0 43 M 4 4 4) 4.)
'44$4 0) H 0 021:ý 4

0.0.-) 044 M 0 Pr. u
0 -)-P 2 0 4 ) 4-) t- (3

0ý0 0) 40 x z x) -.3 00
CIO H- 0(1 0

85



Development Testing

In Sept. 1973, the 301-10400-1 aft transmission was first run
under torque. After performing check-out runs and a strain
survey of the planetary system, endurance testing was initi-
ated at 100% torque and full. rotor thrust. After a total of
2 hours, 29 minutes, under these conditions, and over 15 hours
total operation, a mechanical failure of the test specimen
occurred. Coincident with the noise of the failure, debris

indication lights illuminated and the test stand shut down
automatically. It was determined that the primary failure
occurred in the 301-10428 spiral bevel pinion, with the
fatigue origin occurring in the bevel tooth root fillet area
(Figure 20). The cause for this failure was ascribed to a
resonant condition of the pinion gear. As gear tooth strain
surveys were made later in the testing sequence, an improved
understanding of gear and rim stresses served to modify the
opinion that resonant stresses were primarily responsible for
the failure.

Strain gages were applied to the spiral bevel gears and other
components and telemetry packages were designed to bring the
signals out through the rotating system (Figures 21, 22 and 23).
The transmission went back into test in essentially the same
configuration as initially. Minor changes included reduction
in tapered bearing axial play, increased strength in the rotor
shaft locknut locking device, and increased clearance in the j
first-stage carrier support bearing to prevent rotor shaft
deflections from loading this bearing (P/N 301-1.0403-1).

Analysis of pinion stress data verified the resonant response
frequencies predicted in tests of the pinion alone, excited
by an electromagnet or air blast (Figure 24). The highest
stress response on the pinion occurred in the area of the
fatigue failure. Stress levels were not sufficiently high to
explain the fatigue failure as resonance-induced, assuming the
pinion damping ring was properly in place during the load
test. Thus, the primary cause of the failure was more pro-
bably due to overload of the tooth.

To eliminate the possibility of gear response as a failure
mechanism, a tuning or stiffening ring was fabricated and
fitted into the mouth of the pinion bore (Figure 25).
The ring raised the exciting frequency of the pinion outside
the operating rpm.
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FATIGUE ORIGIN

SA .....
AS RECEIVED PHOTOGRAPH OF FAILED INPUT PINION P/N 301-10428-1

FAILED AFT TRANSMISSION WITH ARROW INDICATING FATIGUE INITIATION
SITE

FATIGUE -(0 OVERLOAD ,
! • TRANSITION- '

i;, .~I%.._• -

FATIGUE FATIGUE AREA B--
-ORIGIN SECONDARY FATIGUE ZONE 10,OOOX

.9X

PANORAMIC VIEW OF INPUT PINION
FRACTURE SURFACE INDICATING
FATIGUE ORIGIN IN TOOTH ROOT
FILLET RADIUS' P/N 301-10428
PINION GEAR

PRIMARY FATIGUE ZONE A 7,500 X

Figure 20. HLH/ATC Aft Transmission Failure Investigation.
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Figure 21. Aft Transmission Strain Survey Instrumentation.
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Figure 24. Typical Air Siren Gear Resonance Test Setup.
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I
To reduce tooth stress levels, a second input pinion was
modified by regrinding in order to change the tooth load
pattern.

Stress survey testing of the transmission was then conducted
to establish a configuration satisfactory for further load
tests. At this point, it was believed that satisfactory
pinion stress levels could be achieved with the aid of the

2, second development pattern and the tuning ring. High planet
post stresses in the second stage (rotor shaft) were encoun-
tered, however. To reduce these, a straddle plate was
designed and attached to the lower end of the posts
(Figure 26).

A short 1000% torque load run was made in this configuration.
Inspection after operation showed second-stage planet to
sun-gear scuffing. This was attributed to a combination of
unfavorable lead tolerances between sun and planets and also
to the rigidity of the planet gears as mounted on compliant
cylindrical roller bearings. The compliant bearings in the
second-stage planets were repla:ed with self-aligning spheri-
cal bearings which had been procured as backups. A new sec--
ond-stage sun with more favorable tooth lead was installed.
Another load run and inspection showed that the second-stage
planet scuffing problem had been eliminated.

While this transmission testing was in progress, the static
gear deflection test rig had been completed and was used to
evaluate pinion regrinds to determine if the load distribu-
tion could be improved by pattern changes.

The transmission reentered load testing with the following
major configuration changes:

Straddle plate
Spherical planet bearings
Tuning ring in pinion
Heavy damping ring in pinion and sun/bevel gears
Added damping ring in sun/bevel gear

A strain survey was performed. The sun/bevel gear showed
marked improvement of its gear response with no apparent
amplification from gear resonance. Following the strain sur-
vey and teardown inspection, the endurance test was restarted.
After 4.5 hours of test (approximately 9 hours total trans-
mission time, and 13.5 hours total pinion time), the pinion
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failed. Operating conditions were 100% design torque and
speed and 50% applied rotor loads. The failure mode was
similar to that which occurred earlier in the program.

The effectiveness of the tuning ring under the influence of
temperature and dynamic load conditions was questioned. As a
result, the ring was removed and additional tests were performed
to evaluate other configurations. At the same time, an
increase in damping ring mass was incorporated. Analysis of
the gear stresses showed that with the ATC configuration of
pinion and gear, a maximum safe level of operation was 70%
of design torque. Consequently, all further testing of the
aft transmission was held to this level, or below. Comparable
analysis of the combiner showed a maximum safe level of 60%.
When both transmissions were run together, as in the DSTR, the
lower torque was used. The gear and pinion were redesigned at
this time for the prototype.

Endurance Testing

Limitations of the ATC hardware resulted in a planned reduction
in test time, with the full testing reoriented to the prototype
hardware. A 25-hour load test at 70% torque was successfully
conducted on the aft transmission in the load run stand. Con-
ditions were as shown in Table 3. The transmission testing
was then moved to the DSTR.

I TABLE 3- TPWENTY-FIVE HOUR LOAD TEST SCHEDULE

ROTOR ROTOR LOADS
TOP QUE MOMENT ROTOR SPEED

(IN--LB) (IN-LB) DRAG (LB) THRUST (LB) (RPM)

3,005,000 590,000 6600 66,000 156

A 105-hour planned test of aft and combiner concurrently was
conducted in the DSTR according to Tables 4 through 7. The
aft transmission was inspected at intervals during the test

Speriod. Three proble.ms occurred during this testing. The
first was rctation of the bearing locknut on the rotor shaft.
The lockwazher remained keyed to the shaft while the nut
turned in the tightsning direction, shearing off nut-locking
tangs in the process, At 7' hours, the nut rotation approached

the point at which it was teared the nut would expand radially
over the shaft threads. A partial disassembly was performed
and the nut and washer were changed and reassembled.
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--- TABLE 7. DSTR EVENT LOG (DRIVE SYSTEM ONLY)

TEST RIO TINES€MOATV
Total Total Toward Tta l M Toa dpiq !dW",-Testr-

) Elw LL.1 .7 0 0 1)Arl3 7.45 47.18 22IIe

Endurance teot transglesions iretelld Rmoved 01 iept pinion cartridge

in rig ready for 25-hz combiner erdur- frTsa ern ei~Sft
&tice test. 30) L 8 745 47,10 22,18

"2) Ilecombor 3 6134 0 0 Installed 01 & 3 input pinion car-

Aft nsn drained and refilled for tridlesllad backlash & pattern check.

water contetination of lube oil. 21) may5 104,24 6S,21 40v41

3) 2*i .A"L 7,20 0 0 round filter ....n .cuhad In comb.

,i Drained and- ref 1lsd aft amen for nmen. Found last chance s-reen

wa'ter contamination of lube oil. disinterating in aft sen.

4) 'PecslberJ16 17.59 4,45 4.45 22) M 116,36 76:l 51.21

Checked for rotation of thrust Conducted post 50-hr.teat teardwnm

bearing and retention nut. inapection.Roplaced 2 of 3 clutches

with ground eprag vereions.

Draind and refiled aft mamn for 23) do•r3 127.26 76:38 00.17

water contamination of lube oil. I t.i~ vagvd aft ean input anw) pea-
foreenra. Cavity pres.ore un.chaged

6) R but no detectable leakage during running

Performod in-rig inspection of combiner and only very slight seepage at shutdowan.• -n to identify source of metal par-
tfrlee. No 4nmage found. Combiner moan 24) o 117,26 76.38 00:17

remved and ahipped to plant for Throat bearing retention nut found to

further teardown and inspection, have rotated 5 tangs. Decielon cade to

cut off nut and replace with no nut

.7) Ja j 7Ol 20,40 6,15 6.15 and lock washer.
Combiner rrnetalled. SO damage or
distress found. Aft men oil chinged 25) Junei12 117,26 76,38 00,17

for water contamination. Rieoved rotor thaft thrust bearing

retoetion nut by drilling 6 sLSitting.

3 J 25,54 9:38 9:38 Cleaned up threads and shaft prior to

ne serad and cleaned comdiner cuop inettildaron of new nut.

and last chance f1lters.

Installed new nut and lock washer.
Mersae • •.1 t ZQ.trldgt for F-ýziý . 3h .-If ~led duplex Learin7, •~ •=n3-r

60) J r XU 47,15 25,00 2,00 27) June l3 12 6ý54 84:48 7:50

completed 25-hr. endurance tent.Total Thrudi baing nut rotated
time o jn this cominer fr2n 1 40055 appr2x.20 due to wear in ke12ay. in
mint. incrudine 69 rig aatrtn, ot.o haft. Locwk-oeler ressae.u.led

engage& with shaft and nut.
11) ___ _1 4:. ? 250 2500

Accomplihed f-rst rotor brake stop 20) Jun 19 127:23 84_48 A,25
(15 ec. i toe tine). Chat-ked thrust bearing retention. nuit

erd found no rotation after 10 mine.
12) January • -. &rh 48.28 25:00 25,00 of rinning, on conditio.: but with no

Tear-d-n" inpection of combiner meen. cyc. C pitch.
03 cleft on #I engine shows hearing

3)arc 13/14 49.11 25:00 0 wear.
Started runring 50-hr. test. Replaced

*3 clutch cartridge for oil leak. 29) June 12 17152 60:4l 12:26
Sone eccumulation of debris in

514) 50:05514 01,14 coot,. "an.
Heavy oil leek #3 clutch cartridge.
pollud out input pinion certridqe to 30) Jdoo 23 135,34 91:40 15:2b

change tranefer tube "0- rings. Snail aou:.t debris in mob. xm.n.

15) hL 5 71:42 30,21 13:21 31) Jone 24 141:11 97:03 20,41
Some accoeu lation or brore- d-bris in Some accumulation of debris in

aft man. Acceasory houcing removed for comb. ion.
inepeliun of gear clusters. fo demons
found. 32) one 21 143:57 99:36 27:14

Some ~icumulation of debris In thei•16) &gjLL 73s23 39,39 '4059 comb. men.

t picked up 6 Tioken bearing roller
t. dimples in combiner. 33) 26 IlM5 147,49 102,54 26-32Shut down for r m e. amn chip

17) borL,_1 82:41 47,18 22:18 detector and sox. screen light.
•Endurance, running. Two tror bearing Femcved combin- ...p for -an

stake dimples in crbiner. inspection end search fon furthe:
S18) Na _v 82.45 41,18 22,18 dabrie. Test terminated.

Picked up 7 sore bearing etakes end ore
interruolla spacer from Timken taper
r liec besring.Peo..ed 03 input pinion for
ehivoet to plam fnr examination & replcne-
sent cf inboard Timken taper roller bearing.
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A second problem encountered was leakage from the input
pinion oil seal. Analysis indicated that the seal wind-back
was flooding. Drain holes were incorporated in the seal.
Further testing demonstrated this solution substantially
eliminated the leakage.

The third problem was water ingestion caused by moisturer
collecting at the base of the rotor shaft and passing into
the transmission through the upper seal. This problem was
eliminated by attaching a rainshield to the rotor shaft.

Following 102 hours and 54 minutes of DSTR testing, and 25
hours of bench testing, the aft transmission was dinassembled
and a complete inspection was made. ATC testing was con-
cluded at this point.

Component Investigation

This section describes investigation and design changes of
major components. These include:

Rotor Shaft Bearing Locknut and Lockwasher
Modification

0 oil Seal Modifications Leading to Satisfactory

Per formance

Rotor Shaft Bearing Locknut

The function of this nut is to maintain the axial position of
the two tapered roller bearings that react rotor loads. Forces
on the nut include differential axial loading generated from
rotor shaft moment and carried out at the bearings by a com-
bination of shear and axial loads. The installation torque of
the nut was set by the requirement of seating the bearings
against shaft interference friction. Resulting torque was
200,000 inch pounds. A torque multiplying, geared spanner
wrench was used for assembly and disassembly.

The nut itself is a large (21.25 pitch diameter), thin wall
cylinder with wrenching contours on the outside diameter and
a recess bore in the upper side. Into this cavitV is set a
locking washer with tangs to keyslots in the shaft and the nut.
The locking washer is retained by a multi-turn snap ring.
Further space is made available for a wave washer to prevent
looseness and wear in the locking washer.
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The nut and lockwasher material is 4340 steel treated to
34-38 Rc. The nut is silver plated to reduce the tendency to
gall on the titanium rotor shaft.

During initial testing on the closed loop test stand this nut
moved in a tightening direction, brea]ing the two inner tangs
of the washer. The washer thickness was increased from .050
to .250 for DSTR testing. Figure 27 shows the major features and
dimensions of the assembly and illustrates the design progression.

During DSTR testing the nut continued to move in a tightening
direction, this time breaking the nut tangs rather than the

washer. It was apparent that the failure mechanism was not
purely shear, but rather that an outward radial expansion of
the washer was loading the tangs in their weaker axis and
causing their failure. This outward expansion was explained
by wear at the shaft keyuay to inner tang interface, creating
a radial component along the wear slope creates there. In
consequence of the DSTR nut locking failure some of this test--
ing was run without a lockwasher. When the nut tightened
beyond permissable limits, established by measured expansion
of the thread diameter; it was replaced with another like part.

The prototype nut and locking assembly was redesigned as a
result of the DSTR experience. The criterion for the locking
devices was that they should accept twice the installation
torque, using conservative assumptions of load sharing among
tangs. As Figure 27 shows, the lockwasher thickness remained
at .25 inch but the number of tangs increased, as did their
depth of penetration into the shaft. The nut slots were re-
designed for a significant increase in strength.

In addition, the threads were redesigned for lower expansive
forces by changing to a nonsymetrical form. A 7' flank
angle is used on the loaded side and a 450 angle on the oppo-
site side. This change is calculated to reduce nut hoop
expansion by 90%. The pitch of, the thread was reduced from 8
t.p.i. to 6, to further assure that the nut would not expand
over the thread diameter. Finally, the width of the nut was
increased by 20% to better react the rolling moment created by
the offset of the centroid of axial forces from the thread
diameter. The material, heat treat and silver plating of the
ATC nut were continued unchanged in the prototype design.

Shaft Oil Seal (301-10432)

This is a segmented circumferential carbon seal manufactured
by the Stein Seal Company. A carbon seal was required due to
the relatively high rubbing speed (10,450 FPM) at the seal/
shaft contact in the aft and 16,600 FPM at the combining trans-
mission inputs. The seal is used at the input bevel pinion
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II
on the aft and at five positions on the combiner transmission.
In the aft transmission the seal cavity was scavenged by a
mechanically driven pump. A similar approach was used at the
combining transmission engine-input location. The seal desiqn
(Figure 28) incorporates a coarse thread in the housing and a
slotted sleeve on the rotating shaft. This feature, called a
windback, acts as a pump to force oil away from the seal as an
aid to the primary carbon sealing elements. The hand of
thread changes with direction of rotation; different dash
numbers were used for clockwise and counter-clockwise positions.

THREAD - /---D-AI" D

SLOT - 36 EQUALLY --- 7LLY - PACEDSPACED ~ k _j-H 1 \NG

SPRINGS SEGMENTS

TUNGSTEN CARBIE

t. SHAFCOATING

View of Seal Assernblv
at Time of Installation

Figure 28. Ait Input Shaft Seal.

Initial leakage problems were masked by assembly damage caused
by driving the pinion support housing into the main housing
and breaking the carbon elements by the impact. This was
corrected by installing the seal after the pinion assembly was
installed.

Leakage in the aft transmission continued at an excessive rate
(1 quart/hr versus a desired limit of 2cc/hr).

A review of the hardware and installation with the vendor
concluded that the leakage was in part due to the seal being
at the low point of the box and filling up with oil at shut-
down.

The solution was to add internal oil drain holes in the seal
housing to allow oil to drain out of the seal windback area
at shutdown.
The final 30 hour test at the DSTR incorporated eight holes

added by rework by the seal vendor. Seal leakage was within
limits for the final 30 hours test.
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COMBINER TRANSMISSION

Summary

The comdbiner transmission development program is outlined in

Figure 29. Following the failure of the bevel portion of
the collector gear, the maximum torque was limited to 60% of the

original design. A 103-hour test of the combiner was con-
ducted at this and other lesser torque conditions, and with
various engine input combinations in the DSTR.o Evaluation
of strengthened gears for prototype use was made at the end
of the ATC program. Results of this investigation are found
in Section 7. Problems that were not power related were
defined and corrected during the ATC program, as will be seen
in Table 8. The ATC development, therefore, provided a
measurable increase in confidence in the final design.

•707 ITA7 1975

A I 2 3 £ I 2 3 4
BEARING
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Figure 29. Combiner Transmission Test Sequence.

Test Specimen

The initial test specimen was as defined by Drawing
301-10600-1. Latter test specimens were modified as defined
in this report.

Pretest Preparation

Spiral bevel gear tooth bearing patterns were taken as
described under aft transmission. The scope of this
effort was necessarily larger and more complex because of
the number of gears involved (4), and the interactions be-
between gears. Table 9 describes the conditions for gear
patterning before the initial load run.
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TABLE 8. COMBINER TRANSMISSION TEST P1LBLEMS
AND RESOLUTIONS

PROBLEM ATC RESO&LUION PROTOTYPE RESOLUTION

Gear (Combiner,Slant 1) Repattern to develop optimum 1) Increase thickness of
Bevels) Stresses load distribution gear rims
above Allowables 2) Investigate Add-on stiffen- 2) increase face width and

irg of rim coarsen pitch
3) Operate at reduced (60%)

torque

Resonant Frequencies 1) Develop and apply analytical 1) Apply analytical and
Leading to Damaging and experimental methods to experimental methods
Stresses in Pinion predict and measure stresses 2) Detune by redesign
and Gear 2) Detune with add-on stiffening 3) Maintain added damping

rings

3) Add damping to criteria
developed in ATe program

Tapered Roller 1) Reduce axial play to
Bearing Roll-End eliminate skidding
Wear 2) Improve lube distribution SAME AS ATC

3) Improve oil (Aeroshell 555)

4) Temper at 500
0

F and

phosphate coated

Tapered Roller Bear- Increase cage pocket corner

ing Cage Vailure iSAM AS ATC

Tapered Roller Bearing Do not rebend tangs SAME AJ ATC
Retainer Tang Failures

Clutch Support Bearing Bond outer to housing Mechanical key -

Outer Race Wear Cuter to housing

Clutch Housing Crack Eliminate source of load by
improved piloting of SAME AS ATC, except add
input shaft (centering rings) integral pilots

Sprag Clutch Wear 1) Improvc lube distribution
and rtzenn.;.on SAME AS ATC

2) Modify sprag design

Cylindrical Roller Dec'ease internal axial
Bearing Roll-End Wear clearance SAME AS ATe

Fretting of Bearing
beats (Various Shafts) NONE PHOSPHATE INNER RACES
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Development Testing

Load testing began in October 1973 under the schedule shown in
? Table 9. Inspection after 4 hours and 39 minutes of opera--

tion revealed heavy roller-end wear of the tapered roller
bearings on the engine bevel pinions and light-to-moderate wear
of cylindrical roller bearings supporting the helical pinion and
the collector gear.

, Pinion-area lubrication was improved by providing added breather
area and by improving oil distribution and drainage. It was
found that oil was not distributing properly from the rotating
lube tubes in the pinion bores. These rotating tubes were re-
placed by longer, nonrotating jets, pressure fed from the main
lube system. Oil was thus supplied through metering holes to
each area that required lubrication. Additionally, more lub-
ricant was supplied to critical areas and the lubricant was
changed to Aeroshell 555.

Mrcdification to the roller bearings was also made to eliminate
*E iŽ;-wear. As-mounted axial clearance of the taper bearings was
reduced to eliminat'3 roller skewing. Additionally, the bear-
ings were retempered at 500 0 F, and the inner races and rollers
phosphate finished to improve scuffing resistance. Internal
geometry changes were made to the cylindrical roller bearings.

Broken studs and severe fretting and wear were noted in the
clutch hcusing area. It was initially believed that test stand
shaft misalignment was responsible. Alignment was rechecked
and corrected where. neQtes±sar-y. In later test.. -, the clutch
housings cracked after a few hours of ruating. With instru-
mented shafts, it was then determined that a nonsynchronous
whirl was primarily responsible for these failures. The con-
ditiorn was corrected by addition of piloting surfaces to the
adapter (Figure 30).
At this point in the program, the fail':re of the aft transmis-

sion input pinion occurred and a strain gage survey of all
gearing was introduced to the program. Load testing of the
combiner was delayed for installation of strain gages and
telemetry read-out equipment. Gear resonance tests were begun
as well.

When the transmission reentered strain survey arid load test-
ing, the configuration had been modified as shown in Table
10. Beyond the changes previously noted, the auxiliary
oil supply was now filtered to eliminate a suspected cause of
dirt denting.
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Figure 30. Modified Combiner Input Adapter
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During operation, dynamic responses were verified on the main
drive gears. These closely matched those predicted from
excitation testing. In addition, testing of the piloted
input adapters revealed no Whirl mode at the previously noted
139 Hz or any other frequency. No shaft resonant responses
were seen and vibration levels were well within acceptable
limits. Following the reduction of the tapered bearing axial
play, no evidence of roller end wear was noted.

The strain survey testing recorded acceptable stress levels
on the input pinions, helical input pinion and the helical
portion of the collector gear. No data were recorded on the
slant shaft or the bevel portion of the collector due to loss
of instrumentation.

During these strain survey tests under load, a failure of the
collector gear (P/N 301-10601) occurred. The failure origin
was in the tooth root. The mode of failure was fatigue.

Extensive static strain surveys and resonance testing were
conducted to determine the conft-uration of each combiner
gear to provide optimum tooth stress distribution and to
eliminate high-stress resonant conditions in the operating
range. Strain surveys were conducted at room and elevated
temperatures and at a variety of torque levels. All gears
incorporated increased damping ring mass. A transmission was
then assembled for endurance testing.

Endurance Testing

The DSTR testing began with 25 hours of load running to the
schedule of Table 3. Maximum torque was limited to 60% based
on bevel gear tooth stresses. After 20.5 hours of running, a
failure warning occurred in an overrun clutch cartridge asE.em-
bly. Teardown and inspection revealed a broken cage in the
duplex ball bearing. A spare clutch cartridge assembly was
installed for the remainder of the test.

A clutch wear problem was noted. The cause of this was an over-
large radial clearance in the oil dams on each end of the sprag
assembly. This led to inadequate oil wetting of the clutch
inner race, and consequent wear of both inner race and sprags.
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A further 50-hour test on the DSTR was conducted following the
schedule of Table 5. The combiner was inspected with the
following results:

1) Cage cross-bar failure of an input pinion bearing
(P/N 301-10676). This occurred and was detected after
22 hours of running. Corrective action was to modify
the cage design to enlarge the corner radius and
incorporate peening.

2) Filter cartridge top plate failed nd allowed debris to
migrate to the filter protecting screen. The cause was
overtightening of the filter mounting stud. An axial
stop was to be incorporated to prevent this.

1 3) Sprag wear was noted. Two of the three clutches were
replaced. Gear and bearing condition was satisfactory
for continued running.

A further 30-hoar test was begun following the load schedule
in Table 6. Near the conclusion of this test, a cage
failure of the outboard tapered roller bearing carrying the
rotor brake was detected and the test was stopped at this
point. Analysis of the failure indicated that the end play
of the taper roller support bearings should be decreased to
prevent misalignment through the bearing when a load is
applied from rotor brake. This adjustment can be made by
change of shim size.

Total DSTR running time on test conditions was 102 hours,
54 minutes. The rotor brake was applied 44 times during
DSTR running.

COMPONEITT INVESTI GATION

This section descTibes investigation and design changes of

major coaponents. These include:

* Bearing wear - tapered rollers and cylindrical rollers

Overrunning clutch wear problems

IM



III
i! * Input shaft - whirl problem and its solution

t4 0 Bevel gears - stress measurements and resonantI analysis and tests including final prototype
configuration

Holler Bearin End Wear

End wear was characterized by removal of material from roller
ends and race guiding ribs. In addition, there were areas of
skid damage on the inner race of the tapered roller bearings.
There was also moderate wear of the cage pockets with heavy
wear in the corners.

Bearings that showed end wear problems are listed below. All
were from the combining transmission.

Location Part No. Type Degree of Wear

Input pinion 301-10676-1 Taper Roller Heavy
(Spiral Bevel) 301-10671-1 Taper Roller Heavy

Input Pinion 301-10656--i Cyl. Roller Light
(Helical) 301-10640-1 Cyl. Roller Light to Moderate

Collector 301-10666-1 Cyl. Roller Moderate
301--10638-1 Cyl. Roller Light to moderate

rimken Roller Bearing Company examined six tapered bearings
from combiner tests. Their conclusions a:-e sununarized as
follows: -

Cause of damage was skidding. Skidding is caused by
slippage of the cage and roller set relative to the
cone (inner race).

- The primary damage was remelting, rehardening, and
tempering.

- The remelted areas were raised above the original surface
to become asperities. These subsequently spalled away
and provided very hard abrasive particles to cause a
machining type wear of the mating surfaces.

- Pitting seen on the cone race, ribs, and roller ends
was caused hy this spalling.
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Skidding was initiated and propagated by system

vibrations.

Skewing occurred as a consequence of damage to tLe
roller guiding surfaces and excessive axial play.

Corrective actions for the tapered bearings included the
following:

Reduction in axial play from the .004-.005 inch prescribed
for the original design to .000 to .001 inch preload. The
purpcse of this reduction was to increase the roller
driving force to prevent skidding. It served also to
increase roller guidance to prevent skewing. The
skewing of the rollers produced the corner wear in
the cage.

- Increasing the amount of oil delivered by increasing the
size and number of jets.

- Changing oil from MIL-L-23699 Rev. B Specification to an I
oil with an improved load capacity rating which also meets
a proposed Rev. C of the Specification. This oil was
kAero Shell 555.

- Phosphate coating the cone (inner race) and rollers to
provide a degree of break-in lubrication.

- Tempering at 500OF to improve scoring resistance by
reducing retained austenite.

{Roller end wear in the cylindrical roller bearings was
examined by the Rollway Bearing Company and SKF Industries,
Inc., the manufacturers of cylindrical roller bearings. It
was concluded that insufficient roller guiding was suspected
as a main cause of the problem. Bearing charfnel clearance
(the axial. space between roller ends and race flanges) is
critical to the prevention of roller skewi.ag. Recommendation
for the application was to reduce the channel clearance to
.0005-.0017 inch. The problem bearings had .002-.004 inch clear-
ance. Bearings with lower-limit clearances appeared to have
suffered less damage in the first tests. In addition, the
angle of the flange is important for oil film generation and
supply. Final recommendatioas were to taper the flange outward

* by 30 minutes for 50% of flange height, and then to increase to
3 + ½ degrees to the outside diameter.
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To further increase roller guidance, the end face diameter of
the rollers were enlarged by decreasing both the break point
dimension and the roller corner radius.

The modifications enumerated, together with a change in lubri-

cant to provide increased surface capacity (Aero Shell 555),

eliminated the roller end wear problem in both cylindrical
and tapered roller bearings as evidenced by further testing.

Overrunning Clutch (301-10646-1)

An overrunning clutch is at each of the three engine inputs
to the combiner. The clutch is a two-row, tandem-cage, full-
phasing sprag-type clutch made by Borg-Warner.

During initial checkout of the system at the DSTR, clutch slip
occurred on one engine as the clutch engaged after slipping and
suddenly brought the system up to speed. Instrumentation on
subsequent runs with the same parts disclosed engine torsional
resulting from-resonance of a spring in the engine fuel con-
trol. An immediate fix for the problem was a hydraulic ac-
cumulator in the fuel system.

During ATC bench testing of HLH clutches, it was determined that
cyclic torque variation above ±39% steady torque resulted in
clutch slip. In the above testing, the torque variation was
close to ±100% of steady torque. It was, therefore, to be ex-
pected that the clutch would slip.

Inspection of the clutches during the DSTR tests (Table 11)
showed wear of the inner sprag contact and inner clutch shaft-
mating surface. Investigation revealed that the oil dams on
either side of the clutch, which normally retain oil in the
clutch, were oversize in internal diameter. The oversize dams
allowed the oil to flow out of the clutch to the inner race
contact area. New dams were made for the 50- and 30-hour tests.
Input location three, which incorporated the new dams and an
unworn clutch assembly, demonstrated the improvement potential
of the new dams during the 50-hour test.

Inspection of the clutch, following completion of 26½ hours
of the final 30-hour DSTR test, revealed wear on the number
one and number three position clutches similar to the wear
observed during the 50-hour test, but somewhat more severe
relative to tearing of surfaces. Also, wear occurred on the
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TABLE 11. SPRAG CLUTCH HISTORY - DSTR TESTING

SPRAG WEAR (FLAT WIDTH-INCHES)
INPUT 25--HOUR 50-HOUR 30-HOUR

LOCATION CLUTCH S/N TEST TEST TEST

#1. XBW 100 .060 .090 --

XBW 103 .. .080

#2 XBW 108 .070 .100 --

XBW 116 ... 0

#3 XBW 107 .050 ....
XBW 101 -- 0
XBW 104 --- .060

input adapter pilots in the same clutch positions. The clutch

and pilots in the center position (number two position) were
not worn.

The prototype clutch assembly would have incorporated improved
adapter pilots with integral pilot surfaces, the proven dam
configuration for adequate lubrication, and modified sprags.
With these changes, and with normal continued development, it

"n pectcd that clutch sprag wear could be reduced to meet the
requirements.

Input Shaft Whirl

During initial testing of the HLH Combiner Transmission,
fatigue cracks were observed (after only a short period of
operation) at the base of the magnesium castings which house
the input pinion/clutch assemblies. The units were replaced,
and subsequent runs with the housings instrumented revealed
both high vibration and stress levels over a broad range of
operating speeds. It was further established that the problem
only existed below 50% torque and was most severe at zero
torque. Ii
Examination of the overall vibration levels indicated that
the problem area was confined to the engine shaft speed range
from 134 to 172 Hz (8040 to 10,320 RPM). An analysis of the
frequency content of an accelerometer mounted at the free end

j of the cantilevered housing is shown in Figure 31 for
the zero torque condition. During run--up, the frequency of
vibration coincides with the engine shaft (combiner input
shaft) operating speed up to approximately 134 Hz. For speeds
between 134 and 172 Hz, the predominant frequency of vibration
remains neF ly constant at 134 Hz, and above 172 Hz the
frequency b•iifts abruptly to approximately 90 Hz. During the
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subsequent deceleration, the low-frequency component, 83 to
95 Hz, persisted down to operating speeds below 100 1Iz.

Filtered acceleration response plots for the zero torque con-
dition are shown in Figure 32. The upper plot
illustrates the vibratory component at the engine shaft opera-
ting speed and indicates a peak response centered at an engine
shaft speed of approximately 8040 RPM (134 Hz). The lower
plot shows the vibratory component at 134 Hz, and significant
response at this frequency is observed over the engine speed
range from slightly below 8040 RPM (134 Hz) up to 10320 RPM
(172 Hz). Note also that within this range, the magnitude of
the response at 134 Hz is generally greater than the response
at the operating speed.

An acceleration response plot displaying the vibratory com-
ponent at the engine shaft operating speed with 50% torque is
shown in Figure 33. The maximum level is only 5G's compared
to 20G's observed for the zero torque condition.

Together, the plots of Figures 31 and 32 point to a phenomenon
referred to as nonsynchronous whirl; i.e., a whirling motion
which does not correspond to the speed of rotation. Published
literature on the subject of nonsynchronous whirl is limited;
however, the material of References 13 and 14 appears appli-
cable. Briefly, this document indicates that nonsynchronous

r whirl is a frictionally excited instability associated with
large angular motions (bending) of splined joints. Implicit
in this situation is the proximity of a critical speed with a
bending mode shape displaying large angular deflections at the
spline.

It was theorized that the splined input adapter represented the
most probable source of excitation due to the angular freedom
permitted by the adjacent flexible coupling. The mitigating
effect of torque also suggested the presence of a low-frequency
critical speed due to low initial stiffness of bearings and

* splines in the input pinion/clutch/shaft assembly. In this
* regard, the splined input adapter was again believed to be one

of the major contributors.

On the basis of the above, the modified input adapter of Figure
30 was designed fo. test evaluation. The addition of pilot
surfaces on each end of the spline restricts the angular bend-
ing motion across the spline. Axial freedom of the spline,
which is a principal design requirement, is not impaired. Re-
sponse at the engine shaft operating speed with the piloted
spline is presented in Figure 34. There is no indication of
any resonance, and comparison with the original adapter con-
figuration shows a dramatic reduction in the response level.
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DRIVE SUAFT ROTATING TESTS

Test Specimecn

Both the load test stands and the DSTR used HLH design drive
s'haft, sections, couplings, and adapters. Input shafts were

each in three sections with two support bearings following the

design shown in Figure 7. The load stand had one representa-
tive synchronizing shaft section attached to the combiner aft
drive and one attached to the foxrward drive; one shortened syn-
chronizing shaft segment was attached to the aft transmission
input. The DSTR differed from the load stand in that the coat-
biner aft drive incorporated the full aircraft complement of
three shaft sections and two support bearings. In addition to

these test facilities, an input shaft section was also run at
DDA in order to connect the T-701 engine to a dynamometer.

{ Test HistoryV

The only shafting problem encountered in the load stand testing
was the nonsynchronous whirl phenomenon described in the com-

£ biner section. As noted, the problem was localized to the
input adapter to pinion spline joint and corrected.

Testing of the engine shaft section at DDA resulted in a
failure of the coupling adapter (similar to P/N 301-11023-i).
This failure resulted in a reappraisal of loads and forces on
the Lug and bolt area of the HLM adapters. These connections
operate at higher peripheral speeds than were encountered in
previous experience. Following reanalysis of the adapters for
both engine and synchronizing shafts, the decision was made to
improve material allowables and eliminate or reduce the
fretting seen in the bolt-lug and lug-coupling path interfaces.
This corrective action was implemented for the prototype
aircraft.

Engine Shaft Support Bearing (P/N 301-11018-1).

Three failures of this h--±ring occurred during the DSTR Pro-
gram. On no occasion did the bearing actually break up or fail
to operate; but on all occasions the bearing overheated and
exuded melted grease and/or evidenced sufficient looseness that
further operation was considered to be impractical.

The first occurrence was discovered on the number one engine
shaft forward hanger during a walk-around inspection of the
rig after approximately 5 hours of rig time. Initial analysis
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concluded that the condition was due to lack of grease lubri-
cant. However, a subsequent similar occurrence during UTTAS
drive syserem testing indicated that the cause w s misalign-
ment through the bearing. This misalignment is result of
the end faces of shafting being out of parallel as assembled.
The shaft assembly comprises steel end fittings riveted to
aluminum tubes. Initial design depended on diameter fit and
seating parts against shoulders for alignment. Measurement
of finished shafts revealed an excessive out of parallel con-
dition that was not limited by the tolerances of subassembly
but depended on the tolerances of details. An assembly paral-
lelism requirement was established; subsequently all rig
shafting was removed and inspected to the requirement, reworked 4

as necessary, and reinstalled on the rig.

This condition occurred a second time at the same hanger loca-
tion and was discovered during a post-run inspection after ap-
proximately 110 hours of rig operation. The condition again
was initially attributed to loss of grease and all rig shaft
bearings were regreased before the next rig start. However, ex-
amination of the removed bearing revealed heavy case wear, sev-
eral broken rivet heads, and balls worn undersize by 0.006 in.
It was concluded later that this failure was probably again dueI
to misalignment, and all DSTR shafting was removed and the bear-
ings were visually inspected as part of the post 50-hour tear-
down inspection (116 hours total rig time).

During the late stages of the 30-hour endurance test! the
bearinq at the forward hanger location on the number one engine
shaft again began to emit grease. The bearing was regreased
and inspected for looseness at all subsequent rig inspections.
At approximately 141 hours rig time, that bearing was running

hot and appeared much looser than the other shaft hanger bear-
ing, and it was decided to replace the bearing. All rig test-
ing was terminated approximately six and a half hours rig time
later.

Examination of the third replaced bearing was not accomplished
due to program termination. Cause of the overheated condition
has not been established; however, the following facts are 4

known:

"* All malfunctions occurred at the same bearing location
(number one engine shaft, forward hanger).

"* Optical alignment verification of combining transmission
mount points, shaft hanger bearing locations, and engine
mount points was performed only at the number two engine
location during the course of DSTR testing, and those only
during the course of repairs required to rig structural
damage caused by freezing of trapped water.
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. Misalignment inducd at other shaft hanger bearing locations
throughout the course of the DSTR Program did not result in
any bearing malfunctions or unsatisfactory conditions, nor
did inspection of any of the other hanger bearings give
indication of any unsatisfactory condition.

* Hanger bearing iegreasing intervals on the DSTR ranged from
25 to 50 hours - far below the 300-hour design objective.

An apparent cause of the bearing overheat problem is rig mis-
alignment; however, this has not been substantiated due to the
termination of the program.
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7. DESCRIPTIQ1 OF PROTOTYPE CONFIGURATION

ROTOR TRANSMISSION

Prototype rotor transmission configurations are shown as
Figure 35 (Aft) and Figure 36 (Forward). These incorporate

the changes developed as a result of the ATC program. Sig-
nificant changes are defined in Table 12 and Figure 37.

The bevel gears designed and fabricated for the prototype
were subjected to static strain surveys in which they were
rolled through mesh and tooth root and fillet stresses
recorded. Compared to the ATC configuration, the Prototype

gears exhibited an increase in root tension and a large de-
crease in root compression. This was because the increased
backup material in the rim reduced the ring bending stresses.

Fillet stresses in the pinion were found to limit allowable
torque. Allowable torque was defined, as 93% of the design
rating of 83,800 inch-pounds at the pinion. Because the
pinion pattern ran off the tip of the tooth, a grinding
improvement to bring the pattern onto the tooth can be ex-

pected to reduce the pinion fillet stresses sufficiently to
allow prototype operation at 100% of the design rating. The
aft bevel gears were, therefore, considered satisfactory for
Prototype flight. The fucfwd-d bevel gears, although not

tested, are similar in design so that their torque capacity
is likely to be comparable to the aft.

COMBINER TRANSMISSION

The prototype combiner transmission is shown in Figure 38, with
significant changes defined in Table 13 and Figure 39. The
bevel gears shown are designed with increased rim thickness,
but with identical face width and dimetral pitch, compared to
the ATC program.

These gears wer~e fabricated and evaluated in the same type
of static strain survey as the rotor transmission bevel gears
received. The measured stress levels would not have per-
mitted operation at full torque in the prototype aircraft.
It was evident that further design would be required to
allow the combiner to operate at its design point. The pos-
sible approaches were explored and a satisfactory approach
was defined as explained below, The now design was aot
tested because of the limits of program termination.
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COMBINER GEAR REDESIGN

There were three objectives of redesign. The first was to

reduce gear stresses below the mean-minus-three sigma allow-

able, preferably to a point which would allow a margin for

less than optimum tooth bearing patterns. The second was to

fit within the physical confines of the existing combiner

housing. The third was to maintain the exact gear ratio so

that the existing regenerative test stand could be used.

Two possibilities were presented. The combiner gear face

could be widened in relation to the slant shaft and input

pinions. These could then be staggered so that the alter-

nating stresses on the combiner gear (the idler gear effect)
would be minimized at any given axial position along the
collector tooth. The second possibility was to halve the
numbers and the diametral pitch of teeth in all gears, thus

increasing the beam strength of the teeth; to maintain or
slightly increase the pitch diameters; and to uniformny in-
crease the face width of all the gears.

Both possibilities were analyzed (Table 14), as well ps a
third alternative which intermixed one and two. While the
staggered system with half the number of teeth could provide
theoretically satisfactory tooth stresses, problems in manu-
facturing the extended face width collector gear wore fore-

seen. Therefore, the selected approach was to increase all
gear face widths to 3.55 inches and to change to 3.025 diame-
tral pitch (Table 15); with this configuration, the maximum

gear stresses (fillet and root) were calculated. The col-
lector gear stresses are 15% below the mean-minus-three
sigma allowable under both AEO and OEI design condition.
Slant shaft and input pinion stresses are below collector
stresses. Gearing is shown in Figure 40.

A summary of bearing lives are shown in Table 16. Calcu-

lated lives for the selected configuration (Configuration 6)
are in excess of requirements and with two exceptions are
greater than the original configuration.

hrne conclusions of this study are that the selected Configu-
ration 6 will meet the redesign objectives. A confirmatory
finite element analysis would be performed prior to com-
mitting to manufacture.
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Figure 40. Combiner Configuration 6, Reference Section A3-1,
301-10600, Sheet 6.
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TABLE 16. HLH COMBINER CONFIGURATION STUDY
BEARING LIFE SUMMARY

L 1 0 Life, Hours
Location & Type P/N 301-10600-2
Location___& ______Confiquration -6 Configuration

S.B. Pinion

Inboard - Taper 301-10676 2840 3040
outboard- Taper 301-10671 31400 48400

Collector Gear

iForward-Roller 301-10666 7800 7635

Aft - Rollei: 301-10638 3280 3550
Thrust - Ba.1l 301-10667 3620 15570

Slant Gear

Inboard -- Taper 301-10612 4260 5300
outboard-Taper 301-10616 46900 23900

Notes:

Ball and Roller Bearing Lives per S-04, Mat'l. Factor = 5.

Taper Roller Bearing Lives per Taper 1, Mat'l. Factor = 4.

* At CMP = 12850 HP, 155.9 Rotor RPM, AEO
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APPENDIX A

TRADE STUDIES

COMBINING TRANSMISSION CONFIGURATION STUDIES

Combining Gear Fabrication

* The starting-point combining transmission is shown in Figure
* •A-I. Its general arrangement includes a collector gear for

combining the power of the two side-mounted engines and a heli-
cal gear mesh for the center engine. A separate bevel mesh isj used to transfer power to the aft transmission.

To permit gear fabrication, the aft shaft gear must have no
obstruction at the toe end that extends beyond the root diam-
eter of the teeth. To accomplish this, the combiner shaft
assembly (Figure A-1, sheets 2 and 3) consists of two spiral
bevel gears, one helical gear, one spur gear, and two spanner
nuts. This assembly has conventional spline joints for the
bevel and helical gear. The estimated weight is 156 pounds.
This design was estimated to cost $19,881 per unit plus $18,700
for tooling.

alt-rnat. design is shown on Sheet 1. This assembly incor-

porates an EB weld between the two bevel gears. The two spline
joints are eliminated. The estimated weight is reduced by 45
pounds. This design was estimated to cost $15,600 per unit
plus $12,000 for tooling.

The one-piece design presents certain disadvantages for proto-
type manufacture and development. If any problem occurs during
welding, the entire assembly may be lost. The slant-shaft bevel
gear cannot be reground to salvage the gear in case of gear
scuffing. Having two bevel gears on the same shaft makes it
impossible to shim one of the gears for pattern thus forcing a
very close control on the gear-to-shaft location.

Gear Arrangement

In pursuing this trade study, it became evident that another
configuzation could eliminate a gear mesh and also weigh less.
The gearbox configuration shown in Figure A-2 evolved. This
configuration has the two side engine input bevel pinions and
the bevel pinion to transfer power to the aft transmission
meshing with one gear. In addition, the center engine helical
mesh was rotated 180 degrees and moved forward. These changes
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result in a weight savings of 150 pounds. A comparison of
�t;the two contiguration3 is shown in Table A-i.

Az further design interaction, Figure A-3 shows the basic layout

of the combining transmission configuration selected for devel-
.,opment. Since the chosen configuration entailed meshing three
bevel pinions on a comnon gear, Gleason Gear Works was con-
suled concerning its technical feasibility. They indicated
that no additional risk was involved. Instead, they feel that
it might be slightly more advantageous than the original con-

.-figuration with regard to gear-mesh patterning.

One major airframe problem considered in lowering the center
engine was the loss of carry-through structure in the rear
spar for the outboard engines ý:upport sý_uctxre. A layout was

S~made to show what is required to maintain adequate airframe

li;; strength with the lower engine and indicates an approximate
25-pound increase in airframe weight. Part of this same gen-
eral problem is the removal] of the combiner transmission
through the rear passageway. in order to maintain adequate
clearance, it became necessary to revise the engine fir,_wall
arrangeienU. In addition, the engine YR suppressor blower
mast be removed before transmission removal..

A center-engine inlet-configuration study was also made to
evaluate any major differences in overall inlet system pres-
sure losses. This data is reflected in trade study document
D30i-1U054-i. ln summary, it. indicated th•,r if the C5A splice
was raised and the inlet separator lowered below the splice,
an acce.ptab'le or sunerior air inlet sysrem could be attained.

A review of the preliminary layouts indicates that lowering
the center engine 18 inches below the baseline engine location
haa no adversý. effect on maintainability. The requirement to
remo_-ve the YR suppressor blower in order to provide clearance

for combiner box re.,oval is compensated for by allowing the
xnechnnic to reach the top of the engine without using a work
platform.

Alternate Bearings

Trne selected cordiner-transmission configuration incorporates
tapered roller bearings for ýll the main bevel and helical
shaft supports. AlLernate support arrangements utilizing ball
and roller bearings were investigated and are shown in Figure
A-4. Thence two transmission configurations have equivalent
bearing B1 0 lives except in the area of the bevel input pinion
supports. Equivalent lives ii this location would have meant
an enlargement of the banic transmission hous:.nz along with
i-,creases in the gear iiaineters to accept larger-capaclty
bearings. A weight analysis of the two transmissions indicates
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savings of approximately 20 pounds in favor of the tapered-
roller-bearing configuration.

In some locations, ball and cylindrical-roller-bearing com-
binations provide a better support arrangement. The center
collecting shaft and helical pinion supports are two of these
locations. The center collecting shaft requires a cylindrical
roller at the right-hand end to allow for thermal motion.
With a tapered-roller pair at the opposite end to take thrust
in either direction, there is no reduction in bearings or
weight advantage compared to cylindrical roller and ball
thrust. Also, the lubrication of the tapered bearings
through the inner race presents a special problem at this
location because of the spline and the distance from the ac-
cessible end. Therefore, tapered bearings were not used here.

The helical-input-pinion straddle-mount ball and cylindrical
design was selected because of slightly less weight and com-
plexity than the tapered design. In the remaining locations
(slant-shaft and bevel-input pinions), analysis showed that
tapered bearings have significantly longer fatigue life within
the same envelope as ball and roller bearings, are less com-
plex, Lnd weigh slightly less.

OVERRUNNING CLUTCH STUDY

A design ob3ective was to make the overrunning clutch assembly
a modular design that could be replaced without removal of the
transmission. As a result, the design shown in 301-10221
evolved from the integral clutch-pinion shown in 301-10333.

Figure A-5 shows a typical. aircraft configuration for the sprag-
type clutch. Note that the inner clutch shaft is connected to
the output or rotor drive and therefore is rotating when the
rotors are turning. Oil is supplied by a fixed jet to the in-
side of the clutch shaft and is forced through holes in the
shaft by centrifugal action or rotation. Lubrication to the
clutch elements and bearings is positive at all times and not
impairedwhen an engine is shut down (as is the roller clutch).

Figure A-6 shows a typical aircraft configuration for the roller-
type clutch. Note that the outer clutch shaft is connected to
the output or rotor drive. When an engine is shut down, the
clutch inner shaft stops turning; therefore, lubrication de-
pends on additional fixed jets to provide positive oil to the
clutch elements and bearings. The inner shaft could be pres-
surized to improve the lubrication system but would require a
rotating union or transfer tube involving rubbing parts.
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V The HLH roller-clutch design would have a rubbing spced of
over 18,000 feet per minute and relatively high rollEr loading

from centrifugal force at speed. A~iother investigatcr has re-
cently completed testing of a roller-type clutch aimed at ap-
plication for the UTTAS. During that testing, the required
speed was 26,500 RPM, which resulted in a rubbing speed at
overrun of approximately 21,000 feet per minute. Differential

', testing was not successful due to excessive wear, even though
hollow rollers were used to reduce loading and flame plating
was used to eliminate wear.

The decision was made to continue with design and development
testing of the sprag-type clutch with three different concepts
for sprag energization. 1he results of this program will be
reported at a later date. The test plan (D30].-10118-l) has
been completea and submitted. This test plan includes testing
three initial designs for overrunning evaluation only. Results
of testing will be used to define an optiwum clutch which will
be procured and tested. Te5ting on the optimum clutch will
includc static overload and cyclic fatigue, in addition to
overrunning tests.

PLANETARY SIZING STUDIES

Planetary weight is 30 percent of the rotor transmission
weight. Sizing of this major component assembly is dependent
upon such considerations as:

* Tooth bending and contact stresses,

* Flash temperature allowed at the mesh,

e Back-up stresses, and

* Planet gear bearing capacity.

In the ATC Program, each of these considerations was subject
to trade studies and several to supporting test programs.

Planet-gear bearing size, as determined by the gear loads and
bearing capacity, influences planetary-ring-gear diameter.
Figure A-7 shows the relationship between calculated fatigue
life and ring-gear diameter, with cutoff points based on gear
backup stresses and bearing internal geometry. Figure A-7
which is constructed for a spherical roller bearing, indicates
that the minimum design point for gear diameter is just below
33.0 inches.

In the ATC Program, the possibility of increasing planet-gear-
bearing capacity was investigated by analysis and bench tests
of the compliant cylindrical roller bearing. These tests are
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SEARING -- SPHERICAL jGAGE SPACE M% ROLLER DIA.)
BRG. PITCH DIA.

1.25" DIA. x 1.4" k ROLLERS 1
150 CONTACT ANGLE. 6.5 12.8%

3000 14 ROLLERS/ROW
,•, .001i" INT. CLEARANCE

,ii;

i't LOADS

2800 LIVES '., CUBIC MEAN POWER -

SSTRESSES RATED POWER 6.75 16.8%
,,,ROTOR SPEED ^- 155 RPM 6.8 17.6%

* •-60% - 40% DISTRIBUTION
i• ' 2.8 EXPERIENCE FACTOR

S2600 6.92 20%

7.0 21.6%

• 2400
LL.- MIN. RING GEAR

- iBASED ON CH-47C
W-6000 HP RING STRESS

20 0 1 ITIZlrn DIAMETER)S2200 Z7I

MIN. RING GEAR
BASED ON CH-47C
6800 HP RING STRESS

2000 (OUTSIDE DIAMETER)
2000
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•DESIGN POINT ' + 29000 PSI
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1600
32 33 34

RING GEAR DIAMETER

Figure A-7. Second-Stage Ring Gear Diameter (3.674 ratio).
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reported in Reference 20, HLH-ATC Compliant Roller Bearing

Development Program. The conclusions drawn were that the

hollow-end rollers would have 50 percent greater life than the
spherical-roller alternate bearing under the deflected condi-

tions estimated to exist in the planetary. This calculated I
life increase was kept as reserve capacity for increased reli-
ability. The studies and the final design were based upon a

2,000 hour B10 fatigue life for spherical bearings in the
planet gears. Transmission tests using both spherical and
hollow-end roller bearings will verify the analytical pre-
dictions.

Gear-tooth geometry and advanced material were also investi-
gated by a test program to evaluate high-contact-ratio gear
tooth form and BMS 7-223 steel. These tests evaluate gearing
of high contact ratio (over 2.0 profile overlap) against con-
ventional contact ratio (approximately 1.6 profile overlap).
BMS 7-223 steel (Vasco X-2 modified) is also compared using
9310 steel as the baseline. More than 28 data points have 4
been obtained from this program. Results show that BMS 7-223
high-contact-ratio gears survived test-stand flash-temperature
conditions which are more severe than those calculated for the
rotor transmission in the trade study analysis.

The design studies compared gear contact ratios, gear materials,
and bearing designs. Pour candidate designs are shown in Figure
,A-, wherein the ring-gear 6iameter is fixed by the bearing
envelope and gear-tooth parameters are compared. The design
objective of this study was minimum system weight, consistent
with reliability objectives. Each candidate system was sized
(face width) to meeit the bending stress allowable. The cal-
culated contact stresses were at or below the allowable for
all designs; thus all were judged to be safe from a durability
standpoint. Boeing-Vertol spur-gear geometry, strength, and

surface durability computer programs were used to evaluate the
strength and durability of all candidate designs.

The 4.522-pitch High Contact Ratio (HCR) system contact stress
was 12 percent to 15 percent below the allowable, indicating a
good margin in durability.

The scoring probability of the 3.429-pitch HCR design was in
excess of 90 percent as compared to less than two-tenths of
one percent (0.20 percent) for the other three designs (based
on Vertol testing with the VASCO material). This design was
therefore eliminated from further consideration.

The 4.522-pitch standard configuration is significantly
heavier; therefore, it was eliminated.

A comparison of the specific sliding velocity ratio (ratio of
sliding to rolling velocities at an instantaneous contact
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point) plots shows both the 3.429 standard and the 4.522 HCR

to be equally suitable. Similarly, the lubricant film thick-
ness and scoring probability are sufficient to meet the design
objectives with either design.

The 4.522-pitch HCR configuration was chosen over the 3.429-
pitch standard configuration because of lower contact stresses,
a slight weight advantage, and because of its relatively finer
pitch. The use of the finer-pitch design will provide better
tooth contact conditions with lower dynamic loads and lower
resultant noise levels.

A summary of planetary system weights is shown below:K I4.522 DP HCR 1369 pounds
3.429 DP Standard 1390 pounds
4.522 DP Standard 1570 pounds
3.429 DP HCR 1184 pounds

ROTOR SHAFT MATERIAL STUDY

Design comparisons of the titanium and steel rotor shafts were
made, Figure A-9, to define minimum weight designs for
each. As indicated on the layout, the bearing journals and
adjacent thrust faces on the titanium shaft will be hard coated
to eliminate wear and fretting. Materials such as plasma or
D-gun sprayed tungsten carbide will be evaluated. This mate-
rial is applied and then ground to finish size. The splines
will be coated with Nylon 11 to finish size without subsequent
machining. Nylon is currently being evaluated on C}I-47C cross-shafting splines.

Allowables used in these designs are shown in Table A-2.

rABLE A-2. SHAFT DESIGN ALLOWABLES

Steel* AISI 9310 Titanium 6AL-4V

Threads and Fillets 36,000 PSI 20,000 PSI
Thread Relief 27,000 PSI 20,000 PSI
Other Areas 25,000 PSI 20,000 PSI
Hard Coated Areas N/A 15,000 PSI

*Values from previous rotor shaft fatigue tests.

The study showed a 200-pound-per-shaft weight reduction using
titanium as compared to the steel design. A titanium forging
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requirements document (D210-10409-l) was prepared to support
the procurement of the titanium shaft.

ALUMINUM/GRAPHITE COMPOSITE TRADE STUDIES

Aluminum and graphite composite synchronizing and engine drive
shafts were designed and analyzed using cost and weight
criteria.

The initial study was based upon the torque and stiffness re--
quirements of the synchronizing shafting, without consideration
of possible design changes required to meet damage criteria.
The results indicated approximately 25 percent weight reduction
in favor of the graphite composite synchronizing shaft instal-
lation. This weight savings was primarily a result of the re-
duction in the total number of drive shaft sections required
(eight sections of graphite shafting as compared to twelve
sections of aluminum). However, the engine drive shaft instal-
lation showed very little weight differences for graphite versus
aluminum, since the aircraft configuration required two sec--
tions of shafting for each engine installation. Weight dif-
ferences exist in tubing weight only, since the end fittings
and hardware remain basically constant.

The cost comparison study (Figure A-10) used best current esti-
mates of costs to develop conclusions as to the cost effective-
ness of qraphite composite shafting. The conclusions were
surmmarized as follows:

S There is a small cost savings ($2,750 per aircraft) most
likely to be derived from a composite engine-shaft tube.
Because current design shows an equivalent number of
parts for both composite and aluminum tubes, there is no
added benefit beyond a reduction in tube weight.

* Cost savings most likely to be derived from composite
tubes in the synchronizing shaft system are larger
($41,200 per aircraft). The composite tube design per-

mits fewer parts; therefore, there is additional advantage
to be gained in maintainability and fabrication costs of
bearings, couplings, and adapters.

The weight growth factor of two refers to the expected ratio
of subsystem weight delta to aircraft empty weight delta.

On the basis of this study, further efforts were made to define
the tube configuration which would meet the ballistic and han-
dling damage requirements which are necessary considerations to
the design of military helicopters. These efforts comprised
analysis of over 25 composite shaft designs and fabrication of
subscale shaft test specimens. Some results of these tests are
reported in Reference 15.
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Test results indicated that a design that is considerably dif-
ferent from that which was first considered would be required
to sustain the impact and ballistic damage. A comparison ofthe first and last shaft designs is shown below.

First Last

2-Ply Graphite (900) OD 1-Ply Dry Nylon
4-Ply Graphite (450) 6-Ply 1002S Glass (450)

11-Ply Graphite (00) 26-Ply HM-S Graphite (0Q)
ID 1-ply XP251-S Glass

17 Plies with t = 0.116 inch 34 Plies with t = 0.203 inch
and W = 0.183 pound/inch and W = 0.339 pound/inch

The last design showed a weight saving of 75 pounds compared
to an aluminum tube design. The cost of this graphite com-
posite tube assembly was estimated to be $18,000 more per
aircraft than that of the aluminum, using the most likely
assumptions of the methodology shown in Figure A-10. On this
basis, the value (K column) of the composite tube assembly
results in a relatively insignificant savings of $1,000 per
aircraft. The uncertainty of the material cost, and other
unknowns, indicated that the immediate plan should be to
revert to aluminum shafting.

Design ui-Leria for impact and ballistic tolerance •s •
follows:

Impact: Sustain 125,400* inch-pounds after being struck
by a 9.3 pound wrench.** dropped 6 feet.

Ballistic: Sustain 125,400* inch-pounds after being struck
by a fully tumbled 12.7 mm round impact at the
tube centerline.

*Limit torque. (1.5 x design torque, corresponding to
1.5 x 0.60 x 17,300 HP at 8,000 RPM.)

**Corresponding to a standard wrench suitable for coupling-
bolt torquing.

A
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APPENDIX B
SUMMARY OF LOADS, ALLOWABLES AND STRESS ANALYSIS,

AFT AND COMBINER TRANSMISSIONS, ADVANCED
TECHNOLOGY COMPONENT CONFIGURATION

LOADS

Hub Loads
Noseup Pitching Limit Loads

Noseup pitching limit loads are given below. Figure B-i shows
the symbols and signs used. For these calculations, a gross
weight of 118,000 pounds is used with a 2.5g force and a 60-to 40-percent split between thrust and torque.

FZF 198,000 lb
FXF 33,900 lb

MYF 3.03 x 106 in.-lb
MZF 6.44 x 106 in.-lb
FYF 2,550 lb
MXF -158,000 in.-lb

Forward rotor head loads are critical and are used for the aft
transmission.

Fatigue Rotor Loads

SLteady Loads
MZF 4.29 x 106 in.-lbFZF 66,000 Lb

MYF 1.23 x 106 in.-lb
FXF 13,780 Lb
Basis aircraft parameters with an 8-degree

flap angle

Alternating Loads
MZF ±0.515 x 106 in.-ib

FZF + 6,600 lb
MYF ±0.246 x 106 in.-lb
FXF + 2,755 lb
Basis Shear and Moment = ±20 percent of

steady
Thrust = ±3.0 percent of steady
Torque = ±12 percent of steady

Bearing Loads

All gear shaft and planetary bearings are sized for the cubic
mean power calculated in Table B-1. The corresponding cubic
mean torques are shown in Table B-2. The mission profile used
is shown in Table 1.
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Clutch support (duplex ball) bearings are s' ed to operate under
a continuous misalignment of 1/4 degree.

Rotor shaft bearings are sized for loads obtained by flapping
angles and Table 1. The resulting equivalent radial loads are:

Upper Bearing 54,600 pounds
Lower Bearing 64,700 pounds

Accessory drive bearings are sized for the cubic mean loads
shown under Accerrory Loads.

Drive shaft support bearings are loaded only by the shaft
weight and are sized by the required shaft section.
Rotor brake bearings are sized for the rotor brake torque

given below:

Rotor Brake Loads

Rotor brake torque is 30,000 in.-lb at the brake disk. This is
based on a drive system inertia of 170,000 ft-lb-sec2 and a
total rotor drag constant of 355 ft-lb-sec2 .

Accessory Loads

Accessory drive components are sized for the loads listed
below:

Rating Cubic Mean
Transmission Accessory HP Speed HP Speed

Aft Hydraulic Pump (2) 60 5,966 31.5 5,966
Main Lube Pump 10 5,737 10.0 5,737
Auxiliary Lube Pump 2 5,737 2.0 5,737
Alternator (2) 97 8,062 60.0 8,062
Blower 60 8,287 60.0 8,287

Combiner Main Lube Pump 10 5,750 10.0 5,750
Auxiliary Lube Pump 2 5,152 2.0 5,152
Blower 60 8,200 60.0 8,200
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Control Loads

Loads imposed upon the transmission upper cover by the rotor
control system are as follows:

Actuator Loads

Fatigue Ultimate
Condition Load _(pounds) Load (pounds)

Normal Operation 3,700 ± 3,700 39,500
One Actuator Failed 3,700 ± 3,700 39,500

Stationary Scissor Loads

Stationary scissor loads, expressed as a torque about the rotor
shaft centerline, are:

Fatigue 1,290 ± 1,350 in-lb
Ultimate 13,500 in-lb

Gear and Drive Shafting Loads

A gear and drive shafting loads speed/torque summary is given in
Table B-2.

DERIVATION OF ALLOWABLES

Derivation of BMS 7-223 (Vasco X-2) Design Allowables

The purpose is to provide a summary of experience including ex-
perimental gear test data and a gear analysis which establishes
a data base for the ULU/ATC drive system gear design criteria.

The testing summarized in Figures B-2 and B-3 indicates that
Vasco X-2 steel has a 20-percent higher bending strength than
the air-melted AISI 9310 gear steel (AMS 6160) (Reference 16).

The data summarized in Figures B-4 and B-5 show a 34-percent
increase in allowable contact stress (80-percent increase in
load capacity) for Vasco X-2 steel when compared with the AISI
9310 data (AMS 6260) (Reference 17).
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During scoring evaluation tests, the BMS 7-223 gears demon-
strated an increased load carrying ability compared to the
AISI 9310 gears of identical tooth form (Figure B-6). When
tested in the high contact ratio tooth form, BMS 7-223 sur-
vived loadings equivalent to flash temperatures achieved in
excess of the HLH requirement (shown in Figure B-6) with the
exception of one test where very light scoring occurred at
380 0 F. Testing of bevel gears (Reference 18) indicates com-
parable superiority of BMS 7-223 over AISI 9310.

With the above test data as a base and qualitatively considering
the effect of various influencing parameters such as the re-
lationship between a rigid test stand and relatively flexible
aircraft housing, the following index values have been es-
tablished as design allowables for the HLH drive system power
gearing.

Bending Stress Spur and Helical 47,000 psi
Spiral Bevel 47,000 psi

Contact Stress Spur and Helical 188,000 psi
Spiral Bevel 260,000 psi

Flash Temperature Spur and Helical 395 F
Spiral Bevel 550OF

The results of R.R. Moore fatigue testing conducted at Boeing
Vertol are shown in Figure B-7. Figure B-7 indicates that the
mean fatigue strength of smooth BMS 7-223 specimens is 50% of
the ultimate tensile strength. The design allowable is derived
from this by considering that the mean strength of full-size
components is lower than laboratory specimens by a factor of
1.75, which accounts for such items as manufacturing techniques,
size, and configir-tion. In addition, the mean fatigue strength
is reduced to a mean -3c level by considering that full-size
components exhibit a log-normal fatigue strength distribution
with a coefficient of variation of 13%, for which mean -3a is
65.8 percent of mean. The design fetigue allowable for com-
ponents other than gear teeth then uecomes:

160,000 x .658 - 30100 > +30000 psi
2 1.75 (nonfretted, kt = 1.0, R -1)
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TUNGSTEN CARBIDE COATING ON TITANIUM

Fatigue test results of coated titanium have been obtained by
Union Carbide Corp. Testing was conducted on 12 uncoated,
shot-peened specimens, and on 15 for each of two process vari-
ations for tungsten carbide coating. Boih processes include
shotpeening prior to coating; coating application is by deto-
nation gun. Process designation LW-IN4C and LW5 test results
indicate strength reductions of 13.5% and 25.8% relative to the
incoated baseline specimens. S-N curves resulting from these

tests are shown in Figure B-8. The 301-10401 rotor shaft
utilizes LW-IN40 coating for which a conservative bending
strength reduction of 25% is assumed, resulting in an allowable
of ±15,000 psi.

120L

-UNCOATED

IMFAN e9,000 PSI
OD04

S80 -a - . x M EA N - . •,W PS
o ~~LW.ISt

60

507

10 1 10
7  108

CYCLES TO FRACTURE

Figure B-8. Detonation Gun Coating on 6AL-4V Rotating
Beam Fatigue Test Results.
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+-
ANALYSIS OF COMPONENTS

Tables B-3 through B-14 and Figures B-9 through B-22 summarize
the analysis of the ATC Components.

TABLE B-3. MINIMUM MARGINS OF SAFETY

PART

NUMBER PART NAME CONDITICN M S

301-10401 Rotor Shaft Fatigue 0.0

301-10610 Slant Gear Fatigue .25

301-10654 Helical Input Pinion !Fatigue 2.0

301-10677 Spiral Bevel Input Fatigue .25
Pinion

301-10629 Clutch Shaft Fatigue 3.0

301-10650 Clutch Hsg. Ultimate 10.

301-10625 Rotor Brake Gear Fatigue .05

301-10601 Collector Gear Fatigue .60

301-10428 Spiral Bevel Pinion Fatigue .06
301-10419 Spiral Bevel Gear Fatigue .58

301-10413 First-Stage Planet Fatigue .10
Carrier

301-41.000 Sync Shaft Tube Ultimate .05

301-11001 Engine Shaft Tube Ultimate .39

301-10463 Adapter - Sync. Shaft Ultimate .09

301-11023 Adapter - Engine Shaft Ultimate Il1

301-10456 Upper Cover Ultimate .01(Fail,-Safe)
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TABLE B-4. HELICAL AND SPUR GEAR TOOTH STRESS SUMMARY

Trans.
Part No. Trans. Press Eb

Location Number Teeth PD DP Angle A
___ ___ __ __ ___ __ __ __ ___ __ ___ ___ __ Deg

Center Pinion 301-10654 50 6.87915 7.2683 24.6757 *11
Engine Gear 301-10601 72 10,4664*

Rotor Pinion 301-10601 20 4.8750 4.1026
Brake Gear 301-10625 31 6.3590

Sun 301-10419 39 8.6245 22
First- Planet 301-10466 55 12.1628

z Stage
0
SPlanet Planet 301-10466 55 . .12.1628

3 Ring 301-10412 149 4 32.9500

- -Sun 301-i0459 . 55 4.522 12.1628 22 1
Planet 301-10468D 47 10.3936

- Second- 301-10469
Stage 

-
Planet 301-10469@D

4 Planet 301-10468 47 10,3936
Ring 301-10412 149 32-9500

NOTES
S301,-10468 - Spherical Bearing - 4 Equally

301-10469 - Cylindrical Bearing Gears are identical. 6 Equally
STo:%'gue Values Per Mesh.

TABLE B-5. SPIRAL BEVEL GEAR TOOTH STRESS SUMMARY

Part No. Press Spiral

Location Number Teeth PD Dp Angle Angle |
I Deg Deg - -

Engine Pinion 301--10677 50 6.25 8.000 25. 20. L
LH & RH Gear 301-10601 72 11.520

8 Slant Pinioll 301-10601 72 6.25 11.520 25. 20. t
Shaft Gear 301-10610 72 1.1.520 [

Input Pinion 301-10428 37 9.25 25. 23

=Gear 301-10419 106 4.0 26.50
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ESS SUMMARY

Trans.
T8 . Press Hblix Face Flash Torque
D DP Angle AMgle Speed Width Temp. J I (in-lb) fb

Deg Deg RPM In De_ F - PSI

;915 7.2683* 24,6757 *10, 1.1,500 2.75 374. .6362 0.1399 44,250 46,50
10,4664* 7,986 2.75 .6625 63,780 44,63

750 1026 28 4,495Q 2.00 397. .4781 19,355 48,1i
6.3590 2,900 2.00 .4914 30,000 46,8

2 8.6245 2 788 2.12 394- .4200 0 1 60 185 45.
12.1628 171 1.917 .4596 " 84,876 45,5

22 12.1628 1,570® 1.917 253. .4596 84,876 45,5
32.9500 22 L. 0.0 1.60 .5954 229,936 41,9

22 12.1628 22 .0 578• 4-35 285. .4549 0.0136 193.414 45-A
10.3936 495 4.528 4430 165,281 45,4

22 0393 22 LO 495 .. 4.528 235. .4430 0.2537 1165,281 45,4
32.9500 0.0 3.45 .5954 523,975 44,1•

*As Manufactured

identical. 4 Equally spaced, sequentially loaded 5 Effective Speed (about
6 Equally spaced, sequentially loaded At Brake Application.Bated upon Tooth Finis]

Ba~ed upon Tooth Finis]
STRESS SUMMARY

Press Spiral Shaft Face Hand &
Dp Angle Angle 5~eed Angle Width J I Direct Torque fb

S - Deg Deg RPM Dog In - in-lb PSI

8.000 25, 20. L1,500 28.50 2.850 .4864 0.0823 LH-CW 44., 250 34,704
Ii.- 0 7,986 2.850 .6201 RH-CCW 63,780 27,211 22

5 11.520 25. 20. 7 33.7 2.850 .559j 0.0712 RH-CCW 83,810 39,690 23
11.520 7,986 2.850 .5592 LH-CW 83,810 39,690

9.25 25 23. 7.986 59.25 3.00 .4400 0.1095 83810 42,800-

-265. 2,788 3.00 .6022 LH-CW 240,073 31,200

0

i



"I (n-ib) fb

- - - ________ PSI PSI

.6362 0.1399 44,250 46,500. 149,537

__§§_25 63,780 44,630

.4781 19 355 48,1090.12•60 -- ý219,744

.4914 30,000 46,801

.4200 60_18____ 0 S0.1016 615 4506 167,097

.4596 84,876 45,507

4596 0.53 84,876 45,507
.5954 229,936 41,980

.4 58 0 .0 536 193 .4 14 _ 4 5 .88 t 5 9 , 8
.4430 165,281 45,486

.4430 0 7165, 281  45,486 1.08,259

.5954 523,975 44,363

5 Effective Speed (about post).
At Brake Application.
Babed upon Tooth Finish of 16RMS
Based upon Tooth Finish of 23RMS

Hand & Flash (3
I Direct Torque fb fc Temp.

(in-Ib) PSI PSI De2 F

LH-CW 44.,250 34,7040.0823 -26763.RH-CCW 63,780 27,211

0.0712 RH-CCW 83,810 39,690 233,300 298.
LH-CW 83,810 39,690

0.1095 RH-CCW 83,810 42_,00 231,000 529."LH-CW 240,073 31,200
_ __ - - , - _ _,,_

I
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TABLE B-6. TAPERED ROLLER BEARING GEOMETRY

CONT- NO. RI

SPEED ACT OF LOA]
LOCATION PAFT NO. (RPM) ANGLE ROLLERS (LB

S. B. Engine Inboard 301-10676 .,1500 150 24 321

Input Pinion Outboard 301-10671 12.50 24 11;

z Slant Shaft Inner 301-10612 7986 100 21 36
00
H Outer 301-10616 22.50 33 19
cn - 1

H Z Rotor Brake Inboard 301-10627 2900 16.60 22 14'
O Shaft Outboard 301-10630 (1) 16.60 25 5:

Clutch Shaft Inboard 301-10644 11500 15024, 42 7.

Outboard 301-10651 17 051 34 4.

S. B. Input Inner 301-10420 7986 250 21 96

P-'inion OuLeL 301-L04-4 200 1!H .. ..... _ _ _ ___ __

En S.B. Gear/Sun Lower 301-10443 2788 150 48 6H "

U) Upper 301-10440 150 71 1

Rotor Shaft Upper 301-10406 155.9 350 66 21

Lower 301-10409 450 56 40

(1) Speed at beginning of rotor brake application

(2) Rib loads evaluated at fatigue torque from Table 3
(3) All fits are tightI

201 1
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TRY

CONT- NO. RIB ( RIB NO. OF "FIT.(1 IN. ) (3)
EED ACT OF LOAD1 2 ) SPEED RIB LUBE BORE 0. D. I. D.

.PM) ANGLE ROLLERS (LB) FPM HOLES (IN.)

500 150 24 328 20,473 40 5.5118 23 - 43 48 - 65

12.50 24 1il 19,293 32 5.4331 20 - 40 47 - 64

ý986 100 21 368 18,225 28 7.2835 35 - 57 66 - 83

22.50 33 151 17,951 44 7.2047 29 - 61 65 82

00 16.60 22 140 4000 0 3.3858 13 - 28 29 - 44
1) 16.60 25 52 4000 0 3.3011 13 - 28 28 - 43

.500 15024' 42 7,4 15,656 36 4.5200 25 - 31 60 - 120
17 5' 34 4.5 11,116 28 2.7500 15 - 30 13 27

p,986 250 21 904 16,966 36 5.9055 31 - 53 52 - 69
25 1- 5 . ,r" 2 AIle j Z - 66

788 15° 48 68 9,61.6 32 12.1260 42 - 74 111 - 122

150 71 13 99,373 44 11.9685 83 - 70 111 - 130

55.9 350 66 211 970 0 21.339 119 - 137 119 - 159

450 56 408 1020 0 21.496 112 - 154 119 - 159

tion

Table 3
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(SHEAR)

13,780 LB B

HUB

1.23 1 i06

(MOMENT)

66,000 LB

4. 29 x1
+.515 x 11
(TORQUE)

7

A

L 8.42 B

11.98

34.15

3 7.5 0
27.42

FA

Figure B-9. Rotor Shaft/Aft Transmission.
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TABLE B-7. ROTOR SHAFT 301-10401

(1) (2)
FATIGUE ANALYSIS

O.D. I.D. TENSION MOMENT SHEAR TOROUE
SECTION IN. IN LBS IN-LBS LBS IN-LES

A-A 13.93 12.0 66000 +1.346 x 106 +13780 4.29 x 10
+.515 x 104ý

K C-C 20.89 19.50 212500 +1.70 x 106

D-D' 3 ' 21.09 19.50 212500 4-1.69 x 10

ULTIMATE ANALYSIS

.. TENSION MOMENT SHEAR TORQUE

SECTION IN. IN. LBS LBS LBS LBS

A-A 13.93 12.0 297000 4.97 x 106 50800 9.66 x 10 6

B-B 14.12 12.72 297000 5.15 x 06 50800

E-E 21.35 20,32 625500 3.47 x 106 244000

(1) Endurance Limit +20000 psi
(2) Alternating Stresses Include Stress Concentration

(3) Tab Washer Slot

207
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TORQUE K K f f f
INLStbt st Lib SSN-LSPSI PSI PSI PS MS

4.29 x 1066 1.486 1.375 1680 +16780 +960 18000 + 2970 +.06
+.15 x i0

2.16 1.26 4823 +17050 +4750 9960 + 1510 +.03

1.0 5.0 4190 + 6820 +2700 8650 + 5200 .00

STORQUE ft fb fs fst Fbu Fstu

LBS PSI PSI PSI PS PSI PSI MS
9.66 xw In 7560 417000 2575 40500 165000 80000 +.61

10070 54600 3450 51200 156000 78000 +.22

18570 20250 14450 28200 137000 76000 +.61

I I IA



TABLE B-8. GEAR SHAFT ANALYSIS-FATIGUE

PART SEC- O.D. I.D. TENSION MOMENT
NUMBER LOCATION TION IN. IN. LBS IN-LBS

301-10610 SLANT GEAR A-A 7.231 6.50 11960 +49860

B-B 7.291 6.50 11960 +57870
C-C 4.934 4.19 - -

301-10654 HELICAL INPUT A-A 5.379 4.72 -2115 +3959
PZNION B-B 6.995 6.30 -2115 +19168

C-C 3.540 3.02 - +4627

301-10677 SPIRAL BEVEL A-A 5.457 4.75 3450 +29700
INPUT PINION B-B 5.517 4.75 3450 +29840

C--C 5.230 4.92 17986 +3426

301-10629 CLUTCH A-A 4.30 3.e9 - -
SHAFT B-B 4.464 3.89 - -

C-C 4.524 3.89 - -

301-10650 CLUTCH A-A 5.69 5.19 - -

HOUSING B-B 5.54 5.02 - -

301-10625 ROTOR BRAKE A-A 3.486 2.35 3944 +12400
GEAR B-B 2.44 1.66 - +10320

301-10601 COLLECTOR AA 5.576 4.50 2491 +18200
GEAR BB 4.740 4.08 - +13200

cc 7,200 6.74 2110 +62900

301-10419 SPIRAL BEVEL AA 12.078 11.500 8340 +11700
GEAR, AFT BB 12.138 11.500 8340 +15200
TRANSMISSION

301-10428 SPIRAL BEVEL AA 5.851 5.00 9428 +49800
PINION AFT BB 5.911 5.00 9428 +55000
TRANSMISSION cc 5 .630 5 .00 - -

DD 4.934 4.30EE 4.315 3 .49--

209
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ý0MENT SHEAR TORQUE TB KTS _"_-_b

INLBS t LBS IN-_ __S PSI PS I PSI M.S.

ý49860 +18120 83800 2.25 1.5 1520 +87 20 +6900 32604-586 .86
F57870 +18120 83800 2.95 3.85 1.400 +:12200 +16200 299071380 .25

- - 83800 - 1.80 - - 7390741597 9.

+±3959 +6945 44250 1.55 1.42 IT - +955 +-3640 3440+586 2.9
-19168 76945 44250 - - - +1670 +1906 19277231 6.3

+4627 +6610 1.47 1.12 1- T3318 +5484 - - 2.0

190 +12915 44250 2.8 2.0 1 610 +•12250 +9110 3260+783 .39
S984' +12915 44250 2.95 3.90 560 +11900 +16450 2990+1400 .25
13426 - - 2.41 - 7311 +2716 - - 9.5

- 44250 - 3.96 -.. 8600+4090 3.0
- - 44250 - 2.0 . ... 6000+1440 10.6

44250 - 3.75 - - 5400+2419 5.9

- - 44250 - 1 . 9 0 j - - 3980+910 17.
4425! - 1 4070+780 20.7

12400 +10690 30000 2.63 2.07 760 +9880 +8500 4550+1130 + .49
',10320 +4115 30000 2.40 1.88 - +22200 +5980 13400+3020 + .05

18200 +20100 51000 2.70 1.85 2921 +5000 +8620 2601+57"1 + .85
-13200 +15100 - 2.32 1.63 - +6517 +10730 - + .60
62900 ±10500 63700 1.45 1.13 +420 10700 +4720 3750+510 + 1.77

,11700 +23600 240100 3.00 2.20 780 +1140 +9650 3900+1030 + .58
•15200 +23600 240100 3.00 3.97 704 ±1340 +15740 3500-+-1700 + .64

• 4Q9C0: +21100 83800 3.00 2.45 1300 +16280 +14198 4570+1340 + .06
F55000 +21100 83800 3.05 3.95 1210 716870 +21279 4240+2010 + .07

21- 83800 - 1.55 - - - 6330+1180 12.7

83800 - 1.80 - - - 8400+1800 7.81 83800 - 1.84 - - - 92504-2040 6.7



TABLE B-8. Continued

PART -'SEC- O.D. I.D. THRUST MOMENT
NUMBER NAME .ITION IN. IN. LB IN-LB

301-10610 GEAR, S.B. AA 7.231 6.500 26900 112200
SLANT SHAFT BB 7.291 6.500 26900 130000

301-10654 GEAR, AA 5.379 4.720 -4759 8908
HELICAL PINION BB 6.995 6.300 -4759 43128

301-10677 GEAR, S.B. AA 5.457 4.750 7769 66825
PINION BB 5.517 4.750 7769 67131
ENG.INPUT

"301-10428 GEAR, S.B. AA 5.851 5.00 21.213 112073
PINION, AFT BB 5.911 5. 000 212.13 123750TRANSMISSION

301-10419 GEAR, S.B. AA 12.078 11.500 18767 26384
!AFT TRANSMISSION BB 12. 138 11. 500 1876o7 34272

301-.10629 SHAFT, CLUTCH AA 4.464 3.2890
INNER, COMB.
TRANSMISSION

301-10650 HOUSING,
CLUTCH-ENG. AA 5. 540 5. 020
SHAFT, COMB.

{ TRANSMISSION

301-106 25 GEAR SPUR
ROTOR BRAKE AA 3.486 2. 350 11832 -37200

COMB. TRANS- BB 2.440 1.660 -30960
MISSION

301-10601 GEAR, S.B.
ENGINE AA 5. 576 4. 499 5605 40865
DRIVE, COMB. BB 4. 740 4.080 - 2976(3
TRANSMISSION cc 7 .200 6 .740 4759 141503
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MOMENT SHEAR TORQUE ft fb f st FBU
IN-LB LB IN-LB PSI PSI PSI PSI PSI PSI i M.S.A

112200 41000 188600 3420 8720 10365 7330 100,000 190,000 +4.31
130000 41000 188600 3140 9290 9530 6740 100,000 190,000 +4.69

8908 15626 99574 - 1390 5770 7740 100,000 195,000 +6.42
43128 15626 99574 - 3760 4290 4340 100,000 190,000 +10.35

,j ,,o

66825 29054 99574 1370 9840 10203 7330 100,000 197,000 +4.44

67131 29054 99574 1270 9070 9430 6730 102,000 200,000 +4.95

112073 47504 188577 2925 12210 13040 10270 IC2,000 200,000 +3.11
123750 47504 188577 2720 12510 12120 9530 103,000 200,000 +3.41

26384 53069 540167 1750 857 9895 8770 97,000 168,000 +4.29
34272 53069 540167 1585 1005 8920 7920 97,000 170,000 +4.86

- 99574 - - 19300 100,000 +4.18

99574 8955 99,000 +10.06

37200 32070 90000 2275 11270 12025 13640 110,000 220,000 +2.90

30960 12345 90000 -2 27640 9650 40180 105,000 210,000 +1.02

40665 45128 114710 658 4170 10490 5850 105,000 207,000 +4.81
29768 34020 - - 6320 14810 - - 200,000 +-5.67

141503 23699 143386 946 16650 9380 8430 97,000 180,000 +3.88

j
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t.24 IiI
A

S16449 LBS

3245 / E•N 1138 Lli

LB6L EPA ING- | io--•-•-_ __..

1.488

257 12,721 LB

. - 12.20

B

FAXIGUE CONDITION SHOWN .095 . -
... 1.215

1139 LB -.-

19,694 LB

12978 LB

Figure B-18, Gea. c Spiral Pevel, Aft Transmission.
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TABLE B-9. FIRST-STAGE PLANET CARRIER 301-10413

FATIGUE ANALYSIS

SECTION O.D. I.D. WIDTH THICKESS K s
SECTION SHAPE IN. IN. IN. IN tb

A-A circular 5.215 4.20 .... 1.807

B-B Rectangular .... 9-35 .81 ....

C-C Circular 9.84 9.11 ...... 3.0

I ~~~~ULTIM4ATE ANALYSIS r _ _ _ - _

p SECTION O.D. I.D. WIDTH THICKNESS
SECTION SHAPE IN. I IN. N.f

A-A Circular 5.21.5 4.20 .....

B-B Rectangular .. .. 9.35 .81

C-C Circular 9.84 9.11 --

, 

I
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MOMENT TORQUE f ft
IN-LBPS IN-LBS Ph PSV N.S.

31200 -- 7000 .10

121000 + 14500 52400 + 6280 12740 + 1910 33950 + 40*70 1.20

.0 -- 1.159 x 106 -- 21600 + 9720 .14

MOMENT TORQUE fb f st
IN-IBS IN-LBS PSI ps H.S.

70200 8770 -- Large

272000 118000 28700 76400 .21

2.61 x 106 -- 48600 .95

-I
I
4

II
N I
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( TABLE B-10. DRIVE SHAFT TUBES

FATIGUE ANALYSIS --

TORQUE O.D. WALL
LOCJATION P/N SECTION IN-LB IN . THICINM"

SYNC. 301-11000-5 H-H 83,800 7.25 .1
SHAFT and +10060

301-11000-25

ENGINE 301-11001-2 44,250
SHAFT and H-H + 5300 6.00 .1

301-11001-25

ULTIMATE ANALYSIS

.. - TORQUE J/C fet
LOCATION P/N SECTION IN-LB IN. 3  psi_

301-11000-25 H- Ia A77~ 20,000

SYNC. 301-11000-5 G-G C,- 7J " ^
SHAFT and

301-11000-25 H-H 9. 4 20,000.

RIVETS - 1,74.

ENGINE 301-11001-2 G-G 99,600 4.6•Ql 21,60
SHAFT and

301-11001-25 H-H 5.S D 18,00

RIVETS 1,38

O NET TUBE SECTION PROPERTY

02 GROSS TUBE SECTION PROPERTY

0 RIVET LOAD - LBS.

® BASED ON THE LONGER (-5) TUBE

BASED ON THE LONGER (-2) TUBE
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O.D. WALL J/C fst fst
IN. THICKNESS(IN.) IN.3 psi psi M.S.

7.25 .120 7.819 10720 + 1293 + 2000 .55

6.00 .102 4 . 6 P 9600 + 1150 + 2000 .74

J/C fat --fst
IN•3 psi psi M.S. •

7. 8z 24,200 39,000.6

9.40 20,000 21,000 .00

1,7410 2,1703) .25

4.620 21,600 39,000 .80

5.5-) 18,000 25,000 .39

1,31W50 2,17vi .57

I: -~-.---J



TABLE B-il. DRIVE SHAFT ADAPTERS I
FATIGUE ANALYSIS

LOCA- ADAPTER SECT- MATERIAL TORQUE 1 (4) (3)

TION P/N ION () (IN. LB.) (LB) (LB L

301-10463 AA Steel 83800 + 10060 6540 + 784 6044 +35.0

301-11003 AA Steel 83800 + 10060 6540 + 784 6044 +35.0

S301-11003 CC 83800 + 10060 - -

301-11004 AA Steel 83800 + 10060 6540 + 784 6044 +35.0

301-11004 CC 83800 + 10060 - -

301-11007 FF Aluminum 83800 + 10060 6540 + 784 4964 +35.0

301-11008 DD Steel 83800 + 10060 - -

301-1100& EE 83800 + 10060 - -

301-11009 AA Steel 83800 + 10060 6540 + 784 6044 +35.0

301-11005 AA Steel 44250 5300 5250 + 630 4870 +35.0

301-11023 AA Aluminum 44250 + 5300 5250 4 630 4510 +35.0

S301-11002 AA Steel 44250 4 5300 5250 + 630 7719 +35.U

301-1121 DD Steel 44250 + 5300 - -

r 301-13022 AN Aluminuml UP8 T H88 5250 T 630 6670 +35.0

(1) Steel - 4340 150 KSI IJTS
Aluminum - 7075-T73 66 KSI UTS

(2) Includes Thomas Coupling Pack, Bolt & Nut C.F.

(3) Due to Thomas Coupling Misalignment

(4) Refer to sketch for load locations
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R(4) X(4" •') e .D. o..D NESS WIDT K f t fs.
'B UN) (IN) IN) {IN) (IN) St _ _ _

0+ 784 6044 +35.0 .681 .3 2.25 - 7500 29000 + 3490 439504

40 + 784 6044 +35.0 .681 - - .38 2.12 - 7500 29000 + 3490 43950

- - - 3.40 3.84 - - 1.42 - 19500 + 3330

40 + 784 6044 +35.0 .681 - - .38 2.12 - 7500 29000 + 3490 43950

- - - 3.80 4.22 - - 1.65 - 16600 + 3280

40 + 784 4964 +35.0 .80 - - .66 3.60 - 2086 8781 + 915 9255

- - - 2.15 2.66 - - 1.25 - 39500 + 5930
- - - 2.50 2.96 - - 1.42 - 33800.+ 5760

4O + 84 6 + 0 8.38 2.12 - 7500 29000 + 3490 43950 .,

150 + 630 4870 +35.0 .620 - .39 2.06 - 6060 38700 + 5800 1899

ý50 4 630 4510 +35.0 .751 - - 53 2.60 - 3270 10770 + 129D. 15840
6 3 - .712 -- 0 - )Qn 7nnn + 8qq 20810 4

.93 1.84 - 1.29 38600 + 5960 'a

- 630 67 + - 1.53 2.17 1 2 29500 T 5017
50 + 6 670 +35.0 .88 - - .38 2.54 6910 18100 T 2170 35200
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"i I ' TABLE B-11. Continued

ULTIMATE ANALYSIS

LOCATION ADAPTER SECTION MATERIAL TORQUE PT
P/N (1) (IN-LBS) (LB)

301-10463 AA Steel 188550 1471

301-11003 AA Steel 188550 1472

301-11003 cc Steel 188550 14721

ii301-11004 AA Steel 188550 147ý
301-11004 CC Stee 188550 1472

301-11007 FF Aluminum 188550 147j,

301-11008 DD Steel 188550 147A

301-11008 EE Steel 188550 1473

301-11009 AA Steel 188550 147J

301-_11005n• n _f~ __99560 1181

301-11023 AA Aluminum 99560 1181

301-11002 AA Steel 99560 1181

4 301-11021 DD Steel 99560 1184

U) 301-11021 EE Steel 99560 1184

301-11022 AA Aluminum 99560 118•

(1) STEEL - 4340 AT 150 KSI UTS I
ALUMINUM - .7075-T73 AT 66 KSI VTS

(2) Includes T.C. and Bolt and Nut C.F.

(3) Due to T.C. Misalignment

(4) Refer to sketch for Load Locations
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(2) (3)
IIE PT (4) PR (4) PX (4) e (4) I.D. O.D. THICKNESS WIDTH M.S.

LBS) (LB) (LB) (LB). (____(N (IN) (IN) (MIN)

550 147i0 9666 52.5 .681 .... .38 2.25 +.09

1550 14720 9066 52.5 .681 -- -- .38 2.12 +.09

1550 14720 -- -- -- 3.40 3.84 --.-- +1.04

1550 14720 9066 52.5 .681 -- -- .38 2.12 +.09

550 14720 -- -- -- 3.80 4.22 -- -- +1.40

1550 14720 7446 52.5 .80 -- -- .66 3.60 +.74
550 14720 ...-- 2.15 2.66 -- -- A.10

1550 14720 .. .... 2.50 2.96 .... +.27

1550 14720 9066 52.5 .681 .... .38 2.12 +.09

• -am1i "~ 49 -... -48 2.06 +1.60

60 11810 6765 52.5 .751 .... .53 2.60 + .11

o60 11810 11579 -- .712 .... .56 2.60 +2.15

60 11810 .-- -- .93 1.84 -- + .14

60 11810 -- -- 1.53 2.17 ..-- + .41

60 11810 10000 52.5 .88 -- -- .38 2.54 + .29

1-7____ ____________________
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TABLE B-13, SPLINE STRESS SUMMARY

PART INTENL SURFACE L
ORN

LDoCATION NUMBER FIIeITY EXTERNAL TREATMENT

z Rotor Shaft (Hub) 301-10401 Fixed Ext. Nylon gI
Coating

W Second Stage Sun 301-10459 Fixed Int. Carb.
HZ First Stage Carrier 301-10413 Fixed Ext.

SSpiral Bevel Pinion 301-10428 Fixed Ext . Carb .
Adapter, S.B. Pinion 301-10463 Fixed Int. --

S-Alternator Drive 301-10451 Working Int. Carb.
E Fan Drive 301-10445 Working Int. Carb.

Hyd Pump Drive 301-10442 Working Int. Carb.
Lubrication Pump Drive 301-10447 Working Int. Carb.

Adapter, Clutch Hsg. 301-11002 working Ext. --

Hsg. Clutch 301-10650 Working Int. Carb.
Clutch, Inner 301-10629 Working Ext. Carb.
S.B. Pinion 301-10677 Working Int. Carb.

Helical Pinion 301-10654 Vorking Int. Carb.
o Adapter, Sync 301-11004 Working Ext. --

M Collector Gear 301-10601 Working Int. Carb.
Adapter, Slant 301-11003 Wozking Ext. --

M Slant Shaft 301-10610 Working Int. Carb.
Adapter, Rotor Brake 301-10682 Fixed Int.

E Gear, Rotor Brake 301-10625 Fixed Ext. carb.
SGear, Rotor Brake __ 301-10625 Working Int. Carb.

Z Quill Aux. L-ab- 301-IO21 Working Ext. Carb.
Z Quill AuX. Lui 301-10621 Working Int. Carb.
0 Gear, Fan Drivt:. 301-10657 working Int. Carb.
U Quill, Far Drive 301-10665 Workino Ext. Carb.

Gear, Lube Pump 301-10659 Working Int. Carb.
"Quill, Lube Pump 301-10668 Working Ext. Carb.
Quill, Lube Pump 301-10668 Working Int. Carb.

Adapter, Brg. 301-11021 Fixed Ext.

Adapter, Eng. Shaft 301-11022 Fixed Int. --

__ Adapter, Eng. Output 301-11005 Fixed Int. --

u 1 Adapter, Brg. 301-11008 Fixed Ext. --

> Adapter, Sync Shaft 301-11009 JFixed Int.

Lube: D - Dry OA - Oil Atmosphere
J - Jet G - Grease
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NOMINAL TORQUESURFACE LUBE NO. PD 1) ENGAGEMENT (OPERATING) fbr fsu

TREATMENT • OF 0 LENGTH (In-Lbs.) (PSI) (psi)
'' TEETH (inches) - finches) (

Nylon II D 58 14.500 4/8 8.21 4+290X10 4950 39600

Coating
Carb. D 81 10.125 8/16 2.08 1.159X106  10900 31500

6
-- D 81 10.125 8/16 2.08 1.159X10 10900 36600

Ca .b. D 66 4.125 16/32 1.00 83800 9890 34400
- D 66 4.125 16/32 1.00 83800 9890 18800
Carb. OA 16 .800 20/40 .95 467 1540 2140
Carb. OA 16 1.000 16/32 1.00 457 914 1721
Carb. OA 19 1.188 16/32 1.00 635 1270 2955
Carb. OA 18 .750 24/48 1.06 305 1.030 2850

-- G 68 4.250 16/32 1.56 44250 3140 19490

Carb. J 68 4.250 16/32 1.56 44250 3140 9870
Carb. j 72 4.500 16/32 1.25 44250 3496 16270
Carbo j 72 4.500 16/32 1.25 44250 3496 6600

Carb. J 72 4.500 16/32 1.25 44250 3496 6600
-- G 70 4.375 16/32 3.10 83800 2825 3K590
Carb, G 70 4.375 16/32 3.10 83800 2825 941.0

G 6 4.0 4 01o0 32 2.25 83800 4656 41560

CarD. G I64 4.000 16/32 2.25 83800 4656 3i.4370

-- D 38 2.375 16/32 1.00 300010 10640 30830
Carb. D 38 2.375 1.6/32 1.00 30000 10640 58520
Carb. J 36 2.250 16/32 .29 25 36 --

Casb. J 36 2.250 16/32 .29 25 36 80
Carb. OA 12 .600 20/40 .38 25 365 500

Carb. G 16 1.000 16/32 .60 461 1537 1370
- Carb. G 16 1.000 1.6/32 .60 .. 461 1537 10660

Carb. J 43 2.688 16/32 .42 110 95 120
Carb. J 43 2.688 16/32 .4' 11.0 95 --
Carb. OA 18 .750 24/48 .62 110 631 1100

D 32 2.000 16 32 2.31 44250 9578 83470
-- D 32 2.000 16/321 2.31 4 250 9578 51980

D 3 2.375 1-/ 32 1', 44250 10060 36190

D 2.813 16/32 2.06 83800 10285 85820
D 45 2.813 1./32 2.06 93300 10285 44370

blawa-AN



wIl

PLAN ViEW

i•[!FOWAR 293 ••-12.035R ,24

1

30I A, A+I

I ;P
23.

[) Figure B-21. Transmission Cover Analysis.

I 237

[I-w f!,nl~vx

-'



ELEVATION VIEW
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_ _ __ _ _ _ __ _ _ _ __ _ ___ _.

TABLE B-14. ROTOR TRANSMISSION UPPER COVER - 301-10456i

FATIGUE ANALYSIS

SECTION PR PZ PT Mx MA My Vx
LB LB LB In-LB IN-LB IN-LB LB

4028 34948 26971 290000 22305 307500 269"
A-A +806 +5216 +3471 +53100 +2870 +39600 434i

B-B 4028 34948 26971 547520 66540 539420 2691
+806 +5216 +3471 +96770 +8560 +69420 434

C-C 3687 34948 29630 272300 18000 324000 296
1+738 +5216 +3816 +50220 +2320 +416010 438

D-D 3687 34948 29630 692600 14600 724420 29C
+738 +5216 +3816 +11900 +1880 +93300 438i

i-
ULTIMATE ANALYSIS

CONDITION SECTION PR Pz PT Mx Mk my
LB LB LB IN-LB IN-LB IN-LB

Normal A-A 14447 136350 71057 1.14x10 6  58700 o810xý

(4 Legs B-B 14447 136350 71057 2.14x1.06  175000 1.42x;

Intact) C-C 14450 136350 71060 1.063xi0 6 43062 .1741

D-D 11450 136350 73.060 2.701x10 6 35032 1.137.
T

Failsafe C-C -10268 143990 67962 I..304x106 41000 .740x;

(Fwd. R/11 D-D -10268 143990 67962 3.162xi06 33512 1i661i
i Leg Out)

Refer to cove7 zketch for Lug Lo;,.d Directions

Refer to section sketch for I.oat Sign Convention
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LEG SECTIONS

Vx Vy V Pz Zx f M.3.

LB LB LB LB IN3 IN IN psi psi

269,1 14452 22857 19677 21.95 81.5 17.2 20350 8720 .02

+3471 +2344 +3419 +3100 +3360 +12301

26971 14452 1834 19677 51.5 208. 31.75 16420 2420 .73

t3471 +2344 +236 +3100 +2430 +360

29630 14800 7410 19642 22.0 77.0 17.0 19450 5670 .15

+3816 +2470 +960 t3097 +3230 +900

29630 14800 8456 19642 67.0 288. 36.6 13480 v876 .68

+3816 +2470 +1090 +3097 +234C +910

Mx My Vx Vy Vy Pz £bx by ft f M.S. _

IN-LB IN-LB LB LB LB LB psi _ psi psi psi

'58700 .810XL07 71057 56600 222C: 76693 52054 9938 3792 17874 +.06

175000 1.42X10 6  71057 56600 4050 76693 4155 c 132F. 2054 3219 +.49

43062 .174xi0 6 71060 56240 17772 76693 4851C, 10000 4500 10677 +.

35032 1.737xi0 6  71060 56240 20275 76693 40000 6050 2090 7236 +.70 ,

441000 .740x10 6  67962 65400 17000 58474 59407 9585 3439 19691. +-01

33512 3. 661x10 6  C7962 65400 19395 58474 47149 5767- 1590 6329, +.54

_____ |1

F-



TABLE B- 14. Continued

FATIGUE ANALYSIS

SECTION Mx My NZ Pz
IN-LB IN-LB IN-LB IN-LB

E-E, Point 1 -398500 -211850 70410 36350
+85000 +30800 +i4040 +4170 j

Point 2

F-F, Point 1 -369300 2343 16880 69410
n+74960 +8219 +15150 -+12920

',• Point 21

Point 3 j

ULTIMATE ANALYSIS

CONDITION SECTION mXp Hyp'2  Mz Pz
IN-LB IN-LB IN,-LB LB

Normal E-E -1.129 1.136 -170150 132880
x106  x106

F-F .7x10 6 .575xi06 130000 3C9950

(1) Alternating Stresses include stress concentration

(2) Fretted point, Fe = ± 2000 psi

(3) Lubrication Jet Hole

(4) About Principal Axes
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BEAPUNG HOUSING SECTIONS

Pz Ix ly I AREA Kt M.S.
IN-LB IN4  IN psi

36350 1076. 161. -300.0 45.7 13000 .76
+4170 +2640

8520 .21
+±1400

69410 1043. 137. -237. 40.9 6430 2.5
+12920 +1510

+ .26

-510 2,50 .02
+2340

Pz MxupQ Myup4 Mzu Pzu M.S.

LB IN-LB IN-LB IN-LB LB

132880 12.5x106  1.92x10 6  18.5x10 6  2.55x10 6  .36

309950 12.5xlO6  1.92xi06  18.5x&O6  2.•28X0 6 1

concentration
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APPENDIX C

METHODS OF ANALYSIS

.TAPERED ROLLER BZARINGS

"This section briefly presents the development of:.

(a) Thrust induced by roller C.F.
(b) Roller/rib load considering externally applied

loads and roller C.F.
(c) Life calculations

Roller loads and nomenclature are shown below.

AR ler C.F.,

D F CUP

Bearing

Symbols not shown above:

S= Roller azimuth location; maximum loaded roller is at g 0°

.Cj, St~ribeck's constant, normally taken as 5.

B = Number of rollers

-K =.389/tan

3 = Correction factor for outer race load. Based on a
comparison of hand and computer calculated lityas
of cylindrical roller bearings.

N Bearing cone speed. rpm.
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SFrom summation of forces in the radial and axial directions,
F and Pf may be written in terma of Q and C.F.

pf Ox SIN (a-6) + C.F. X SXN U

F =O+ C.F. x COS 0
COS(O-0)

Moment equilibrium is accomplished by nonuniform distributions of
F and Q. This, however, is not considered in the following
analyses.
The following figure shows the cone loads and distribution con-

sidered for a bearing under radial load, R.

TI+Tcf R

IIf

8 P~f

S18'0o

Section A-A 8

It is assumed that roller loads, Q, are distributed in some
unspecified manner over the azimuth range of -900 to+90 0 .
Rib loads, Pf, are likewise distributed in some unspecified
manner over the same azimuth range. Since the external radial
load causes the cone to shift radially relative to the cup
(both of which are considered to be rigid), there is no roller-
to-cone contact in the 900 to 2700 azimuth range. Thus, in this
range, P' must react the thrust component of roller centrifugal
force. 245
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By summing forces on the cone in the axial and radial direc-
tions, it is established that:

(a) the roller-to-cone load distribution is
0 = Omax X Cos0

(b) the maximum roller load, Qmax, and thus all roller-
to-cone loads are independent of roller centrifugal
force. .•

(c) Rmx=() Qmax I- X cos0

(d) two components of induced thrust exist

(1) Due to roller centrifugal force

T f x C.F. x cos 0 x sina
If "cos (a-a)

(2) Due to external radial load

K

(e) Cone life can be calculated by standard methods
presented in Reference 12.

Cup life is calculated by considering the probability of non-
failure of the most heavily loaded point on the cup, includ-
ing roller centrifugal force, and by defining an equivalent
external radial load which, when applied without roller cen--
trifugal force, will produce the sawe life as the actual
conditions.

This results in the following:

+ C.F. x RRe =R 1 +Cb xR X COS2•X J]

Next, it is established that the Basic Radial Rating (which is
really the cone's rating) and the cup's rating are related
approximately by

Cup Rating = s(n x BaR

246

I L I



II II
The cup and cone lives are combined as follows to produce the ]
net bearing life.

)9/8 i 9/8 -8/9

Net Bearing Life = Cone Life Cup" LifV

Substituting cup and cone loads and ratings yields the fol-
lowing, which define the Effective Radial Load to be used in
bearing in life calculations.

(si-+ (. 5x3R 3.74-,.268
4 9L + B) C.p. x g x COS 2cZ+ sin ) 4

and

(BRR 0/3 90 x 106 Hours
Bearing L10  = xReff X 60 XN

Rib load and contact stress is significant in the preserva-
tion of an adequate oil film thickness. Table C-1 defines
parameters that influence tapered bearing performance at high
speed. The test bearing varied by a factor of two in cone rib
stresses. Tests showed that an adequate hydrodynamic film was
formed at the cone rib of the 6500 series, while the HM 926700
series was characterized by intermittent scuffing in that area.
The HLH bearings, with one exception, run at or below the
36,133 psi of the 6500 series and are therefore expected to
maintain an adequate EHD film. The aft input pinion bearing
(-10420) is above the test-proven limit. A lower contact
angle bearing with decreased loads and stresses and increased

EHD flim thickness will be available as a backup. Decreasing
the contact angle and other internal changes reduces the cal-
ulated life of this bearing from approximately 3500 hours B-10
to 1800 hours.
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_LANET BEARING LIFE

Planet bearing lives are celculate3. by the method presented in
Reference 1I. Thiis appendix preslents a brief discussion of

this method and the derivation of a life experience factor for
the planet beaiings.

Plxnzeb gear Lcading is shown in the figure below together with
thct planet bearing roller load gene-rally assumed. This ideal
roller load distribution is based on the assumption that both
the inner and outer races are rigid.

I ?&~.~vTK ~ and EARING OU'TER RACE

IDEALGBEARINGHLOA AR
DISTRIUTIONiID

ascumpion o a ziid innr rac is 'A' ualo(e

theR plntpotth sumto o igdcatrrc

Whie tcoanampideroablegi inacry noer thate the effectofthbe-

gear tohloads adroller loads as shown in to deflect tiw
gear ingmarard atpoints 'A' and outward at point W', thus
alteingthe roller load diatitbution. The actual load dintri-
bainis typically oriented aui showii in the. following fiy-,ze,

whnthe finite gear stiffnern-- is inc-luded cs in Reference '1l.

Teanalysis has bee"1 incorporated into computer program
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,

BEARING OUTER RACE

FINITE STIFFNESS 

"-

INTEGRUAL 

BEARINGA

(rYPIC•AL)

The experience 
factor is based on testing of th le CH-4` -7 •-• ''•

stage p lanet bearing , primarily 
from fa ilures in the • : , -

gram of Reference 19. The test results are presented 
i;, - ',ibu~l

plot form in rigure C-1 and indicate a B-30 life of 490 houw-w.

The calculated 
life of t~his bearing, per PLANET I, is 1.60 nokýArs,,

thus indicating 
that a factor of 3. 06 may La Lipplied to calu-fated lives to predict actual lives.
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LEGEND

* Roller Failure Only

a Inner Race Failure Only

Router Race Failure Only 100

*Inner Race & Roller 90
S-Failure

80

NOTES 70

1 -All Lives Referred 60

t-) 6000 HP 243 50
Rotor RPM

2 -Rolle'rs an(! Inner
Race are CEvM M-50 30St+eel •]'•

20

LIF'E - IIGURS

WETBUjLL 9ROBABILITY PAPER

n - 100 Specimens

16 Failures

K =4__0=3.06

106

Figure C-!. Ch-4"C 2nd-Stage Planet Bearings.
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COMPLIANT ROLLER ANALYSIS BASED ON TESTING BETWEEN PLATES

This section presents a brief discussion of the techniques used
in the compliant roller analysis. A detailed discussion is
presented in Reference 20.

Planet bearing sizing for B-10 fatigue life requirements has a
direct influence on the pitch diameter size of the planetary
ring gear. To minimize the size and weight of the ring gear,
the capacity of the planet bearings must be improved. Boeing-
Vertol's current design practice is to use self-aligning spher-
ical roller bearings to accommodate planet bearing post de-
flection. For the HLH 2nd-stage planetary system, studies were
conducted to determine methods of providing improved bearing
capacity at reduced weight and size.

These studies have shown that cylindrical roller bearings could
provide increased capacity compared to spherical roller bear-
ings and thus provide higher fatigue life. The objection to
cylindrical roller bearings is their inability to accommodate
misalignments on the order of .003 inch/inch slope. Field ex-
perience and testing of cylindrical roller bearings, even with
special crowned rollers under misaligned condition show a
drastic reduction in fatigue life. Therefore, to take advan-
tage of the higher capacity, a significant improvement in mis-
alignment capability must be incorporated into the cylindrical
roller bearing.

The results of the above studi s showed that a cylindrical
roller bearing design using a -. 25-inch--daimeter roller and a
length of 1.50 inches provided a required B-10 life in excess
of 2,000 hours while meeting all the design objectives.

To reduce the influence on fatigue life of an asymmetrically
loaded cylindrical roller bearing, compliant (hollow-ended)
cylindrical rollers were used to supplement the standard crown
modification. The unique hollow-ended roller design was de-
veloped by the Rollway Bearing Company, Syracuse, New York.
Rollway was subcontracted to investigate the use of such a
design in the HLH rotor transmissiori planetary system and to
provide a method of analysis.

The "Footprint" technique is the key to accurately determining
the static contact areas from which comparisons may be made to
select a bore/crown relationship yielding the best load distri-

bution for the specified operating conditions. Permanent re-
cording of the contact area is made possible by using chemically
etched steel plates.
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This accurate description of loading on the rixling element
iS of great importance, as it serves as the basis for the
determination of the stress distribution in the body. The
contact stresses in a solid roller due to the deformation of

-: a local area from the afplied lcjd contact aro determined in
Sa straightforward manner using classical equations. However,
analyzing the stress distribution in a hollow-ended roller isi: not a routine problem; additional stresses are involved due

to rim deflection, which must be combined with the contact
stress state to yield ar1 accurate stress determination. A

* three-dimensional finite element elasticity study wias used
to determine the stress state in the flexible rim section due
to deflection. This computer program provides a numerical
solution for the stresses induced in a conical shell elasti-
cally supported et one end and under the influence of an

4 asymmetrical seif--equilibrating line load. The results of
J the finite element analysis when properly combined with the

local Hertzian contact stress yietd an ac.curate description '

of the subsurface shear stress state in the hollow-ended rol-
ler which may be compared to the subsurface shear stress
state existing in a solid type roller subjected to identical
operating conditions. Knowledge of the peak boze ,itrcss and
maximum subsurface shear stress a].llows a decision on rollerI •feasibility to be made.

The planet bearing design procedure becigac with the basic
sizing, using the PLANET I analysis described on page 249. As
discussed there, this analysis incilc.-ec the effe..:t a flx
ible outer xace and a mate.rial correction. Eowever. it does

not have the capability of including misalignment, or conm-
pliant rollers.

This defined the bearikg containing 1.25-inch diameter x
1.5-inch length rollers described above.

To include the effect of misalignment, i.e., roller edge load-
ing, computer program S-04 was used to estimate the pe-ak
roller stress and reduction in life due to misaligniment on a
bearing containing solid rollers. The techniques used by the
Pollway Co., as described above, provided the reduction in
peak roller stress to be expected when the solid rollers are
replaced by hollov-ended compliant rol lers operated at similar
misalignments. Since life is relatýd to rolLer stress. the
life improvement resulting from complf.ancy can be estimated.
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TRANSMISSION NOISE

The internal noise criterion is that production aircraft noise
levels shall not exceed MIL-A-8806A Tables I, II, and IV in
the cockpit and troop compartment, at design gross weight, and
during thŽ HLH mission profile. Figure C-2 shows the predicted
sound pressure Y-evels from untreated and treated transmissions
and transmission enclosurcEa compared to the specitiuatiou.

From this chart, it can be seen that. :uLed shafts and ring
gear are predicted to reduce SPL by 17 dB. Tuned trartsmission
shafts have been adjusted in mass and stiffness characteri£tics
tc minimize vibratory amplitude at the bearing supports and
gear meshing pointis, During the ATC design prograem, experi-
mental verification was obtained that these vibrations can be
analytically predicted. Further, it was shown -hat predomi-
nate noise frequencies coincided with the shaft excitations,
supporting the theory that the noise is generated by gear iwesh
irregaiarities transferred from bearings to the exterior.

During the bIench test program, comp_=risons will be made of SPL
output from tiunsmission components which bave beei, designed
to minimize vibratory response &nd from components cimilar in
tunction but designed without this consideration.

CoatCings of viscoelastic materials are shown to pzovide a
futýther 10-dB reduction. Acousticsr laboratory tests perforned -'

2n the ATC program gave evidence that these coatings ar:e et'
tactive in suppressing noise. The methods of application and
areas to be covered depend upon the effectiveness of the third
element of the noise reduction program: the 27-dB enclosure
which forms the transmission compartment. Trade-offs between
applying the coating to the transmission case or to the en-closure will be dc.veloped in futuire testing and in design
studies.

While the noise level reduction required in the HLH is greater
than it is in lower-powered helicopter transmission systems,
the ATC program has defined several areas whereby this re-
duction catn be attained at weights less than predicted by
conventional approaches.
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CALCULATED NOISE LEVELS FOR CUBIC MEAN TORQUE

FULL OCTAVE ANALYSIS

2 5 a 10 1000 2 6 10000

i2 45IO 3i k 1 40 0 s 1120

BEVEL MESH-
FREQUENCY

4925 !ftz

1.30-

% 'LOWER STAGE
C,' SUN MESH

Z FREQUENCY

a6 b120 - 1439 Hz

PREDICTED NOISE LEVEL iSHAFTS

AT FLIGHT ENGINEER STATION'
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.Figure C-2-. ~Compacison of Predicted Baseline Transmission
Sound Spectriun to Mil-Spec.
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FINITE ELE1'NT STRESS ANALYSIS OF GEARING

Finite element stress analyses were conducted to determine

the state of stress for the 1LH aft input pinion. Loading

conditions were imposed on the finite element models to simu-
late the influence of applied input torque as the pinion

teeth roll through mesh.

Finite Element Method.

The Gleason method of finite element analysis is based on the

FEABL program,* which was developed by M.I.T. under Air Force

Contract P44620-70-C-0020. FEABL has recently been expanded

by a cooperative effort between the Gleason Works and M.I.T.
to include out-of-core storage capabilities and substructuring

by static condensation.

The analysis reported here incorporates solid element Hex 24,
which is a quasi-linear, 24-degree-of-freedom element, and
models the pinion as four distinct substructures as shown in
Figure C-3. Three of the substructures represent three neigh-
boring pinion teeth and portions of the pinion blank beneath the
teeth; the fourth substructure represents the continuation of
thc pinion blank ~inus the' teea-h Deletion of the remaining
pinion teeth, normally associated with the fourth substructure,
is done to reduce model sizes and to reduce computer run times.
It is felt that teeth more distant than one tooth away from the
loaded tooth do not significantly affect the stress distribution
tion in the vicinity of the loaded tooth.

The primary advantage of substructuring the pinion as shown
in Figure C-3 is that the assembled pinion (the global system)
represents the same total number of degrees of freedom as
the assemblage of four substructures but contains a reduced
number of global, degrees of freedom to be solved. Consequent-
ly, the reduced number of degrees of freedom represents
significantiy reduced solution times. Coupled with one or
more runs of the same assembled global system but with differ-
ent applied loads, a considerable savings in computer time
can be realized.

*FEABL (Finite Element Analysis Basic Library), 0. Orringer
and S. French, ASRL, Dept. of Aeronautics and Astronautics,

M.I.T., Cambridge, Mass., August 1974.
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A secondary advantage of substructuring is that individual
substructures can be updated or modified without the expense
of rerunning all other substructures in the model.

Significance of Stress Numbers Obtained from Finite Element
Analysis

Because of the accuracy problems inherent with any numerical -
stress method, such as Finite Element, the magnitudes of the
stress numbers should be assumed to be no more accurate than
about 75% of the true stress values. The relative changes in
stress numbers, however, as pinion design parameters are
changed, may be as accurate as 90%, or more. These accuracy
limits should be considered as rough guidelines in interpret-
ing the stress numbers, as isolated portions of the tooth
model may significantly deviate from these estimates.

Pinion Model Description

The general shape of the pinion model is equivalent to the
spiral bevel parameters listed on Gleason dimension sheets.
However, one exception is that the spiral bevel tooth form
has been replaced by a straight bevel tooth form with the
same general tooth depth and taper. This simplification
und~x~d t the iioudified contautL iatio and eliLiL±aLts tdooh

curvature as an influence. It is felt, however, that for the
purposes of initial analysis, the simplifications listed
above will not greatly affect the stress numbers. Further
developments of FEABL now have included tooth curvatures.

Tooth loading, as the pinion model simulates a rotation
through mesh, is shown in Figure C-4. The tooth form shown in
Figure C-4 ic the projected layout of the pinion tooth at the
mean section of the tooth. Contact between the pinion and
gear teeth is assumed to cccur where the surfaces of the
teeth intersect the line of action as defined in conventional
bevel gear theory.

Four distinct load positions are shown in Figure C-4 represent-
ing four rotated positions of the pinion and gear tooth. A I -

total of seven stresses representing a roll-through mesh can
be obtained from these four load positions. As an example,
to calculate the points for the full contact root stresses,
the stresses could be taken from point BT (Figure C-4) for load
positions 1 through 7. However, due to symmetry, it is noted
that the stresses at BT caused by loads at positions 5 through
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7 are the same as stresses at CT caused by loads at positions
2 through 4. Therefore, the four load positions give all the
information necessary to plot the stresses resulting from a
roll-through mesh.

Total pinion tooth loading is assumed to be statically equiva-
lent to a transmitted torque of 84,000 lb-in. Assuming an
average pinion tooth radius of 4.433: at the pitch point, the
average load per tooth is approximately 19,000 pounds. It is
further assumed that when two teeth are in contact, the total
load of 19,000 pounds is divided evenly between the two teeth.

In general, the finite element model load points are posi-
tioned such that the height of the loads above the pinion
axis are in agreement with the tooth roilout of Figure 76
In the case of loads along the face of the tooth, when there
is less than full-width tooth contact, the load values have
been weighted according to the reduced area of contact and
in keeping with consistent loading methods of the finite
element technique. Actual loading patterns used in HLH
analysis are shown in Figures C-5 and C-6.
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•. FULL CONTACT

I

S~~19,000 Pounds Evenly Di.stributed -

4,750 lb 4,750 lb 4,750 lb

2,37 lb 2,37 I -
-[I I Finite Element Equivalent

II

MEAN CONTACT

II
19,000 Pounds Eventcaly Distributed

9,5l ,75001 b 75b

4,750b lb lb50l

I. Finite Element Equivalent
r~i

Figure C-6. Finite Element Modeling of Distributed Loads.
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HIGH CONTACT RATIO GEARING

The methods of analysis utilized in the design of 11CR gearing
are essentially the same as those used for standard gearing.
The major difference occurs in the magnitude and location of
the maximum tooth loads. The maximum load on a standard con-J tact ratio gear tooth occurs at the highest point of single
tooth contact. In addition, the full transmitted load is
carried by a single tooth pair over much of the tooth flank.
In contrast, the maximum load on a high-contact-ratio gear
tooth occurs in the vicinity of the pitch line. The full trans-

*1mitted load is never applied to a single tooth pair. In fact,
due to the alternate 2 and 3 pair contact, the maximum load
applied to a single tooth pair is less than 65% of the -otal
transmitted load.

HCR gearing utilizes a basic involute form but changes are
made to the addendum area, tooth root, whole depth, pressure
angle, etc., to increase the profile contact ratio from 12 -

1.35,which is typical of standard involute gearing to over
2.1. Thus for a high contact ratio gear set three pairs of
teeth share the load during entrance and exit and in the
vicinity of the pitch line, while for standard gears two pairs
of teeth carry the load for a short time at entrance anid exit
and a single pair of teeth carry the full load during the
remainder of the mesh cycle. The mesh action of the HCR and
standard designs are shown in Figure C-7. The alternate
two- and three-pair load sharing for HCR gears has been veri-

Sied .experimentally (in a pri Nf unde program) as ahown

in Figure C-8 by a strain survey

The advantages of HCR gearing include lower stress levels per
unit load (thus permitting greater loads to be carried with-
out exceeding basic stress limits), lower noise and vibration

* levels, improved reliability, and generally smoother mesh
action. During an HCR test program conducted by Boeing Vertol,
noise and vibration measurements were taken for both HCR and

* standard baseline gear sets of equivalent configuration.
Although noise measurements made during the test program were
not absolutely definitive, a significant reduction in noise
level resulted. The vibration level of the HCR gears, as
measured by an accelerometer attached to the test gear case
and monitored on an oscilloscope, was only 1/2 to 2/3 that
observed for the standard gears operating at the same loads
and speeds.

The increased load capacity of HCR gearing is, of course, its
most s&gnificant advantage. By increasing the number of teeth
in contact, the maximmn load which must be carried by any
single tooth is reduced, thus for a constant stress level, the
HCR design will carry more load. Conversely, for a given
* load, the FICR set may be made with a smaller face width and
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THREE POINTS OF CONTACT

41

HIGH-CONTACT-RATIO GEAR TOOTH CONTACT

TWO PON'7S O CIONTACT

STANDARD INVOLUTE GEAR TOOTH CONTACT

Figure C-7. Basic Meshing Principles of Standard Involute
and High-Contact-Ratio Gearing.
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thus be lighter in weight. The data obtained from the strain
survey shown in Figure C-9 was also utilized to develop the
tangential tooth load distributions shown in Figure C-9. The
maximum load applied to any single HCR tooth can thus be seen
to be only about 63% as great as the maximum load carried by
any single standard tooth of equivalent design. This sharing
of load also reduces the magnitade of the dynamic engagement
and disengagement loads to provide quieter, smoother action.
Helical gears are often used at high speeds to provide smooth
action. This smoothness of action is obtained by the face
overlap obtained from the helical tooth shape. Typical air-
craft helical gears have face contact (overlap) ratios in the
range of 1.5 to 2.0 yielding a net total contact ratio in the
range of 1.6 to 1.5. HCR spur gears provide similar high
speed characteristics without the disadvantage of thrust load-
ing, however, the HCR concept can also be applied to helical
gears to further improve their contact ratio while minimizing
the thrust loading.

In addition to a reduction in the magnitude of the maximum load,
the location of this maximum load along the profile is different
on an HCR design. Unlike the standard gear which sees maximum
load at the highest point of single tooth contact, the maximum
load on an HCR gear tooth occurs very near (just below) the
pitch diameter, as shown in Figure C-10. The combination of
lower tooth loading and load repositioning produces root bend-
ing stresses approximately 20% less than an equivalent stand-
ard gear.

Similarly, the reduced load spectrun along the profile results
in a substantial reduction in contact stress. The relative
load capabilities of a typical set of standard and HCR involute
gears is shown in Figure C-11.

As might be expected, there are limitations on the design and
application of HCR gearing systems. The primary problem area
is in the somewhat higher sliding velocities and slip ratios
which occur, particularly in the pinion dedendum area, due to
the extended contact length. In many cases, this does not
cause a significant problem. In other applications, such as
the Heavy Lift Helicopter drive system, HCR gearing is coupled
with the added benefits of an advanced gear material to yield
a substantial net improvement in system capacity. The advanced
gear material (BMS7-223 developed by Boeing Vertol) provided
the increased 6arface durability required to allow the HCR gears
to operate at slightly increased sliding velocities.
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I
TOOTH

HIGH-CONTACT- STANDARD-CONTACT-
RATIO TOOTH RATIO TOOTH

TOOTH SPACE
ct TOOTH SPACE

SPITCH
SDIAMETER O

/t/ •'t/,

RF CRITICAL SECTION +

t/2

LEGEND
"t TOOTH THICKNESSATCRITICALSECTION

RL = LOAD RADIUS
RF = FILLET RADIUS
L = LOAD ANGLE

HPSTC = HIG~HEST POINT OF SINGLE TOOTH CONTACT

Figure C-10. Comparison of Standard and High-Contact-Ratio

Bending Stress Layouts.
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APPENDIX D

DESIGN SUPPORT TEST SUMMARIES

The following pages summarize the various test programs con-
ducted in support of the drive system design and presents
conclusions based on the results.
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HIGH-SPEED TAPERED ROLLER BEARINGS

Background and Purpose

An initial high-speed tapered roller bearing development pro-
gram, undertaken by Boeing Vertol Company and Timken Company,
indicated the feasibility of the use of tapered roller bearings
in a high-speed helicopter transmission. This program proved
that a 3.5-inch bore modified tapered roller bearing can be
operated at approximately 20,000 fpm cone rib velocity (16,000
rpm). At the conclusion of this initial development program,
it was determined that additional work was needed to optimize
the bearing design and lubrication system parameters. A Gov-
ernment contract was obtained to further evaluate the per-

formance of tapered roller bearings analytically and experi-
mentally. This work was reported in Reference 21.

Although the high-speed and load capability of tapered roller
bearings has been demonstrated, additional test work was
necessary to evaluate larger tapered roller bearings for appli-
cation in the HLH Drive System. The increase in bearing sizes,
increase in loads, higher speeds, and the steep-angled
HM926700 series bearing were to be evaluated under HLH opera-
ting conditions.

The objective of this program wa• to develop a tdpUe1d roller
bearing for an HLI1 application by t tsting and evaluating the
HM926700 series tapered roller bearing at the loads and speed
of the HLH combining transmission input pinion gear. The basic
tapered roller bearing design parameters, oil-flow rates,
initial test machine bearing adjustment, and emergency self-
lubrication feasibility were to be determined.

The test program was organized to inbestigate and evaluate the
following objectives:

* Design and build a high-speed tapered roller bearing test
machine capable of testing 9--inch to 20-inch OD bearings
at speeds up to 14,000 rpm with a maximum applied radial
load of 25,000 pounds and a maximum applied thrust load
of 10,000 pounds.

* Determine the number and size of radial lubrication oil
holes required in the HM926700 series bearing.

* Develop the HM926700 series steep-angle (26o9') bearing to
run at 14,000 rpm. The 14,000 rpm speed is an overspeed
condition and was changed during the program to 11,500
rpm, corresponding to the in-flight cruising speed.

271



S Evaluate selected materials that could be used in a fail-
safe bearing desiqn. The evaluation of these materials
was to be performed in a Timken lubricant and wear test
machine.

* Evaluate two fail-safe bearing designs and determine the
wear characteristics of the better of these two designs
when operating in oil.

5 Run a repeat fail-safe test on four previously tested
fail-safe bearings.

* Test additional modified HM926700 series bearings to
determine an optimum bearing setting (end-play adjustment)
and an optimum oil-flow rate both to the large and small I
end of the bearing.

5 Conduct a tapered roller bearing cone-flange oil distri-
bution spin test to evaluate the effect of the angle and
length of the radial lube holes in the cone which will,
in turn, provide adequate oil distribution to the cone
rib/roller end contact area.

* Manufacture and test the XC11439 series bearing (Boeing
Vertol P/N 301-10676) in the high-speed test machiine.
This bearing represented the acutal bearing used in the
HLH/ATC combining transmission.

* Test four XC11439 series bearings (Boeing Vertol P/N
301-10676) for 150 hours or until damage occurs.

The results of these tests were used to establish the final
design and installation requirements to be used in the high-
speed tapered roller bearings in the HLH/ATC aft and combining
transmissions.
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Summary

The data derived from this program show that modified high-
N speed, steep-angle, HM926700 series bearings and shallow-

angle, XC11439 series bearings can be successfully run at
14,000 rpm and 11,500 rpm, respectively, under a wide range of
loading and can also withstand relatively high acceleration
rates. Certain design, adjustment, and metallurgical consider-
at .ons were found to be necessary and are covered in the
detailed conclusions which follow.

Current technology and materials have not been developed to a
point where it is possible to make a fail-safe (30-minute
operation without oil) bearing for operation at these speeds
(20,000 fp'm tangential cone rib velocity). Length of opera-
tion without oil varies exponentially with speed dropping off
sharply from 30 minutes above 6000 fpm cone rib velocity.

An alternate source of lubr-cating oil for fail-safe operation
is the best approach to this problem. Previous work has shown
that the tapered roller bearing can operate with small quanti-
ties of oil, thus making an alternate source practical.

Design and Build a High-Speed Tapered Roller Bearing
Test Machine (Figure D-l)

A high-speed tapered roller beaihig test machinc "•'as designed
and built for this program to specifically test the HM926700
series bearing (9-inch OD). In the latter portion of the test
program, the machine was modified to test the 8-5/8-inch OD
XC11439 series bearing (Boeing Vertol P/N 301-10676). This
machine is also capable of testing up to a 20-inch OD bearing
with the proper modifications. Some minor machine shortcomings
were discovered and corrected during testing. Basically, this
machine performed satisfactorily throughout this test program.

Determination of N'umber and Size of Radial Lubrication Oil
Holes in the HM926700 Series Bearing

Forty 0.040-inch.-diameter radial lubrication oil holes were
needed to adequately lubricate the roller end/cone rib contact.
The size of the holes could be substantially smaller than
0.040-inch diameter; however, the size was set at a minimum of
0.040 inch to prevent foreign matter from clogging the holes
and restricting oil flow.
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Development tests - Modified HM 926700 Series Bearings

The modified HM926700 series bearing can be operated at 14,000
rpm (25,000 fpm) under 15,619 pounds radial load and 4394

k. pounds thrust load and 195 0 F oil inlet temperature. The bear-
ing cup OD temperatures, when tested under these conditions,
ranged from 325 0 F tc 335 0 F. Some of the bearings had spalls
on the cone races after the test as a result of geometry dis-
tortion due to the temperatures exceeding 300 0 F.

The modified HM926700 series bearings can be accelerated from
0 to 10,000 rpm in less than 30 seconds and from 10,000 to
11,500 rpm in less than 5 seconds under 10 percent load (1230
pounds radial and 440 pounds thrust load applied to
housings) from a room temperature oil or preheated oil start.
After running at 11,500 rpm under 100 percent load (12,300
pounds radial and 4394 pounds thrust load), the bearings can
be accelerated to 14,000 rpm in less than 5 seconds under 75
percent thrust loads.

Evaluation of Fail-Safe Wear-Resistant Bearing Materials

Tests in the Timken lubricant and wear test machine showed
that Borkote materials show the least amount of wear during
the oil-off tests. Tests also showed that the LP alloys gave
the best overall life with a reasonable amount of wear. The
LPA 404 alloy with 40 percent 4600 steel binder was the best
of the LP alloys tested.

Evaluation of Two Fail-Safe Bearing Designs

Bearings with LPA 404 with 40 percent 4600 steel binder applied
to the cone large end rib performed better than Borkote applied
to the rib under fully lubricated conditions. The bearings
with LP alloy applied to the rib were run for 24 hours with no
abnormal wear. At the end of 24 hours, the oil was shut off,
and the bearings continued to run for 8-1/2 seconds. The goal
was 30 minutes operation without lubricating oil.

Repeat Fail-Safe Test

* A repeat fail-safe test was run with four bearings with LP
alloy that had been previously tested. This test was run for

2 3 hours before the oil was shut off. The bearings continued
to rotate for 10 seconds. A suitable wear-resistant fail-
safe material and a method of attaching this material to the
bearing has not been reached with our present technology. An
alternate source of lubricating oil should be considered as a
fail-safe lubrication system.
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Additional HM926700 Series Bearing Tests (See Figure D-2)

These tests showed the best bearing adjustment to be between
0.001 inch and 0.0035 inch end play. Bearipg damage occurred
when the end play was reduced to less than 0.001 inch and
increased above 0.0035 inch.

The only significant difference from bearing sets appeared to
be the level of retained austenite. Higher levels of retained
austenite were less resistant to scuffing damage between the
roller end and cone rib at the higl.hr stress levels in steep-
angle bearings. More work is needea Lo verify this conclusion,
since the data obtained in these tests is very limited.

Tapered Roller Bearing Cone Flange Oil Distribution Spin Test

Results show that there is good correlation between the high-
speed strobe light photographs showing the oil distribution
from the radial oil lubrication holes and the computer program
used to determine the percent of adequate lubrication at the
cone rib interface.

Testing of XC11439 Series Bearings

Testing of the XC11439 series bearing was successful. Seven-
teen bearings in eight test setups were tested during this
phase of the program. The duration of testing ranged from 1
hour to 126 hours. Three of the bearings had accumulated 150
hours.

As was expected, the bearing end-play adjustment had to be
increased slightly with this shallow-angle bearing over that
for the steep-angle, HM926700 series bearing. Successful tests
were run with bench bearing end-play adjustments ranging from
0.0035 inch to 0.005 inch. A bench bearing end-play adjustment
of 0.0025 inch resulted in prematur6 bearing damage in one of
the tests.
A mathematical approach to predicting start-up bearing adjust-
ment (running approximately 5 minutes) and level off condition
bearing adjustment (running several hours) has been developed.
It shows that under the successful bench end-play bearing
adjustments that were tested, the bearings were actually
slightly preloaded under level-off test conditions.
Based upon the data generated, the design HLH/ATC high-speed
tapered roller bearing used in the att and combiner trans-
mission has finalized. A total of 10 different size tapered
roller bearings will be tested by Boeing Vertol in both bench
transmission and DSTR test stands prior to installation into
the prototype HLH.
A complete report on the test program is presented in
Reference 22.
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COMPLIANT ROLLER BEARINGS

Background and Purpose

The main gearboxe' -urrent Vertol helicopter power transfer
systems use sphei 'ler bearings in their planetary gearsystem. With eve ing power requirements, the use of
this type of bearn ;rely restricts the use of optimum
gear sizes and the -ntial weight reduction in this area.Spherical roller bearings have been mainly used for their
ability to accommodate post deflections and misalignments which
are experienced in the planetary gear system.

Trade studies have shown that cylindrical roller bearings could
provide greater capacity in the same size bearing and thus
provide higher fatigue life. The only objection to cylindri-
cal roller bearings is their inability to accommodate severe
misalignments. Field experience and testing of cylindrical
roller bearings, even with special crowned rollers, under
misalign condition show a drastic reduction in fatigue life.
Therefore, to take advantage of the higher capacity ratio, a
significant improvement in misalignment capability must be
incorporated into the cylindrical roller bearing.

The primary objective of this program was to determine the
feasibility of using a tandem cylindrical roller bearing with
modified hollow-ended rollers (Figure D-3) to function under
severe upenatiiiy cofldiLioiLS in the [IL"-n rotor .J...n.m.c.ion' "S£ 2nd-
stage planetary system (Figure D-4). Static roller tests were
performed to establish the optimum roller crown and hollow-end
configuration which is capable of supporting high loads and
misalignments. The test loads were established by bearing
computer analysis of the HLH rotor transmission's 2nd-stage
planet bearing which accounted for internal load distribution,
internal clearance and flexibility of the planet gear. Testing
was conducted between tandem hollow-ended rollers and flat
plates to determine the load distribution on most heavily loaded
rollers under the following specified load and deflection con-
ditions:

* Load Condition - 18,000 pounds (equivalent to 10,400 hp
to rotor transmissions)

12,000 pounds (equivalent to cubic mean
load of 7200 lip to rotor transmissions)

8,000 pounds (lower power rating)
* Misalignment -. 003 inch/inch

The results of these tests determined the feasibility of using
a bearing with tandem hollow-ended cylindrical rollers operat-
ing at high loads and misalignment.
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, 1.5 Diameter x 1.50 Length
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Figure D-4. HLH Design Study - Planetary Bearing
(second-Stage Planet).
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Conclusions

The following sequential descriptions, with appropriate
conclusions, logically include all conclusions reached as a
result of the various investigations in this development
program.

i.The conclusion resulting from a "Footprint" stuady to
:determine the influence of roller crowning on solid

roller load distributions for 18,000 pounds applied
load per roller set and .0005 inch/inch misalignment
is as follows:

The solid roller with crown geometry #10,Table D-I,
produces the best "Footprint" considering end of
contact shape.

2. Crown #10 was applied to various hollow-ended roller
configiurations which were then subjected to an 18,000
pound load and .003 inch/inch misalignment. The
following conclusion was made with respect to bore
shapa sc.cction:

The roller with bore configuration 3 (Figure D-5) was
responsible for the best "Footprint", considering both
end of contact shape and maximum contact width.

3. A "Footprint" analysis was performed on this contact
area yielding the load distribution on the roller. These
results provided input data for a comprehensive stress
analysis on the hollow-ended roller rim. Specific con-
clusions regarding the stress state existing in the rim
of the most heavily loaded roller in the tandem set are
as follows;

a. The maximum shear stress located just inside the
bore surface is 40,000 psi and is well within
acceptable limits.
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b. The maximum subsurface shear stress (resulting from
combining the Hertzian contact stresses with those
induced from rim deflection) found near the surface
of the roller, directly under the plane of the load,
is 1.02,000 psi and is a reasonable static stress
level.

c. As the significant shear stress at the outside dia-
meter is substantially greater than that found in
the bore, and assuming a good bore finish, the
failure mode in the hollow-anded roller will be
conventional outside diameter fatigue spalling, which
is normal and predictable.

4. Tailored crowning was considered for the hollow-ended
roller for operating conditions of 18,000 pounds load
per roller set and .003 inch/inch misalignment. Con-
clusions from this investigation are:

a. The oest bore/crown relationship for the above speci-
fic conditions is bore 3 (selected previously) with
crown #11 (Table D-1).

b. A reduction in the previously established maximum
shear stress level (102,000 psi) is possible
employing the above bore/crown combination.

c. "Footprints" created at 12,000 pounds and 8000
pounds with .003 inch/inch misalignment also exhibit
satisfactory contact shapes.

5. Comparing a hollow-ended roller "Footprint" set to a
respective solid roller set for the same application
(18,000 pounds and .003 inch/inch), the following
conclusions apply:

a. The applied load is shared more favorably by the two
hollow-ended rollers (heaviest loaded solid roller
supports 16,029 pounds while the respective hollow-
ended roller supports 14,938 pounds).

b. A 20% decrease in the subsurface maximum shear
stress level found when comparing a hollow-ended
roller to a conventional solid roller results in
a signiticantly greater L1 0 tatigue ilie tor the
hollow-ended type.

c. The maximum Hertzian contact stress of the hollow-
ended rcller is 350,000 psi compared to a stress of
approximately 400,000 psi for the solid roller
configuration undez identical load conditions.
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TFABLE D-1. TEST ROLLER CROWN GEOMETRIES

C ONCROWN CR•OWN C ROWN
NO. RAD (R)-INo LENGTH (a)--IN. DROOP (6')-IN.

1 200 0.200 0.0004
2 200 0.280 0.0006
3 150 0.220 0.0006
4 120 0.170 0.0006
5 260 0.360 0.0006
6 110 0.204 0.0008
7 70 0.175 0.0010
8 110 0.740 0.0021
9 110 0.259 0.0010

10 70 0.197 0.0010
11 53 0.185 0. 0013
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d. Life comparison based upon these conclusions for
various HLH planet bearing configurations is shown
in Figure D-6. These results show that the hollow-
ended cylindrical roller bearing configuration pro-vides the best life performance under the expected
HLH operating conditions.

Although the data generated in this development program is of
a conclusive nature as far as design feasibility is concerned
with the assumed operatipg misalignment, it does not prove
whether the proposed bearing, which includes hollow-ended
rollers, will function with maximum benefit under the actual
misalignment conditions which may be more or less severe than
anticipated. In this application, because of the complicated
nature of deflections involved in components other than
bearings, it is vezy difficult to analytically determine the
precise deflection expected to exist at the bearing locations.
If the misalignments are found to be not as expected, the
roller geometry may need further refinement to result in a
more favorable load distribution, hence increasing reliability
and life. The basic "Footprint" method may be extended to
include evaluation of whole bearings.

A complete report on the test program is presented in
Reference 20.
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ROTOR SHAFT BEARINGS

The HLH rotor shaft support bearing requirements are directly
influenced by the rotor head loads and the type of bearing
configuration used to react these loads. To minimize the size
and weight of these rotor shaft support bearings, the highest
capacity bearing configuration must be used. Trade studies
were conducted to determine the most efficient method of react-
ing the HLH rotor loads. The design study was conducted using
the following ground rules:

1. Bearings to react rotor loads based on 118,000 pound
gross weight and 60 flap angle

2. Rotor head loads for the above condition are:

Thrust 70,800 pounds
Drag 15,030 pounds
Moment 872,000 inch-pounds
Speed 156 rpm

3. Minimum bearing B-10 life of 2000 hours under
these conditions

4. Bearing pitch diameter to be appia~ximatell
24 inches

The bearing configuration which meets the above QriLeiia was I
duplex-mounted tapered roller bearings (Figure D-7) which had
pitch diameters of 23.5 and 24.0 inches and contact angles of
35 and 45 degrees. In addition, these bearings were designed
with pin-type cages which provided for maximum capacity with-
in a given cross-sectional area. The pin-type cage allows for
the rollers to be guided by pins through a hole in the center
of each roller and allows for minimum space between rollers
so that the maximum roller complement can be achieved.

The use of tapered roller bearings to support combi ýed thrust,
radial, and moment loads is iot new; but because of several
departures from conventional bearing size and geometry config-
uration, a test program was conducted to evaluate the effect
of the following critical paramete-s:

1. Effects of high contact angle on bearing performance

2. Effects of azimuth variations in stiffness of the

bearing housing on the internal load distribution
of the bearings

3. Effects of various preloads on bearing performance
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4. Effects of low oil film thickness on bearing life

5. Effects of pin-type cage on bearing performance
and life

The above parameters were evaluated in a back-to-back test rig
which was designed to simulate the expected loading, lubrica-
tion system, housing stiffness, and preload of the HLH aft
rotor shaft bearing application.

Three sets of bearings were designed and fabricated at the
Timken Company, Canton, Ohio, to the specifications defined
by Boeing Vertol.

After completion of the design and fabrication of the test
bearings, several design changes were made concerning the HLH
transmission bearings which resulted in dimensional changes to
the rotor shaft bearings. A comparison of the test bearings and
the actual transmission bearing is shown in Table D-2. These
changes basically were the results .f weight savings effort
and design load changes. The test bearings used in this prog--
ram simulated all the meajcr dc:Lign factors and therefore were
tested to evaluate the HLH rotor shaft bearing application.

Accelerated-life testing was conducted with ratios from .28 to
.36 between calculated test life and calculated service life.
The service life calculation was based upon the thrust and
moment conditions previously defined.

Summary of Testing

After 47.0 hours,a test rig failure necessitated replacement
of upper housing bearings. The second set of bearings
in the upper housing assembly accumulated lQ93.0L
total hours. Of this time, 693.0 hours was at a loading con-
dition of 70.83 x 103 pounds thrust load and a moment of 2.16
x 106 inch-pounds. The remaining 400 hours was run at a
57.50 x 103 pound thrust load and a momen- of 1.96 x 106
inch-pounds (Table D-3).

The bearings in the lower assembly had a total test time of
1140.0 hours. Of this time, 719.5 hours was at a thrust load
of 70.83 x 103 pounds and a moment of 2.16 x 106 inch-pounds.
A total of 400 hours was run under a thrust load of 57.50 x
103 pounds and a moment of 1.96 :,r 106 inch-pounds. The
initial 16 hours was run under a "no-load" condition followed
by a 6.5-hour interval during which the thrust load was
increased in approximately 10 percent intervals.

During the break-in period, a temperature rise of 200F was
measured under no-load conditions and 40°F under full loading
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conditions without preheating the oil. During testing under
the prescribed operating conditions, the peak "g" levels were
between 1.0 and 2.0. The test assembly power consumption was
approximately 1.5 kw under steady-state conditions. Total
lubricant flow was 3.0 gpm.

The first indication of a possible bearing failure occurred
at 899.5 total hours test time on the upper assembly bearings.

Inspection of the bearings at the conclusion of the test pro-
gram (1093.0 total hours on the upper assembly and 1140 total
hours on the lower assembly) revealed that the lower bearing
in the upper assembly had failed. The fatigue failure (spall)
may have been influenced by the numerous failures of the pre-
load bolts and edge loading of the rollers caused by the
lateral growth of the bearing cone when the preload plate
deflected. The failed bearing had 38 spalled rollers and the
cup had several spalls in the area of the highest load appli-
cation and greatest housing stiffness.

The tungsten-carbide bearing seats exhibited excellent wear
properties in spite of the severe conditions imposed on them
during the test program. From the experience of many assem-
blies and disassemblies, it appeared that the hard (Rc-72) and
smooth surface (3-12 in. rms) of the tungsten-carbide material
is very beneficial for installing and removing the bearings
from the shaft, as was the inclusion of an oil groove in the

Sseats. rrhc _ nf A40C s-tainlpsqs denosited byS a spray welding process for bearing seats does not appear to; be

suitable for this application.

Post-test visual hardware inspection indicated that the alka-
line copper plating on the bearing cone bores, combined with
an increase in interference fits, contributed to the improved
surface conditions at the bearing and shaft interface.

Of the analytical and experimental methods investigated to
determine bearing preload spacer lengths, the experimental
method was more successful in that it was easier, more
reliable, and required fewer regrinding operations to estab-
lish the desired preload setting.

Conclusions

1. The use of large-diamneter, steep-contact-angle tapered
roller bearings to support the HLH rotor shaft provides
good performance and adequate fatigue life.

2. Azimuth variation in stiffness of the bearing support
housing does affect the internal load distribution of
the bearing. Initiation of spall failures is associated
with the mounting arms of the housing which produce
local concentrated peak loads.
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3. Various preloads from line-to-line to 0.0015 inch appear
to be adequate and practical for the HLH rotor shaft
bearings. This preload range is sufficient to provide
good performance without excessive heat generation.

4. Low oil film thickness does not appear to affect bearing
performance or fatigue life. There was no evidence of
surface distress on the raceways and roller spherical

Fend surfaces.

5. The pin-type cage used in the HLH rotor shaft bearings is
adequate and allows maximum bearing capacity. There was
no evidence of cage distress or pin wear at completion
of testing.

6. Copper plating the cup outer diameter, cone bore, and
cone back face appeared to minimize fretting damage
during operation.

7. The type of preload clamp-up plate used in this test
program had a sikiificant effect on reducing bearing
performance and life.

8. Based upon the results obtained from this test program,
it is expected that the actual HLH aft rotor shaft bearing
performance should be adequate and a life of more than
1300 hours should be achieved. (Table D-4).

A complete report on the test prQgram is presented in
Reference 23.
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TABLE D-4. HLH ROTOR SHAFT BEARING LIFE SUMMARY

Aircraft
Fatigue Flight Time

Equivalent Life Equivalent
Radial * Ratio To Total

Bearing Load, L 1 0 Life, From Test Time,
PatNo.cation lb hr Test hr

301-10406 Upper 54600 4560 0.283 1290
Bearing 0.296 13.52

301-1.0409 Lower 64700 4250 0.334 1420
Bearing 0.336 1428

#LI0 Life includes a Material Life Improvement Factor of 3.0
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ENGINE SHAFT SUPPORT BEARING

This bearing development program was directed toward the
development of a grease-lubricated ball bearing to operate at
632,500 DN (DN is the product of the bearing bore diameter in
millimeters times the bearing speed in rpm) in a simulated
HLH engine shaft support bearing housing. The bearing chosen
for testing was the MRC ll-KS deep-groove ball bearing with
a 55 mm bore. The operating conditions for this test programsimulated a combination of the HLH engine and synchronization
shaft support applications, and were as follows:

Shaft Speed 11,500 rpm (engine shaft)
Shaft Misalignment 00 15'
Shaft Inclination 340 (synchronization shaft)
Shaft Weight 80 pounds
Shaft Unbalance 0,10 + 0.02 inch-ounce
Lubrication Grease
Ambient Temperature 1800 F
Duration 300 hours without regreasing

Prior to actual full-size bearing testing, preliminary screen-
ing tests were conducted to establish the type of grease to
be used. Testing was conducted on 204 size ball bearings
operated at 32,000 rpm (640,000 DN). These tests indicated
that Aeroshell 22 grease, meeting Government specification A
MIL-G-81322, gave satisfactory performance as a lubricant
under these test conditions.

To accomplish the full-scale objectives, four cage designs
and two housing designs were initially proposed and put into
test. As testing was performed, the need for additional bear-
ing and housing modifications became apparent. The program
was expanded until a final bearing and housing configuration
was obtained to achieve a 300-hour regreasing interval.

After the completion of this program, additional testing of
the final bearing and housing configuration was conducted as
authorized by Contract DAAJ01-73-A-0017. This testing demon-
strated the ability of high-speed grease-lubricated ball
bearings to operate satisfactorily through a number of regreas-
ing intervals (300 hours).
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Preliminary Grease Evaluation Test Rig

Preliminary grease screening testing was conducted using a
MRC 1000°F grease test spindle whose basic use is to evaluate
the high temperature perforzmance requirements of most military
grease specifications. The test method employs two 204--K
Conrad-type bearings on a belt-driven spindle (Figure D-8). The
unit can be used for testing lubricants at temperatures up to
1000°F, with applied bearing thrust loads from 0 to more than
1000 pounds and at speeds up to 35,000 rpm. All spindle parts
are fabricated from stabilized high temperature die steel, and
all critical surfaces are hard chrome plated to prevent high
temperature oxidation. This test unit meets the requirements
for the apparatus specified in the Coordirating Research
Council L-54 Research Technique.

The test rig was set up with a high-speed drive to evaluatethe performance and capabilities of candidate greases to lub-
ricate the 204 test bearing at a DN of 640,000. The operating
conditions of the test rig were:

Speed 32,000 rpm
Bearing MRC 204-S-17
Thrust Load 50 pounds
Lubrication Candidate greases
Temperature 180 F or higher, no heat

added

These tests showed that Aeroshell 22 grease, meeting
specification MIL-G-81322, gave the best performance of all
the greases tested.

Full-Scale Bearing Test Rig

Two test machines were fabricated to conduct full-scale bear-
ing tests. The test machines were designed to operate under
the following conditions:

Shaft Speed 1.1,500 rpm
Shaft Incline Angle 340
Shaft Misalignment 15 minutes
Ambient Temperature 180OF
Shaft Weight 80 pounds
Shaft Unbalance 0.10 + 0.02 inch-ounce

In addition, the bearing housings were required to match a
specified external configuration and the housings were
mounted on elastomeric mounts. These mounts are similar to
those presently used on helicopters to reduce shaft misalign-
ments and improper positioning of the shaft and bearing.
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Each test spindle tested two bearings and was driven by a 10
horsepower alternating-current electric motor. Shaft speed
was essentially constant azid was reached soon after start-up.

Two spindles were fabricated for this test program. A plain
housing was installed on the drive end of the rig, and a
grease-circulating device was installed on the outboard end.
After the first test on each spindle, the grease circulating
devices were changed from the "uphill" side of the outboard
housing to the "downhill" side. At the same time, labyrinth
seals with 0.10 inch diametral clearance were installed on
both sides of each housing.

Threie tests ran with no grease circulating or flinging device
in either housing. Final testing was done with washer-type
grease flingers on both sides of each test bearing to retard
grease migration, as shown in Figure D-9.

Summary of Testing

Of the several cage designs initially tested, only the machined
inner-land-riding S-Monel cages consistently ran the scheduled
300 hours. All specimens of the inner-land-riding S-Monel
cage designs suffered objectionable wear, and bearings which
operated on the drive end of the test rig consistently
experienced greater wear than those on the outboard location.
The Design 3 cage, incorporating silver-plate, experienced
the least w ar or damage of the cages tested prior to test 16.

Performance of pressed-steel cages, both with and without
Teflon-S coating, was somewhat erratic. Two bearings ran until
the 300-hour scheduled suspension; one cage failed at 110
hours; another cage failed at 246 hours. One bearing which
ran the scheduled 300 hours showed overheated ball pockets.
While the pressed-steel cage has the advantage of minimum
bulk and permits a maximum grease fill, it does not have the
reliability which the application demands. The control of
manufacturing tolerances of this type of cage design appears
to be the major disadvantage.

The fail-safe cage with DuPont Vespel SP-21 inserts appeared
to be too bulky and too liýificult to lubricate for this
application. A basic -,oblem was the small section of the
MRC 111-KS ball bearing. Machining operations on SP-21 mater-
ial require some minimum section for structural stability.
When space within the bearing package is limited, the support-
ing frame or the space for lubricant is seriously reduced.
The original design did not permit adequate lubrication. When
this design was modified by removing sufficient stock from
the frame to significantly improve lubricability, the
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structural strength was impaired and cage failure occurred.
In a heavier section bearing this fail-safe concept could be
quite satisfactory.

The steel cage and the outer-land-riding S-Monel cage designs
did not have sufficient structural strength for the applica-
tion and failed during its testing.

At the completion of test 15, a review of all the test data
was conducted to determine what changes could be made to
eliminate the serious cage wear problem. A review of each of
the bearing temperatures, both unheated and heated, was
conducted. This review showed that an increase in race curv-
ature resulted in lower operating temperatures and that the
ball-riding, pressed-steel cage also provides good operating
character'stics. Therefore, the final bearing configuration
tested (Figure D-10) included increased race curvatures and a
machined ball-riding S-Monel silver-plated cage. Very little
cage wear cccurred during 300 hours of testing this desiqn:
therefore this design satisfied the HLH/ATC design criteria.

The final housing configuration (Figure D-11) that provided
adequate grease retention was a combination of labyrinth
seals plus shaft flingers.

Conclusions

This test program established -hat- a nnrad tyne ball bearing
operation at 632,000 DN with grease lubrication is entirely
within the state-of--the-art. However, housing design, bearing
geometry, and cage design are very critical and greatly
influence the performance of the bearing.

The following design criteria were established for the succes-
sful operation of the HLH/ATC engine shaft support bearing for
300 hours without regreasing:

1. Aeroshell 22 grease conforming to military specification
Ai MIL-G-81322 is a satisfactory lubricant for the HLH

application. Later work indicated Mobile-28 grease
conforming tc MIL-G-81322, as also satisfactory
lubricant.

2. Misalignmen' presented the greatest hazard to successful
bearing operation in this program; consequently, the
bearing raceway curvatures were modified (increased to
53% on the inner surface and 54% on the outer surface)
to reduce the effects of misalignment, on cage wear,
raceway distress, and reduced friction losses. A
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3. The use of shaft flingers and labyrinth seals provides
adequate grease retention within the bearing h ising
cavity. However, excessive vibration or tempei iture
may cause some migration of grease past the fl iqers
and seals.

4. The use of standard regreasing procedures, such as
pumping grease through a grease fitting until grease
is purged through seals, is a satisfactory method of
regreasing the bearing. Brief temperature excursions
do occur after regreasing, but temperature stabilization
is achieved after a short period of operation.

5. The best cage configuration is a silver-plated, machined,
ball-riding S-Monel cage. The cage should be balanced
prior to assembly to insure satisfactory operation.

Based upon the above design criteria, the HLH/ATC engine
shaft support bearing and housing shown in Figure D--11 were
designed. A complete. xeport on the test program is presented
in Reference 24.
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GEAR MATERIAL EVALUATION

Vasco X2 steel, a low cerbon version of H12 tool steel, has

exhibited excellent hot hardness and scoring resistance.
Previous IR&D and R&D programs resulted in the selection of
this material for the 11LH/ATC transmission components.

The specific objectives of this program were to develop proper
understanding of the metallurgical and mechanical properties
of this material by determination of the following:

* Crack propagation rates in both air and corrosive
environments.

* Impact strength.

Surface contact fatigue strength and its relationship
to various heat treat parameters.

* Effect of the duplex microstructure on the endurance
limit of the core material.

* Hardenability. f
a Effect" uf hardening and tempering temperatures and

time, on both case and core materials.

e Fatigue strength of decarburized core material.

* The surface oxidation mechanism which permits carburiza-
tion to occur uniformly.

The material used in the investigation was procured to Vertol

Specification BMS 7-223 and Vasco Specification MB-X2

(Appendixes A and B). The material was consumable vacuum re-
melted and was produced by Vasco, a Teledyne Company, Latrobe,
Pa. Throughout this report, the Vasco X2 (0.15% carbon)
material is designated "X2". The contractor procuremert spe-
cification for X2 is BMS 7-223.

The individual elements of this test program with the signi-
ficant results are listed below and summarized in Table D-5.

Fatigue Crack Propagation Rates

Sixteen crack propagation test specimens were tested in several
environments at stress levels which might be experienced by
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the transmission system components. Nine specimens were manu-
factured in the longitudinal grain direction and the other
seven in the transverse grain direction. Stress ratios
employed were -0.50, 4-0.05, +0.33 and +0.67; the environments
evaluated were room temperature air, water and MIL-L-23699
oil. The test conditions were developed to evaluate their
influence on fatigue crack propagation rates.

Neither environment nor grain orientation had a major effect
on propagation rate. No significant variations were noted
between the crack propagation rate of X2 steel and other gear
steels.

Charpy Impact Tests 2
Twelve Charpy impact test specimens were tested in order to
obtain data on the mechanical behavior of the material regard-
ing its tendency to behave in a brittle manner. Testing was
accomplished in accordance with ASTM E23.64 requirements. The
data obtained indicated that the 0.15% carbon material exhi-
bited good impact toughness even at temperatures below 00 F. The
fracture impact curve indicated a smooth ductile-to-brittle
transition with no evidence of a sharp reduction in impact
strength with decreasing temperature.

G-eared Roller Test Evaluation

The primary objective of this evaluation was to optimize the
surface contact fatigue resistance of the material by varying
certain heat treat parameters of the test specimens. Variables

• ~evaluated included both surface carbon percentage (obtainedby varying the carbon potential of the carbonaceous atmos-

phere during carburizing) and hardening temperature. One
hundred and two test specimens were machined and heat treated
utilizing seven combinations of these variables. Testing was
conducted in a Caterpillar geared roller test machine which
imparted both rolling and sliding contact to the test speci-
men. All testing was accomplished at a constant Hertz
compressive stress of 450,000 psi.

Approximately 75% of the tests were considered to be valid.
Evaluation of the data revealed no significant increase or de-
crease in B10 fatigue life as a function of heat treat param-
eters. Metallurgical determination of the surface carbon and
the amount of visual carbides present in various test samples
disclosed no direct relationship between these parameters and
surface contact fatigue life.

308



R. R. Moore Fatigue Tests

The X2 core material exhibits a duplex microstructure con-
si.sting of highly alloyed ferrite interspersed in a tempered
martensite matrix. The percentage of ferrite in the core
microstructure is inversely related to the nominal carbon
content of the alloy. The purpose of the R. R. Moore fatigue

tests was to determine the effects of duplex microstructure
on the fatigue life of the material. Three mill heats of
steel with carbon contents of 0.12, 0.15 and 0.17 percent were
procured. After heat treating, 30 fatigue test specimens

(15 notched and 15 smooth) were obtained from each mill heat.
Each heat contained a different percentage of ferrite.

Test results indicated that increasing the percentage of
duplex microstructure by decreasing the nominal carbon content
had no significant effect on the fatigue life of the alloy.

Jominy End-Quench Tests

The objective of the Jominy end-quench tests was to determine
the hardenibility of X2 steel. Four specimens were machined
and tested per ASTM A255-62T requirements. The data obtained
revealed that the material possessed excellent hardenability,
i.e., sections up to 5 inches in diameter can be fully hardened
with a resultant hardness loss of approximately three Rock- I
well C points from the surface to the center of the se tion.

Hardening and Tempering Effects on Carburized Case and Core

The objective of this test was to determine the effects of
hardening and tempering temperatures versus time on the sur-
face hardness and microstructural features of both carburized
case and core material. Thirty specimens were prepared by
carburizing per the contractor developed heat treatment.
Hardening and tempering were accomplished utilizing various
temperatures and times. Metallurgical evaluation of all
samples was done after final heat treatmcnt. The data
obtained revealed the following:

* The percentage of ferrite in the core microstructure
decreased with inci'ased hardening temperature. The
ferrite contents after hardening at 1750°F and 1900°F
were 9.0% and 0.5%, respectively.

The X2 exhibited excellent temper resistance. Tempering
at 1000OF resulted in a surface hardness on the case
material of R/C 59.0 (1850 0 F hardening temperature) and
a hardness of R/C 44.0 on the core material.
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* The X2 exhibited a secondary hardening effect, i.e.;
with increasing tempering temperature, a slight
increase in hardness was observed. This effect was
noted in the core material only and resulted in a
maximum increase of 2 to 4 Rockwell C points.

Endurance Fatigue Life Determination of Decarburized Core
Material

The thermal processing of the X2 alloy requires a special
oxidation treatment in order to insure uniform diffusion of
carbon into the surface ot the steel. This oxidation results
in a decarburized layer on the surface of the steel prior to
carburizing. Manufacturing requirements for the HLH/ATC
components do not allow decarburized areas on finished parts.
The purpose of this evaluation was to determine what effect
the decarburized core material has on the endurance fatigue
life of the base material. The effect of shot peening the
layer was also studied.

Seventy-five R. R. Moore fatigue test specimens were prepared
in groups of 15 each. Two of the five groups were pre-
oxidized and tested; two other groups were preoxidized, shot
peened and tested. The fifth group of specimens was not
preoxidized, but hardened and tempered only in order to pro-
vide baseline data.

After testing, the data disclosed the followinq:

0 The endurance limit of the as-preoxidized specimens was
decreased from 34% to 43% when compared with those speci-
mens which were hardened and tempered.

* Shotpeening the preoxidized surface resulted in in-
creasing the endurance fatigue life of the material but
not sufficiently to attain base material levels.

Determination of the Mechanism which Permits the Uniform
Carburization of X2
X2 requires special processing in that a unique preoxidation

treatment of all components must be accomplished prior to
carburization in order to insure a uniformly carburized sur-
face. The objective of this test was to determine the mecha-
nism; i.e., what does preoxidation actually do to the surface
which permits uniform carburization of the steel.

Ninety specimens were produced by various machining methods,
(i.e., milling, shaping and grinding) and preoxidized utili-
zing several variations of temperature and time. Forty-two
of the specimens were preoxidized, carburized, and hardened
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(Group I); 42 (Group II) were preoxidized only; and the re-
maining six samples (Group III) were not heat treated, but
were used as test standards. Fot each Group I sample, there
was a corresponding Group II sample. Metallurgical evaluation
of all Group I samples indicated which preoxidation treatment
resulted in a uniformly carburized surface. Results confirmed
the 1800 0 F preoxidation temperature as optimum. X-ray dif-
fraction fluorescent analysis of Group II (samples which were
processed by preoxidation only) indicated that various oxides
were being formed at the steel surface-oxide interface.
Characterization of these oxides was not accomplished. A
complete report on this program is presented in Boeing Vertol
Report D301-10036-2.

Additional Gear Material Evaluations

Subsequent to the tasks reported by D301-10036-2, the following

evaluations were made.

0 Fracture Toughness of Vasco X-2 with Various Heat
Treatments

A test program to understand the effects of heat
treatment on the fracture toughness of VASCO X-2
steel was defined.

Fr a c-urc oughness testing has hben .. standardized
in order to obtain meaningful test data. ASTM
E399-72 specifies the procedure and data require-
ments for determining valid fracture toughness
values.

Fracture toughness tests were conducted on twelve
(12) specimens according to ASTM E399-72. The
results of the testing are presented in Table D-6.
The testing conducted is summarized in Table D-7.
These data indicate that the baseline heat treat-
ments provided the best fracture toughness. The
average fracture toughness ot the baseline heat
treat specimens fell slightly below that previously
measured for VASCO X-2. This difference in the
baseline heat creat results is considered to be
within the expected scatter.

* Bending Fatigue Strength of Vasco and 9310 Steels

The testing conducted is summarized in Table D-7.
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TABLE D-6. FRACTURE TOUGHNESS (KIc) TEST RESULTS VASCO

X-2 HOT HARDNESS STEEL ROOM TEMPERATURE -

AVERAGE
FRACTURE TOUGHNESS FRACTURE TOUGHNESS

HEAT TREATMENT SPECIMEN KIC KICSPECIFIED NUMBER PSI V' IN PSI

Ii
BASELINE SPECIMENS 10 41334
(ORIGINAL X-2) 11 45397 43871 01-
1850°F FOR 45 MIN., 12 44883
OIL QUENCN, 600*FFOR 4 HRS., AIR COOL

17500 FOR 45 MIN., 1 Pre-crack Failure*
OIL QUENCH, 950OF 2 Pre-crack Failure* 35994
Pnn A T4V.Q, ?TO COOL 3OA

1800*F FOR 45 MIN., 4 39312
OIL QUENCH, 9500F' 5 34362 36296FOR 4 HRS., AIR COOL 6 36215

1850OF FOR 45 MIN., 7** 33718**
OIL QUENCH, 950-F 8 35477 34534
FOR 4 HRS., AIR COOL 9 34406

* NO MEASUREMENT POSSIBLE 9

** FATIGUE PRE-CRACK SLIGHTLY SHORTER THAN RFQUIRED; DOES NOT
MEET ASTM REQUIREMENT FOR VALID MEASUREMENT.

NOTE: THE AVERAGE FRACTURE TOUGHNESS, KIC, MEASURED PREVIOUSLY

FOR VASCO X-2 IS 48647 PSI /-I.
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TABLE D-7. SUMMARY OF CANTILEVER BENDING FATIGUE TESTS
OF VASCO AND 9310 STEELS

TEST CONDITION NUMBER OF SPECIMENS TESTED

VASCO STEEL
STRESS BMS7-223 9310
RATIO, HEAT LOT HEA¶ LOT STEEL

NO. TYPE OF TEST TEMP. R 3273A 3413A BMS 7.6

I Basic Bending Room -1.0 3 3 6
Fatigue

II Basic Bending 350 0 F -1.0 5 5 8
Fatigue

Conditions I and II are shown in Figures D-12 and D-13 re-
spectively. This data is considered to be preliminary since
the metallurgical examinations have not been completed. These
examinations could result in certain of the data points being
deleted. The preliminary uata indicates that the bending fa-
tigue strengths of Vasco and 9310 steels are similar and that

there is no significant difference in fatigue performance be-
tween heat lots of this Vasco steel.
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GEAR TOOTH- FORM

Background

The proposed HLH/ATC design combines two recent gear technology
advances: high-contact-ratio tooth geometry and VASCO-X2
material.

Boeing Vertol has conducted several individual test programs

to evaluate the bending strength, surface durability, and
scoring hazard of both high-contact-ratio 9310 gearing and
conventional contact ratio VASCO--X2 gearing, Testing of several
high-contact-ratio gear tooth configurations demonstrated thepotential for reduced tooth stress and noise levels from im-
proved load sharing. The alternate two- and three-pair load
sharing was demonstrated by testing programs employing strain
gages.

An analytical investigation verified the effect of load shar-
ing on the stress levels. One phase of this testing measured
noise generation. The effective noise level of the high-
contact-ratio gearing was approximately 3 db below that of
the standard baseline gear set. In addition, the vibration
level, as measured by an accelerometer located on the test
gearbox, was one-half to one-third the standard baseline test
set.

In light of previous experience and the design stress levels,
the most likely problem area in the HLH spur gearing system is
scoriny. The most critical mesh, based on a flash temperature
analysis of the system, is the first-stage sun--plaitet mesh.
In order to validate the flash temperature levels ot the HLH/
ATC spur gearing, a test program was designed and conducted.

Methodology

In order to validate the HLH/ATC flash temperature design
levels, a test program was undertaken employing specimens
which closely simulate the first-stage sun-planet mesh (the
spur gear set with the highest scoring hazard). Three rest
gear configurations were developed. First, an AISI 9310
(AMS6265) standard contact ratio design was developed to
provide baseline data. Second, a configuration which was
geometrically identical to the AISI 9310 design but which used
VASCO gear material was developed to evaluate the merits of
this material. The third configuration was developed to
evaluate the combined effects of high-contact-ratio teeth and
VASCO material (Figure D-14).
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All three test configurations were designed to be run in the
Boeing Vertol gear research test stand, in the 10-inch center
distance overhung configuration. In this configuration, the
test gears may be changed quickly and without any stand
disassembly. In addition, the entire coverplate may be
remnoved for thorough visual inspection of the test set.

Specimen Metallurgical Evaluation

A destructive metallurgical examination was conducted on a

baseline AISI 9310 gear (SK 24275-1, serial number P103) and
a VASCO-X2 gear (SK 24279-1, serial number P113) in order to
determine their conformance with the respective Boeing Vertol
specifications. Both gears conformed to all their respective
specification requirements, except that the case depth was
belcw the requirement at a single point in the root of one
tooth on the 9310 gear. This discrepancy did not occur along
the active profile and did not exert any influence on the
test results. The silicon content of the Vasco pinion was
slightly above the maximum required, but this had no effect
on the test results.

Table D-8 contains a representative listing of the actual and
required values of the parameters evaluated during this
examination.

Test Apparatus

The experimental test program was conducted on the Boeing
Vertol Gear Research Test Stand (Figure D-15), which is speci-
fically designed for spur, helical, and bevel gear research
and development. The design incorporates provisions for
controlling center distance, speed, oil temperature, torque,
and oil flow. The system is a regenerative (four-square)
design using one gearbox as the slave unit and one gearbox
as the test unit. Gear mountings were designed to be rigid
and stable under all loading conditions, with through-bored

housings for maximum accuracy.

Test Data and Results

Initial test results indicated the presence of a misaligrment
problem in the test setup, which led to the generation of
invalid test data. A program of correction was undertaken,
leading to a modified test specimen configuration and a
revised testing technique, so that valid data cowtid be
obtained. In the course of researching the problem, a
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grotud gear set (about 16 RMS finish) was run. The load
levels attained by the ground gear runs were not significantly
different from those obtained with similar honed (about 10 RMS
finish) sets; therefore, the honing requirement was eliminated
from both the test gears and the HLH gears. Although the
honing process does, in general, lead to improved load capa-
city, a development program to define the optimum honing
technique for a particular gear set is usually required toobtain maximum benefit. Since the scoring threshold obtained

with the ground test gears was well above the HLH operating
level, no useful purpose would be served by developing the
honing process at this point in the program. Development of
the honing process may accompany future growth capability
requirements.

After the shaft-induced misalignment problem was resolved,
testing of 10 high-contact-ratio Vasco gear sets (reworked
to the final configuration) was undertaken. This testing
yielded 34 data points, including 10 failure points and 24
nonfailure data points. This testing included two gear sets -

which were man ifactured and run in accordance with a Govern-
ment-authorized modification to the original program. In
order to provide some basis for comparison, a set of standard
9310 gear3 and a set of standard Vasco gears were also
reworked to the final conf~gnration and run to yield 15 data
points (six standard 9310 and iine standard Vasco), including
two failure points each.

The results of this testing are swwvrarized in Figure D-16. No
significant operational problenls were encountered during the
final configuration testing. The standard 9310 test specimens
were incrementally loaded through their expected (3300to
360 0 F) flash temperature failure range and both experienced
sccring failures at the high end of this range to yield an
average scoring threshold flash temperature of 357 0 F.

In order to clearly define the scoring threshold, testing was
halted at the first sign of scoring. Generally, scoring had
progressed over less than 10% of the available face contact
area. However, in some cases, scoring progressed up to 15%
during the 15-minute run.

Since the expected failure range of the Vasco material was
not known with certainty, and in order to insure maximum
utilization of the modified test specimens, the first standard
contact ratio test specimen was incrementally loaded in
relatively small increments until its scoring threshold was
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reached (432°F flash temperature). The second specimen was
loaded in steps to failure, to yield an average scoring
threshold of 428 0 F flash temperature. In terms of icad
capacity testing, Vasco has demonstrated a 66% improvement
over ALS1 9310, as shown in Figure D-17.
Although the increased load capacity demonstrated by the

standard Vasco gears over that of the standard 9310 gears is
of interest, the relationship between the scoring threshold
of the high-contact-ratio Vasco test gears and the HLH high-
contact-ratio planetary gears is of even greater interest.
The average scoring threshold derived from the ten high-
contact-ratio Vascoofailure points, 459 0 F, exceeds the HLB
requirements of 394 F by 17%. A statistical analysis of the
ten high-contact-ratio Vasco failure points, as summarized
in Table D-9, shows that the 1/2 of 1% scoring hazard
level will occur at a flash temperature of 427 0 F, well
above the HLH Critical value of 394 F.

Based on the results of this testing, the scoring probability
of the most critical spur gear mesh on the HLH system
(the first-stage sun-planet) is less than 1/10 of 1% at
design power and speed.

All test results were quite consistent and repeatable, with

the exception of two high-contact-ratio Vasco points. The
first of these nninfc pair number li 1V f aIld t a fs I E G -
temperature of 380 F, well below the average failtre point.
Pair number HV 18, simply pair number [IV 17 reversed, failed
within the expected flash temperature range. In order to
find a reason for the poor performance of HV 17, an extensive
metallurgical and geometric investigation was undertaken.
No explanation of this premature failure was found. At the
time the point was run in the test stand, an immediate check
of the torque, temperature, and flow control systems revealed
no problems0 Pair number HV 21 failed at 434 F, slightly
below the expected range. However, examination of the involute
profile charts for this set revealed a mild discrepancy in the
profile (a step below the pitch line), which would account for
this slightly lower load capacity.
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TABLE D-9. SUMMARY OF STATISTICAL ANALYSIS OF
HCR VASCO SCORING DATA*

Number of Points 10

Sample Mean 459

Sample Standard Deviation 31

Sample Variance 961

Lower Limit on Mean

At 99.0% Confidence 431

At 99.5% Confidence 427

At 99.9% Confidence 417

*Final Configuration Only

The noise level )f the HLH transmission, while not speci-
fically within the scope of this investigation, is of great
importance to the overall design effort. With this in mind,
some significant observations were made Ciring the test
program.

A •u ace1iUJLLeLt-• wda iiu:uiLtu on the tubt gear housing so
that, as a safety measure, general case vibration could be

monitored. The amplitude of the signal generated by the
accelerometer was constantly monitored on an oscilloscope so
that an immediate shutdown could be made in the event of a
catastrophic failure. Although the magnitude of the vibra-
tion signature thus observed is of no significance by itself,
it is interesting to note that the signature recorded for
the high contact ratio test gears was, in general, about half
that of the standard contact ratio gears at the same condi-
tions. Since the most significant cause of noise in the
aircraft is case vibration due to dynamic tooth forces, this
reduction in vibration through the use of high-contact-
ratio gears indicates that a significant reduction in noise
levels will also be obtained.
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TITANIUM ROTOR SHAFT PROXIMITY COUPON TESTS

Fatigue testing, fatigue crack propagation rate testing, and
mechanical properties testing of 0 STOA 6AI-4V titanium alloy
forging was undertaken to provide data for predicting the per-
formance of a a STOA 6AI-4V titanium HLH rotorshaft.

Fatigue Testing of Goodman Specimens

The specimen geometry for fatigue specimens is similar to that
used for the HLH ATC program for evaluation of (a + $) STOA
6A1-4V titanium forging. Specimens are obtained from the
planet post flange as shown in Figure D-18.

Of the 57 specimens available (36 smooth; 21 notched), a total
of 20 specimens were tested. The rotorshaft post proximity
coupons demonstrate that improved fatigue performance is
achieved with a a Solution Treated and Overaged (STOA) forging.
Fatigue data shown in Figure D-19 demonstrates that at room
temperature the a STOA post coupons exhibit a significantly
higher endurance limit at 5 x 107 cycles than the HLH/ATC
program (a + ý) STOA coupons.

The endurance limit for ý STOA rotorshaft post material at 250 0 F
is lower than the endurance limit for room temperature, as
expected; however, it is important to note that the endurance
limit at 250*F for 6 rotorshaft post material is still greater
than the room temperature value for the HL11/'ATC programt (a + •
STOA 6AI-4V titanium forging.

Notched fatigue results, shown in Figure D-20, demonstrates the
same trends. The fatigue strength of the ý STOA coupons at
2501F is equal to the a + 8 STOA fatique strength at room

temperature at 5 x l cycles, indicating a significant improve-
ment in fatigue strength.

Fatigue Crack Propagation Rate Testing

To verify a STOA titanium forging crack propagation rates, a
series of four tests were conducted for conditions identical
to those used in the HLH ATC program on (a + 3) STOA titanium
forging. As shown in Figure D-21, the crack growth rates for
both materials for stress ratio R = 0.1111 and in room tempera-
tares air are the same, thereby demonstrating that $ STOA
material crack rates ate not detrimental for this application.

Mechanical Properties Testing

To check static properties of the HLH (a + ý) STOA + $ STOA
rotorshaft material, two standard tensile specimens were
fabricated and tested. Table D-10 is a comparison between
the test results obtained and the average values for (a 4 g)
STOA forging measured in one HLH/ATC program.
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TABLE D-10. TENSILE TEST RESULTS

YIELD ULTIMATE !6
SPECIMEN STRENGTH STRENGTH % REDUCTION

(PSI) (PSI) ELONGATION IN AREA

.vi 135437 145162 4 8.6

3-2 INVALID - SLIPPED IN GRIPS DURING TEST

HLH ATC
(z+•) STOA 122642 135821 11 20.5

FORGING
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TITANIUM HARD--COAT TESTING

Testing was conducted to determine the influence of a tungsten
carbide hardcoat on the fatigue strength of shotpeened 6At-4Vs

titanium alloy. A summary of the testing is shown below.

SPECIMEN
DESIGNATION TYPE OF COATING AND NOMBER OF

SK301-10434 COATING THICKNESS SPECIMENS

-1 Bare Titanium, No Coating 12
-2 0.002-Inch Coating, As Ground 12

-3 0.008-Inch Coating, As Ground 12

-4 0.008-Inch Coating, Abusively 11

Ground

-5 0.008-Inch Coating, Simulated 6
Repair

Total 53

Figure D-22 is an S-N plot of the data obtained. Initial
analysis of the data and metallurgical examination of specimens
nave been completed. COnuioL1 ba..sed 'an t.hese tudies , ,
clude the following:

(1) A properly processed hard coat does not significantly
degrade the fatigue str-ength of shot-peened titanium.
Nominally, the -2, -3, and -5 groups represent speci-,
mens with proper processing of the hard coat. There is
a tendency for the specimens with the thicker coating
to fall r.oward chr bottom of the scatterband. It was
also noted that -he properly processed specimens,
those simulating q repair (-5 group) fell toward the
bottom of the scatterband in the high-cycle region of
the plot.

(2) An improperly p:ocessed hard coat can significantly de-
grade the fatigue strength of titanium. In this pro-
gram, this effect was seen with specimens having an
abusively ground coating and with a specimen having a

porous coating.

In the case of the specimens with the abusively ground
coating (-4 group), the fatigue life tends to exhibit
a very large s-atter, ranging from the same life to
less than one tenth the life of a specimen with aproperly processed coating. A dye penetrant inspection
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ixethid provides a means for determining possible abu-
'-sive grinding damage.

Coating porosity was found to be a factor in the low
fatigue life exhibited by specimen no. 12 of the -2
group. Before the testing of -2 no. 12 began, it was
subjected to a dye-penetrant inspection by the Materials
Engineering Laboratory. No cracks were observed, but
one edge of the coating had a discrete area of small
dye check spots. After testing was completed, dye-

*penetrant inspection revealed cracks in the coating on
only one side, the side from which the fatigue emanated.
All previously failed specimens had a uniform distribu-
tion of coating cracks.

333



.1 I* 4m

< 
IU

zI 17Ii

LL [.7-

20T
<LAS I; i ,'T-4

Alit r-.i-Al

$~ 4> C

+:::i0. 
Z );;5T7:: £ 44-)

:7, O ) M

IU) Di 4 C
0 J0

-. j4 ~ - ! -- ..- <

Q Qi
i ý 7 ýý-7- ..... o o

C) .O

(.4l

ID u'

. .. ...Q -
cqf- (. coc<o oc>

Z C1
< c 00-

N 10 coc

N I j

13)1 'SS3W.-S ONIJ.VNUIL1-V4

334



TRANSMISSION HOUSiNG MATERIAL EVALUATION

Background and Purpose

The ZE41A-T5 magnesium sand casting alloy is reported by air-
craft users in both the United Kingdom and Europe ?o be cost-
effective due to virtual elimination of the microporosity
problem which severely affected component ueliveries of
AZ91C-T6 alloy castings. Magnesium alloys containinQ rare
earths, such as cerium in ZE41A-T5 (Table D-)1, are rated
above the aluminum zinc alloys for general castvbility. Due to
improved castability and miiimal microporosity, mechanical
properties should have improved uniformity.

With the proposed use of ZE41A magnesium for the! HLH trans-
mission housings, it became necessary to develop static and
Iatigue strength properties prior to fabrication and testing
of full-scale transmission components.

To evaluate thickness effect on properties such as fatigue
strength, specimens were fabricated from both thick (3.0
inches) and thin (0.38 inch) areas of the test castings.

Weld repair of foundry-produced defects invariably occurs in
production castings. To evaluate the effect of welds on
fatigue strength, tensile strength, and fatigue crack propa-
gation rates, welds were made in a number of the test casting
coupons.

TABLE D-11. CHEMICAL ANALYSES FROM VENDOR CERTIFICATION
Composition - Percent

Heat Total
Treat Rare

Melt Batch Earth
lloy Number Number Aluminum' Zinc Cerium Zirconium Mainesiumn

ZE41A J2011M MOOS -- 4.3 1.4 .75 Balance

ZE41A J2211M1 MOOS -... 4.2 1.1 .71 Balance

ZE41A L3Ol1M 1122-5 --- 4.3 1.2 .74 Balance

AZ91C L2917R 1102-6 8.6 .80 --... . Balance

3.5 .47 5 r
AMS 4439 Requirement 5 - ,75 i.0 Balance

(ZE41A)

8.1l- .4~ aac
QQ-1-56 Requirement 9.3

(AZ91C) 1
S~335



Test Results

The majority of the tensile, fatigue, and crack propagation
test results were obtained fron ZE41A magnesium sand castings
which were subjected to a on-stage precipitation heat treat-
ment OYCýyLe of 480 0 F fo224 hours. This treatment was de-
vcloped by experimaent at the venuor's facility and involqed
the testing of 1.08 separately cast tensile test coupons after
exposure to four different thermal cycles including the two-

stage treatment recomnended by Magnesium Elektron of England
who introduced and developed this alloy. Mechanical test re--
sults of thin and thick material from all castings of ZE41A-.
T15 given the one-stage treatmrent meit or Qxc-,eded AMS 4439 re-
quiz-ements. Similar tests on ZF41A'-T5 casting which was
given a two-stage thermal treatment exhibited average yield
strength values below APMS requirements.

Tensile tests of all tA.e nonwcided ZE4XA-T5 specimens., even
those removed from 3-inch-thick sections, indicated strengths
and elongations in excess of AMS 4439 requirements (Figure D-23).
All the welded specimens, with the exception of those removed
from the thickest section, exhibited mechanical properties
exceeding the requirements for nonwelded material. Maximum
thickness cf the HLH transmission housings is 1.5 to 2.0
inches.

Bending fatigue tests of the "as-cast" surface of nonwelded
ZE41A-T5 specimens indicated that those from the thin (3/8
inch) section of the casting had an average fatigue strength
approximately 20 percent higher than those from the thick
(3 inch) section of the casting (Figure D-24). This differencein fatigue performance is attributed to the surface condition

* and microstructural factors. This fatigue testing conducted
on the ZE41A.-T5 material indicates that the current fatigue

, Idesign allowable stress currently used for AZ91L-T6 trans-
mission housings is applicable and is conservative for ZE41A-'T5.

The thick sections revealed a problem of surface finish and
microstructure associated with the geometry of the casting
which is similar to an ingot of magnesium 16 inches x 14
inches x 30 inches. Chill bars used for cooling this mass of
"metal could only be located on the drag surface (bottom) since
the cope half of the mold contained several risers. In actual
"production of transmission housings, this particular problem
would not occur. Due to the geometry of thick sections, such
"as transmission mounting pad areas, it is possible to place
chills on three or four sides of the pad. This permits opti-,
mum cooling rates and should limit the degree of segregation
in the microstructure. The opti,,mum test casting for this type
of evaluation should have an irregular profile with 3-inch-
wide bars having variable heicihts. This shape would permit
the foundry to chill the casting in a manner more representa-
tive of good casting technology.
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Welding proved detrimental to the fatigue strength of ZE41A-T5
magnesium. Welded specimens from both thin and thick sections
of the casting showed a 10 to 20 percent lower fatigue strength
than nonwelded specimens from corresponding sections. It
should be noted, however, that currently weld repair is per-
mitted only in the low stress, noncritical areas of a helicop-
ter transmission housing. Under this condition, weld repair
offers an effective economic means of salvaging many castings
without compromising structural integrity. The testing de-
scribed herein indicates that this approach could also be
utilized with HLH transmission housings of ZE41A-TS.

Fatigue crack propagation testing of ZE41A-T5 material con-
ducted in air at 10 Hz indicated essentially the same crack
growth rate characteristics for welded and unwelded specimens
utilizing material from thick or thin sections of the casting
(Figure D-25). Tests conducted to compare the fatigue crack
growth characteristics of ZE41A-T5 and AZ91C-T6 indicated

that the AZ9lC-Ti material had a crack growth rate which, on
the average, was two to three times slower than that of the
ZE41A-T5 material. While this difference is primarily attri-
buted to micros :ructural differences and is considered signi-
ficant, there is a qnestion as to how well the AZ91C-TB
material used in this program represented yield strength and
elongation properties of actual transmission housing castings.
The low yield strength and high elongation of the material
are not considered representative of typical properties deter-
mined from tests on material removed from actual housings.

Since minimum wall thickness and stiffness requirements, rather
than strength requirements, control the design of a typical
helicopter transmission housing, minall differences in strength
properties from alloy to alloy are generally not significant.
The previous successful structural performance of AZ91C-T6
housings is an indication that ZE41A-T5 housings having similar
mechanical properties will also perform satisfactorily. In
addition, ZE41A's superior castability, resulting in less
scrappage, will provide a more cost-effective design.

A complete report on the test program is presented in Boeing

Vertol Technical Report T301-10147-1.
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Figure D-25. Crack Growth Comparisons for Magnesium Alloys

at a Constant Stress Intensity Valve.
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OVERRUNNING CLUTCH

Description of Test Clutches

Three clutch configurations were given a preliminary
evaluation. These designs were designated as clutch
designs A, B, and C and are shown in Figure D-26. As a result
of these preliminary tests, Design B was judged to have the

best performance. The selected configuration was then
optimized to eliminate the discrepancies which occurred
during the preliminary evaluation and designated as optimized
Design D. Finally, the optimized Design D underwent an
extensive test program which demonstrated satisfactory
performance in meeting HLH design requirements.

Design A, Borg-Warner X137661, is a two-row sprag-ciutch
assembly with tandem inner and outer cages incorporating two
inner and two outer drag strips and a central energizing
ribbon.

Design B, Borg-Warner X137675, is a two-row sprag-clutch
assembly with a tandem inner and outer cage incorporating two
outer drag strips but no inner drag strip. Silver-plated

lands on the inner cage pilot closely to the inner shaft arid
use viscous drag to actuate the cage.

The function of the drag strips in all cases is to create

frictional drag between the snraq assembly and the adjacent
inner and/or outer races, thereby aiding in the assembly
cage actuation.

Design C, Formsprag CL-41802, consists of two single-row
sprag-clutch assemblies, each having a cage and two garter
springs to locate and actuate the sprags. The sprags have
interlocking surfaces which prevent rollover when an overload
condition occurs.

Optimized Design D, Borg-Warner X137920, is similar to Design
A in appearance and Design B in configuration except for
optimization to eliminate minor discrepancies which occurred
during the preliminary evaluation. The design consists of a
two-row sprag-clutch assembly with a tandem inner and outer
cage incorporating two inner and two outer drag strips.
Silver-plated lands on the inner cage pilot closely to the
inner shaft. The race-contact surface of the outer drag
strips were increased to minimize wear.

Lubrication to the clutch designs tested was provided
centrifugally via holes drilled through the inner shaft (race).
'ihe final HLU/ATC parts are identical to the optimum Design D

tested.
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OVERRUNNING CLUTCH

Design A Design B
(Borg-Warner X137661) (Borg-Warner X137675)

Drag Band Outer Drag Band

• - D~~g• J~~nner• Sler/a

Strips F r Cage Plated

Borg-Warner Sprag Clutch

• Outer Cage

./ n ........ Ribboni i 2 - Hi g h .. .......................

Hneight ner Cage

Design C(Formsprag CL-41802)

Sprag-to-Sprag Abutment Cag

During Overload Condition Cage
Prevents Sprag Roll Energizing

Garter Spring

3/8--In.
Sprag Height

4

Figure D-26. HLH/ATC Sprag Clutch Designs.
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Test Discussion and Results

Initial Checkout of Fixture

The clutch test facility is shown in Figure D-27. The specimen
clutch was housed between two tapered-roller bearings. During
the initial assembly of the test-specimen cartridge, the
bearings were installed with 0.005 to 0.001 inch of axial
float. At the completion of a pretest run it was noted that
there was light circumferential scoring on the tapered
rollers and at the completion of the first 5-hour run, the
bearing cage had failed. Analysis of the failure indicated
that it was the result of the axial float and marginal lubri-
cation. The assembly was modified to allow a greater oil flow
through the bearings. The axial float was eliminated, and the
bearings were preloaded from 1 to 5 in--lb. of running torque.
In addition to these steps, the bearing cages were glass peened
and silver-plated to increase their marginal lubrication capabi-
lity. No further difficulties were experienced with the
tapered-roller bearings.

Testing of Optimized Design D

Full and Differential Speed Overrunning

The optimum Design D (Borg-Warner X137920), which is similar
to Design B (Borg-Warner X137675), except for the addition of
inner drag at strips as included in Design A (X137661), was
configured after analysis of the data from the previously
tested clutches and consideration of the HLH aircraft
requirements. The best features of each clutch with
modifications and additions as required were incorporated
into Design D. The bend radii of the inner and outer drag
strips were increased to improve the wear characteristics
in this area. The flattened bend radii showed no measurable
wear at the completion of the 50-hour endurance test.
Design D successfully completed the entire series of the full-
and differential-speed overrun tests. The differential-speed
overrun tests were run with a 4-gpm oil. flow in accordance
with the conclusions reached during the disengagemnent testing
of the clutch B which showed lower oil flows to be marginal.
This represents 100-percent of the final design oil flow to
the clutch. No discrepancies were noted throughout the
entire test series.

Endurance Testing

A 50--hour 75-percent differential-speed endurance test with a
3 gpm oil flow was conducted on this clutch. An oil flow rate
of 3 gpm was chosen in lieu of the final design oil pump
output of 4 gpm in order to evaluate and determine if there
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is a sufficient margin of lubrication. At the completion of
*vthe endurance test, inspection of the clutch revealed:

. A 0.0002-inch wear path on the inside diameter of the
sprags.

0 Several breaks in the energizing ribbons.

* No wear on the clutch inner race

The indexing of the energizing ribbons and inner and outer
cage pockets was checked and found to be within tolerance.
The energizing ribbon radii were checked and found to be

undersize. This condition was corrected for production parts.

Cyclic Testing

Because Design D was not available for test at this time and
the geometric configuration of the cages, sprags, energizing
ribbons, and drag strips of clutch Design A were similar to
those. ordered for Design D, static testing was performed ot
Design A. Slip rates are shown in Figure D-28.

A frequency sweep from 10 Hz to 30 Hz with 90,000 in-lb
steady and +9,000 in-lb. alternatina torque aprlied was per-
formed to determine if a resonant condition existed, thereby
causing the slippage. No angular displacement between the
inner and outer races was indicated. There wa5 nso aitiplatude
or phase shifts throughout the entire sweep indicating that
no detrimental resonance was present within the limits checked.

Fatigue testing was performed at a mean 91,000 in-lb
and an alternating torque of +13,600 in-lb. It was noted that
the slip rate decreased as the cyclic count increased beyond
250,000. At 500,000 cycles, slippage stopped (Figure D-29).
The clutch completed 10 million cycles '.ith no further slip-
page and no indication of distress.

A continuation of the nonrotating slippage test was performed
at a steady lcad of 45,500 in-lb and an alternating load of
+3,000 in-lb. The alternating ).oad was increased in incre-
ments of 3,000 in-lb. The clutch assembly was then subjected
to a 5-minute test at each incremental load level. At the
+18,000 in-lb alternating load level, the clutch began to slip
at the rate of 6 d-eg/min. Inspection at the completion of
cyclic fatigue and slippag,. testing revealed several fatigue-
induced cracks emanating from pocket radii below drawing
toler•xnce in both the inner and outer clutch cages. There
was light fretting on the sprag contact area and pronounced
fretting on approximately 180 degrees of the silver-plated
pilot surface of the inner cage.
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Static Overload Test

This test was conducted. on one optimum clutch Design D only.
The purpose of the test was to determine the clutch ultimate
capacity.

Failure was defined as rollover, slippage, or component frac.-
ture. All clutch parts including bearings were coated withgrease (MIL-G-81322) .

The following data were recorded at each torque setting:r!
n Torque, ft-lb ±10
a Anqular Displacement, deg ±0.5
* Outer-Shaft Deflection over each

Row of Sprags - 8 Places Total, in ±0.0005
Load Sharing Between Rows of Sprags, pct ±20

Failure occurred at a torque level of 206,900 in-lb or 1.7,240
ft-lb, which is equivalent to 468 percent of one-engine
desisn torque,

The failure was sp-ag rollover. All spray preload spring tabs
but one et.e broken off. Also, several sprags had sheared
"O'coffin corneuz" edges. Shaft and housing showed some brinel-
ling. Unaided visual examination of the inner and outer cages
revealed no t.amage.

Table 0-12 show_:s the results of the load--sharing test and indi-
i tc�t th-. on the average, each row carries approximately 50
pfuc;nt of t!e torque.

}, Cos,:ul.us .lor,

Table i D-213 presents the results as couipared to the design cri-
teria. The expected rollover torwue for the aircraft clutch based
:)n the test i.s a!amo shown. Although this is slightly less than
450 percent torque, a pwwobcx with the aircraft clutch is not
expected since the drive; aystema ultimate torque is equivalent
to 225 percent. Also,. the: outer-race hoop stress in the air-
craft clutch is 3.5 percent above the criheria at 200 percent I
torque. How'-ver, sin' - the te'-t clutch compleecd 10 million
cycles durinqj zria fazLgue test avz a torque level equivalent to
206 percent, #39.8 pr...e.-, 0 Z aircraft single-engine torque
without indication ot sute_ racc distress, and since the air-
craft clutch operatin'; ;:ondition is equivalent to 100 percent,
+52 percent, of zingle-engine torque, the slightly higher
calculated hoop stress does not- inJicate an objectionable
condition. Note also that at. ciutch rollover, the outer-race
hoop stress is less than the race ultimate tensile strength.
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TABLE D-12. SUMMARY OF LOAD-SHARING TEST RESULTS

Torque Through Row 1** (pct)

Position Tor-que Bridge 1 Torque Bi-icge 2

61.4 56.3

2 49.8 47.9

3 53.7 44.3

4 43.2 46.5

Average 52.0 48.8

*Any random position

**In the assembled position, row 1 is the first sprag-clutch
row, looking from the engine end.
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TABLE D-13. COMPARISON CF DESIGN D AND AIRCRAFT CLUTCH
PARAMETERS WITH DESIGN CRITERIA

VI
Design

Parameter Criteria Design D HLH Clutch

Contact Stress at
200 Percent of
Torque, psi < 4$0,000 435,000 433,000

Contact Stress at
300 Percent of
Torque, psi < 600,000 510,000 504,000

14' Failure*
(Rollover) , 489 466

pct of torque > 450 469 447

Outer-Rdce Hoop
Stres5i at 200 Per-
cent of Torque, psi < 71,200 68,400 73,600

Cami Ri..,re at 200I
Percent of
Turque, pct < 80 49.8 51.7

Calc'.ilated **Test EstinLated from test s

II 33GC
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OIL SEALS

Oil seals are a potential riEk area due to the combination
of size and shaft speed. Seal rubbing speeds of up to
17,100 ft/min. are desired for optimum design configuration
so that seal diameters do not limit shaft diameters.

Conventional elastomer type seals using Viton or silicone
materials are limited to rubbing speeds below 4,000 ft/min.
Carbon face type seals are available with ratings up to
20000 ft/mmn. Howeve:, conventional face type seals are
relatively expensive and are easily damaged during
transmission assembly or teardown.

Three seal vendors (Gits, Koppers, and Stein) have been.
selected to develop seal designs incorporating features to 4

overcome some of the hazards and limitations of current
state-of-the-art seals. Figure D-30 shows the configurations

to be tested by each company.

Results of Program

The Gits Brothers Manufacturing Company tested two seal
design concepts:

* A floating carbon type seal (P/N 02531-1100) completed the
twelve-hour dynamic run and twelve-hour static check within
the 2 cc/hr leakage limit. The 1000-hour test was completed
within the 2 cc/hr limit; however, the :equired oil flow of
one GPM was not met. At zero pressure, the flow was
reduced to 0.72 GPM and at 0.375 psi the flow was reduced
to 0.31 GPM in order to keep within 2 cc/lit leakage limit. o

This seal should be satisfactory for HLH traasmission
application except in area of clutches. Approximately
1412 hours of testing were accumulated on this design.

* An elastomer type seal (P/N 02531-3000) was also tested
by Gits. This seal was not successful due to the break-
down of the ebolon packing elastomer at the rubbing 0 peed
of 21,000 FPM. Their prior experience with this type
seal was only up to one-half of this rubbing speed. The
seal was also apparently too stiff to respond to low
operating seal cavity pressure. Approximately 89 hovrzr
of testing were accumulated on this design.

The Stein Seal Company tested two design conuepts:

* A segmented circumferential carbon type seal (P/N 437f)
was tested. This seal, coupled with a screw thread wind
back and windage screen, was successful in meetin-.g all
conditions of the test plan. Average oil leakowg was only
0.1 cc/hour. The carbon wear rate extrapolates to or•.:
14,000 hours expected seal life.
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* A second design (P/N 4375) is similar to the above but
includes an additional radial labyrinth. This design was
not successful in meeting 2 cc/hour leakage limit and was
therefore stopped in favor of developing the simpler first
design.

The piston ring type design submitted by The Koppers Company
may be successful under oil mist conditions but was not
satisfactory under the oil flow requirements imposed in the
test plan which simulated HLH transmission conditions at the
overrunning clutches. Approximately 15 hours of testing were
accumulated on this design.

Conclusions

* The Stein seal design (P/N 4376) met the test conditions
and test leakage limits. Seal application unlimited.

* The Gits seal design P/N 02531-1100) nearly met the test
conditions and met leakage limits.

* The Koppers design was not successful except at 10%
required oil flow conditions.

* The Stein seal has been selected as prime in the
transmission test program. The Gits seal will also
be evaluated in certain locations.
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ROTOR BRAKE DEVELOPMENT

r The extraordinary rotor stopping and rotor holding requirements
occasioned by the size of the HLH rotor system made a brake
development program necessary. Two major objectives of this
program were weight reduction and increased stop life before
disc or liner replacement. These objectives were achieved.

The development program was subdivided into three phases.
Phase I was a design study program to select test candidates
for Phase II. Phase II evaluated full-scale disc and lining
specimens and selected one design for further evaluation and
qualification in Phase III. Design, fabrication and testing
for all phases was performed by B. F. Goodrich Aerospace and
Defense Products, Troy, Ohio.

Phase I

In Phase 1, prelimi-4,ary design parameters were as defined in

Table D-14. A steel disk was selected as the baseline for
evaluation of the candidate designs. Other disc candidates
were described as follows:

Structural graphite :Figure D-31). The lining

material would also be structural graphite.

- Structural beryllium with sintered metallic lining
plates (Figure D-32).

- Structural beryllium with graphite wear pads
(Figure D-33).

Disc and lining material properties are compared in Table D-15.

A comparison of the rotor brake disc designs is shown in
Table D-16. Four stop times are defined - 30, 35, 40, and 45
seconds. From this chart it can be concluded that the advanced
designs show increasing benefits as the duty cycle becomes
more severe (stop time decreases). At the 30-second stop time
the weight decrement for disc and head can be as much as 90
pounds. It was also estimated that the increased stop life of
the advanced designs could nearly cancel the greater cost of
the advanced material, to achieve a parity in life-cycle costs
compared to the baseline steel disc. Of the advanced designs,
the graphite/graphite lining concept was favored because of
its inherent design simplicity as compared to the beryllium *

with attached wear pads.
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TABLE D-14. PRELIMINARY HLH ROTOR BRAKE DESIGN PARAMETERS.

Operating Conditions

Total Stopping Time 30 seconds (desired)

Rotor Speed Decay Time As optimized by sub-
contractor

Brake Stopping Time
Normal Design Service 1000 Stops (Desired)

Life Between Overhauls
Normal Rotor Speed 156 RPM
Rotor Blade Diameter 92 feet
Rotor Inertia (Both Heads) 115,500 ft/lb/sec 2

Total System Inertia 127,000 ft/lb/sec 2

Rotor Drag Constant 294 ft/lb/sec 2

Operating Ambient -65*F to 250*F
Temperature Range

Maximur Allowable Brk. 1500OF
Disk Temperature

Normal Brk. Disk Speed 4000 - 5500 RPM
(Max. Range)

(Optimum normal speed
to be selected within this
range by subcontractor)

Normal Engine Speed 11,500 RPM
Maximun Brake Disk 25% above normal disk

Overspeed speed
Total Engine Stall Torque 1500 ft/lb(3 Engine)
Hydraulic System Operating 2900 PSI Minimum
Pressure 3000 PSI Maximum

Emergency Operating 1-stop capability from
Requirement a rotor speed of 156 RPM

Physical Size Limits

Maximum Brake Disk Outside Dia. 18.0 In
Minimum Inside Dia. Mounting 6.0 In

Bolt Circle
Maximum Inside Dia. Mounting 8.0 In

Bolt Circle
Maximum Brake Disk Thickness 1.5 In
Maximum Radial Brake Lining 5.0 In Iwidth
Maximum Brake Lining Angular 100 Deg

Sweep
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Phase II

The objective of Phase II was to design, fabricate, and evalu-
ate, by testing, four separate rotor brake concepts. The dif-
ferences among the concepts were in the heat sink materials.
The heat sink consisted primarily of a rotating disk/disk
assembly and stationary lining segments. The four concepts w
were as described under Phase I.

An existing rotor brake head assembly was utilized for all
concept testing. Various linings and disks/disk assemblies
were designed for use with the head assembly.

The following parameters apply to the head assembly as used

for the HLH Phase I testing:

Piston Area - 25.02 in 2 total

Brake Radius - 7.078 inches

Back Pressure Capability - 25 psi

Head Assembly Weight - 21.5 lb
(less linings and pressure plates)

Figure D-34 illustrates a cross-sectional view of the brake

Conventional Steel Disk Design-
The steel disk was fabricated from 4140 steel and heat treated

to a Brinell Hardness of 372-426. The physical size was 18.062
inches outside diameter with a .940-inch thickness in the rub-
bing area. Through normal wear and occasional grinding of the
disk to return it to parallelism, the final thickness upon
completion of the last test averaged .783 inch.

The area around the bolt holes was reduced to .375 inch thick,
primarily for weight reduction. The total disk weight in the
new condition was 51.7 pounds. Eight 1/2-inch bolt holes were
used. The disk temperature was monitored by a single thermo-
couple inserted 1-5/16 inches from the inside diameter, approxi-
mately 1/8 inch into the friction area.

Several types of linings were evaluated in conjunction with the
steel disk for the best possible wear life. These included
iron-copper base, iron base, copper base, and organic linings.
Various sizes, thicknesses, and energy ratings were also
evaluated.

All lining materials except the organic were sintered onto a
steel lining carrier. This lining carrier acts as _ base for
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the friction material, additional heat sink material, and
provides the means of attachment onto the pressure plate. The
organic lining was epoxied and riveted onto the lining carrier.

Beryllium Disk/Metallic Lining Design-

The rotating disk assembly (Figure D-35) consists of a structural
beryllium core with steel backed lining segments attached to
both surfaces. These wear segments had . 100-inch-thick iron base

lining material sintered onto a steel backing. The wear seg-
ments were attached at three points: through the disk mounting
bolt holes, and through two torque removal slots on the disk
periphery. The beryllium core incorporates expansion slots
beneath the area where two adjacent wear segments meet. The

disk assembly was 18.062 inches in diameter with a thickness
in the rubbing area (with wear segments) of .880 inch.
Eight 1/2 inch bolts were used for mounting and the disk
assembly weighed 17.75 pounds.

The disk temperature was monitored by a single thermocouple
inserted 1-5/16 inches from the inside diameter, approximately
1/8 inch into the friction area.

The linings used were of a sintered iron based friction material,
designed identical to those used on the steel brake concept.
Lining temperatures were monitored as before on the steel
disk concept. This design concept has been utilized success-
tully in tuil circle brakcs on several aircraft wheel brakes in
production today.

Beryllium Disk/Graphite Lining Design -

The rotating disk assembly (Figure D-36) consisted of a struc-
tural beryllium core with structural graphite wear segments
attached to both surfaces. Attachment was achieved by an over-
lapping of the graphite segments with steel retainers which were
in turn riveted to the beryllium. The overall assembly size
was 18.062 inches outside diameter with a .868 inch total
thickness. Eight 1/2-inch bolts were used and the assembly
weight was 12.42 pounds. Temperature was monitored by a
thermocouple inserted 1.31 inches into the material center
from the inside diameter. The wear segments provided a total
of .040 inch of allowable wear.

Graphite Disk and Lining Design-

The structural graphite disk (see Figure D-37) had an outside
diameter of 18.083 inches and a thickness of .824 inch. Eight
1/2-inch bolt holes were originally specified, but eight addi-
tional 3/8-inch bolt holes were added prior to testing, to
allow a lower bolt preload. The total disk weight was 9.47
pounds. A thermocouple was inserted 1-1/4 inches from the in-
side diameter and axially centered.
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The linings were also constructed of graphite. Due to the
higher temperature associated with a graphite brake, mechanical
retention of graphite linings becomes more difficult than con-
ventional linings. The method developed for this test worked
very well due to the effort put forth in locating the rubbing
sarface as far from the steel retainers as possible. In addi-
tion, an attempt to partially shield the retainers from the
heat was made. No lining carriers were required for this
concept; the linings were mounted directly to the pressure

plate. No thermocouple was inserted into the lining.

Test Apparatus/Ecuipment-

All dynamic and static torque evaluations were performed on the
B. F. Goodrich 48 Inch Shaft Dynamometer. In addition to its
standard panel recording instruments, an instrumentation room is
aqaipped to monitor all of the necessary brake parameters.

Brake test parameters monitored on selected dynamic torque stops
were as follows:

Brake Torque, ft-l~b Lining Temperatures (4)
Disk Speed, rpm Pressure Plate Temperatures (2)
Stop Time, sec Piston Housing Temperature
Brake Pressure, psi Disk Mounting Fixture Temperature

Disk Temperature (All Temperatures were in OF)

A variable speed (vari-Drive) unit was incorporated to coneuct
disk strength and endurance tests. The unit was equipped with
a magnetic pick-up to monitor speed.

Iq
During the disk strength testing of the beryllium disk with
metallic wear plates, a catastrophic failure occurred which
rendered the drive unit useless. A second, smaller unit was
incorporated in conjunction with a pulley and drive shaft
arrangement which separated the disk/disk assembly front the
drive unit.

Test Procedures

Dynamic Torque Tests-

Once the number of inectial disks were engaged so that the
particular test condition kinetic energy was produced at the
desired brake application RPM, the following test procedure was
utilized: Rotate disk up to speed, apply predetermined hydraul-
ic pressure to the brake head pistons, record the various key
parameters during actual brake stopping. The hydraulic pres-
sure varied for the first several test stops until the desired
test condition brake stopping time was obtained. Once the
correct brake head hydraulic pressure had been determined, the
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test procedure was repeated until the required 250 test stops
or a failure had occurred.

Wet Stop Dynamic Torque Tests -

A wet disk dynamic torque test was conducted on each of the
two advanced material disk concepts which utilized
graphite friction surfaces. These tests were performed on
brake disk/lining assemblies which had been subjected to a 24-
hour water soak. The test conditions and procedures were the
same as those for a normal dynamic stop.

Static Torque Tests --

A static torque, equivalent to that torque produced by the en-
gines at 6 5 0 F O.A.T. idle power, was applied to the brake. The
brake was required to demonstrate the ability to prevent ro-
tation with a normal operating pressure applied. This test
also determined the maximum holding torque of the brake at
normal operating pressure. The normal operating pressure was
determined from the dynamic torque tests conducted for each
configuration.
Disk Endurance Tests-

Each disk (less brake head assembly) to be tested was mounted
on the output shaft of a vnri-drive unit and cycle tested
from stationary, up to speed, and return to a stationary con-
dition for ll00 cycles. The first 1,000 cycles were at the
normal operating speed of 5,150 rpm and the final 100 cycles
were at 6,440,rpm (25% overspeed condition). The disk assem-
blies were then inspected for any visual signs of fretting or
fatigue damage.

Disk Strength Tests-

Each disk (less brake head assembly) to be tested was mounted
on the output shaft of a vari-drive unit and tested by driving
it 1.25 times the normal operating speed for a period of 30
minutes. The disk was then driven at 1.37 times the normal
operating speed for a period of 30 seconds (normal operating
speed is 5150 rpm). The disk assemblies were then visually
inspected for any fretting, fatigue, or ultimate damaae.

Test Results

Steel Disc: A total of 197 stops were completed on various
lining materials. Table D-17 summarizes the results.

Metallic Lined Beryllium Disc: A total of 38 stops were made
under two dynamic conditions. During the disc strength test.
3 sets of cover plates separated from the disc and the result-
ant unbalance created a catastrophic failure of the disc
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assembly. Previously, warpage and poor heat transfer charac-
teristics had shown this design to be improper for a caliper
type brake. In aircraft wheel brakes, where uniform pressure
around the entire disc exists, this design has shown excellent
charactersitics.

Structural Graphite Disc: A total of 363 stops were completed.
Table D-18 summarizes the results. In addition, disk endur-
ance and overspeed tests were accomplished satisfactorily. The
disc was cycled from zero to 5150 rpm for 1000 cycles, to

j 6440 rpm for 120 cycles, and rotated at over 8800 rpm for 15
seconds.

Conclusions

1. Conventional Steel Disk Design

a. The design will work in the intended application:
however, the lining servic• life will be extremely
low.

b. The unit weight will be very high.
c. Any steel disk configuration utilizing metallic

linings will throw off sparks when stopping at
the lining surface speeds encountered in the HLH
design; however, the fire hazard present-ed by these

low-density, short-duration sparks is felt tc be
very low.

2. Beryllium Disk/Metallic Lining Design

a. This design will not work in the intended appli-
cation due to severe disk lining warpage, retention
problems and poor lining/disk heat transfer.

3. Beryllium Disk/Graphite Lining Design

a. This design will not work in t'Le intended application
due to poor disk lining/disk heat transfer, high
lining wear rates due to the high rubbing speeds and
potential long-term disk lining retention problems.

4. Graphite Disk and Lining Design

a. This design will work in the intended application;
however, the lining/disk wear rate will be approxi-
mately 67% higher than originally predicted.

b. The unit weight will be approximately 60% of a
conventional steel disk/metallic lining design.
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c. The unit life should be 600% to 800% greater than
that of a conventional steel disk/metallic lining
design.

General Conclusions

1. Any helicopter rotor brake assembly operating in the
speed and energy range required by an HLH type aircraft
should employ a single homogeneous material disk design.

2. Advanced material (graphite and beryllium) helicopter
rotor designs offer a potential weight savings over a
conventional steel disk brake assembly in the order of
40% to 60%.

Phase III

Technical Approach

Phases I and IT of this program showed that the optimum rotor
brake configuration for the HLH helicopter would consist of a
structural graphite brake disk in conjunction with a conven-
tional aluminum caliper housing utilizing structural graphite
linings. Phase III testing was performed on a structural
granhite brake assembly designed specifically for the *LH
helicopter in accordance with Boeing Vertol HLH Rotor Drake
Procurement Specification S301-10045. The Phase III test
program was intended to subject the graphite rotor brake
assembly to all of the qualification type testing normally
required of a production helicopter rotor brake. The testing
included functional, dynamnic torque, static torque, wear,
pressure, low temperature and vibration.

Test Specimen Design-

The following paragraphs are pertinent excerpts from the HLH
Rotor Brake Design Specification which governed the design and
test of the structural graphite rotor brake assembly?

I) All components of the brake shall operate satisfactorily
for the number of cycles specified herein without failure
due to thermal expansion, corrosion, decrease in strength
at elevated tenmperature, vibration, wear, acceleration,
fatigue, or any combination of these causes. The brake
shall be capable of satisfactory operation under the
environmental conditions specified herein and must
satisfactorily pass all performance and environmental
tests specified in Section 4.0 of this specification.
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2) Operating Conditions

Condition #1 Condition #2

Total Stopping Time 45 sec 60 sec

Rotor Speed Decay Time 28-29 sec 47-48 sec

Brake Stopping Time 16-17 sec 12-13 sec

Normal Design Service Life 400 stops 600 stops

Between Overhauls

Normal Brake Disk Speed 5152 rpm

Disk Speed at Brake 2609 rpm 1982 rpm
Application

Kinetic Energy to be 5.lxlO6 ft-lb 3.lxlO6 ft-lb
Absorbed by Brake

Disk Stopping Torque 30,000 in-lb+5%

Minimum Disk Static Holding 36,000 in-lb
Torque

Systnm inertia at the nrake 155.9 ft-lb-seu
Disk

Emergency Operation Require- One stop capability
ment (Minimum) throughout the

service life frow normal
disc speed (51.52 rpm)
within 30 secondsI, I

3) Environmental Conditions

All components of the brake shall be designed for satis-
factory operation under the following environmental
conditions:

a. Fluid temperature range from -65 0 F to +275 0 F.
Ambient temperature range from -65 0 F to 250 0 F.

b. 100% relative humidity cver full ambient
temperature range.

c. Fungi encountered in tropical and semi-tropical
i climates.

d. Exposure to airborne sand and dust particles.
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e. Exposure to atmosphere containing salt laden
moi sture.

f. Pressure altitudes from sea level to 20,000 feet.

g. Vibration and Acceleration: The brake must withstand
and function under the vibrations and accelerations
encountered in helicopter operation. The design shall
preclude resonant vibrational modes within +20% of the
following frequencies: 2.6 Hz, 10.4 Hz, 20.8 Hz,
133 Hz, 192 Hz, 2662 Hz, and 9583 Hz when mounted in
a manner similar to the aircraft installation. In
addition, any springs utilized in the design shall not
have fundamental modes at any of the above frequencies.

Design Life-f

The brake shall be designed to operate with optimum performance
without adjustment or replacement of parts for not less than
400 stops (Condition #1) or 600 stops (Condition #2). The
total operation life of the brake head assembly shall be no
less than 10,000 stops (equivalent to approximately 7200
flight hours).

The brake assembly as tested in Phase III is shown inFigure D-38.

Test Requirements and Results

(The following is abstracted from B.F. Goodrich report Q-6099,
"Qualification of the B. F. Goodrich P/N 2-1314 Single Disk
Rotor Brake for the Boeing Vertol Heavy Lift Helicopter.)

Dynamic Torque Test

Requirements -

A total of 250 brake stops shall be conducted as follows:

Kinetic Energy - ft-lb x l0' 3.1
Inertia - slug ft 2  135.06
Disk Velocity - rpm 2125
Stop Time - seconds 12 to 14
Maximum allowable av. ft-lb torque 2500
Cooling fans Off until at least 60

seconds after stop
Wear measurements Approximately every 50

stops
X-Y plots Approximately every 10

stops
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Results -

Two hundred and fifty dynamic brake stops were accomplished
as specified. Average results are listed below.

Stops Stops Stops
0-125 126-250 0-250

Number of stops 125 125 250
Kinetic energy - ft-lb 3.094 3.096 3.095
Inertia - slug ft 135.06 135.06 135.06
Disk velocity - rpm 2124.04 2125.0 2124.52
Stop time - sec 12.3 11.9 12.1
Brake pressure - psi 930 959 944
Brake torque - ft-lb 2261.1 2338.3 2299.4
Stop distance - revs 220.47 217.56 219.02

Average Peak Temperature - F*

Stops Stops Stops
0-125 126-250 0-250

Disk 749 768 759
Leading inboard lining 393 415 406
carrier

Trailing inboard lining 401 422 412
carrier

Leading outboard lining 391 407 399
carrier

'Trailing outboard lining 372 383 378
carrier

Piston housing 140 137 139
Disk mounting fixture 368 375 372

The cooling fan was off during the stop and until 60 seconds
after the stop except for cooling profile stops 10, 50, 100,
150, 200 and 250. On the coo.ling profile stops, the cooling
fan was off during the stop and until 5 minutes after the stop.

Wear measurements were taken after stops 25, 75, 125, 175 and
250. Average wear rates for 250 stops (inc~hes per stop per
surface are shown on the following page).

*Average peak temperatures were taken from cooling profile
stops only. On the other stops, the cooling fan was turned
on before the temperatures were all peaked.
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Wear Max. Projected
Rate Useable Life

Leading inboard lining .0004376 .300 754
Trailing inboard lining .0006432 513
Leading outboard lining .0004100 804
Trailing outboard lining .0006196 532
Disk .0003322 .300 452

Twenty-five stops were recorded on X-Y plots during the test.

A series of stop tests were conducted with a disk of 1.2 inches
thickness. The wear life of this disk, based on a minimum
allowable thickness of .7 inch, is approximately 755 stops.

Static Torque Test

Requirements-

Using the average actuation pressure required for dynamic
torque stops, an increasing torque load shall be applied until
slippage occurs. The actuation pressure shall then be in-
creased until 3000 ft-lb of static torque is attained without
slippage for a minimum of 60 seconds.

Results--

A static torque survey was performed by actuating the brake
with various pressures and applying an increasing torque load
until slippage occurred. Then, using an actuation pressure
of 2160 psi, a torque load of 3,150 ft-lbs was applied and
maintained for 30 minutes without slippage. Results of the
torque survey are as follows:

Actuation Pressure, psi Torque - ft-lb

300 500
625 1000
925 1450

1230 1850
1540 2250
1835 2750
2140 3150
2425 3600
2740 4000
2825 41.00
2930 4200

3010 4350
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Disk Strength Test

Requirements -

A new disk assembly shall be driven at 6440 rpm for 30 minutes.
No failure or permanent deformation is to occur. This disk is
then to be driven at 7060 rpm for 30 seconds without structural
failure.

The same tests shall be accomplished on a fully worn disk.

Results are to be recorded on an X-Y plot.

Results---

A new 134-73 disk assembly was driven at 6440 rpm for 30 minutes
and at 7060 rpm for 40 seconds.

A 134-73 disk assembly, which had previously been used for 250
dynamic torque stops, was driven at 6440 rpm for 30 minutes
and at 7060 rpm for 30 seconds.

There was no deformation or failure of either disk assembly.

Disk Endurance Test

Requirements -

A new disk assembly shall be cycle tested from stationary, up
to speed, and return to a stationary condition for 1100 cycles.
The first 1000 cycles shall be at 5150 rpm, and the remaining
100 cycles shall be at 6440 rpm.

Results -

A new 134-73 disk assembly was cycle tested to 5150 rpm for
1012 cycles and to 6440 rpm for 100 cycles without failure.

Proof Pressure Test

Requirements -

A proof pressure of 3150 +50 psi shall be applied to the
piston housing assembly for a period of five minutes. No
permanent deformation or measurable leakage shall occur. The
pressure shall then be reduced to 5 psi and held for five
minutes with no resultant leakage.
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Results

A pressure of 3150 psi was applied to the piston housing
assembly and held for 15 minutes. The pressure was then re-
duced to 5 psi and held for 5 minutes. There was no permanent
deformation and there was no leakage.

Note: Brake head assembly for this test had the 27-560 (,ra-

LI phite lining segments replaced with ones made of aluminum.

Brake Endurance

Requirements -

With the brake head assembly temperature maintained at 2250-
2500 F, 50,000 pressure cycles shall be applied. Fifty percent
of these cycles are to be at the normal operating pressure
and the remaining fifty percent are to be at the pressure re-
quired to achieve 3000 ft-lb of static torque. Additionally,
each 25,000 cycles shall be divided into four conditions
simulating various worn lining configurations. These con-
figurations are to be 25%, 50%,75% and 100%. Positive
actuation and retraction shall be monitored by an indicator
light connected to the pressure plate limit switches.

Results-

With the brake head assembly temperature maintained at 250'F,
50,000 pressure cycles were performed as follows:

Condition Brake Pressure Cycles

[ 25% worn 1000 6250
25% worn 2100 6250
50% worn 1000 6250
50% worn 2100 6250
75% worn 1000 6250
75% worn 2100 6250

100% worn 1000 6250
100% worn 2100 6250

Actuation and retraction was monitored by an indicator light
connected to the limit switches.

Note: Brake head assembly for this test had hard coated

piston bores, four pistons hard anodized, and the 27-
560 graphite lining segments replaced with ones made of
aluminum.
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Functional Check

Requirements --

With the brake head assembly and a disk mounted in their
proper relative positions, perform the following operations:

Determine pressure required for initial piston movement.

Determine pressure at initial lining - disk contact.
Determine pressure at which linings break contact with

the disk.

Determine approximate time for full lining retraction.

Determine housing deflection at varying pressures from
0 - 3000 psi.

Results -

With the brake head assembly mounted on a test fixture, the
required operations were performed satisfactorily and the
data recorded.

Low Temperature

Requirements I;

After allowing the brake assembly to cold soak for eight
hours minimum at -65*F, functionally check the brake by cycling
at the normal pressure for 25 cycles, followed immediately by
5 cycles at the static torque pressure. Positive retraction
shall be established between cycles by monitoring an indicator
light connected electrically to the retractor limit switches.

Results--

After 64 hours at -65 0 F, the brake was cycled 25 times with
1050 psi and 5 times at 2150 psi. Positive retracition was
indicated between each cycle by the light connected to the
retractor limit switches. There was no leakage.

Note: In the brake head assembly, the tops of the piston bores
were chamfered, the piston bores were hard coated, four pistons
were coated with Nituff, the 27-560 graphite lining segments
were replaced with ones made of aluminum, the 40-560 and 40-561
springs were relaced with 40-570 springs, the 80-624 washers
were replaced with 80-647 washers, and the MS 28774-220 and
68-923 packiings were replaced with "T" type packings (Greene,
Tweed and Co.).
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Vibration

Requirements-

One brake head assembly shall be subjected to vibration in
accordance with MIL-STD-810B, Paragraph 4.6, Procedure I,
Section 4.6.1, Part 1, utilizing test curve AT as shown in
Figure 514.1-1. In addition, tha brake shall be vibrated spe-
cifically at 2.6, 10.4, 20.8, 133, 192, 2662, 9583 Hz to
ascertain the absence of any fundamental modes at these
frequencies.

Results -

The vibration test was conducted at the Bowser-Morner Testing

Laboratories, Dayton, Ohio. As a result of vibration test ex-

perience, the 55-113 aluminum spring covers on the test brake
were replaced with steel ones, the 38-606-20-91 rivets were re-

placed with MS 20427-6F12 rivets, the 80-624 washers were re- I

placed with 80-647 washers, the 40-560 and 40-561 springs were

replaced with 40-570 springs, and the 5HM1 Micro-Switches were

replaced with ISEl Micro-Switches. There were no failures inJ

the brake assembly so equipped.

Disk Balance Check

Requirements-

One disk assembly shall be statically balance checked to
determine compliance with the maximum assembly radial unbalance
limit of .30 oz-in.

Results-

The balance test was conducted at The Balancing Company,
Dayton, Ohio. Two new disk assemblies were statically balance
checked and found to have an unbalance in excess of .30 oz-in.
These two disk assemblies were then balanced by drilling holes
in the 245-172 spacer rings. After balancing, they were
rechecked and found to be within the unbalance limit of .30
oz-in.

Salt-Spray Corrosion

Requirements-

Sufficient test results will be made available on a similarity
basis to delete the requirement for conducting this test on a
complete brake assembly. In addition, samples of graphite
will be salt spray tested in accordance with Procedure I of
Spec. MlL-STD-810B for a period of 48 hours, j
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Results -

Test results from prior salt spray corrosion tests were sub-
mitted to and accepted by Boeing Vertol. Samples of graphite
were tested per Procedure I of Spec. MIL-STD-810B for a period

1 of 212 hours. The testing had no effect on the graphite.

Conclusions

The B.F. Goodrich 2-1314 rotor brake assembly has demonstrated
full compliance to the test requirements and conditions spe-
cified for the Boeing Vertol Heavy Lift Helicopter (HLH) by
the Boeing Company Design Procurement Specification No.
S301-10045.
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TRANSMISSION COVER PHOTOELASTIC MODEL STRESS
AND DEFLECTION TEST

The HLH aft transmission upper cover or rotor shaft support
housing is relatively large and represents a significant
portion of the HLH drive system weight due to the magnitude
of the applied rotor loads. Thus, in order to limit total
drive system weight, it is necessary to control the weight
of the upper cover. On the other hand, because of the
critical rotor support function of the cover, it is also
necessary to insure that the design incorporates sufficient
strength and stiffness to meet all of the structural design
criteria.

The conflicting nature of these requirements makes an accurate
stress and deflection analysis essential to the design of an
upper cover that is not only lightweight, but also has the
necessary 6trength and rigidity. However, the upper cover is
a relatively complex structure as a result of the multiple
functions which it must perform. The H"H upper cover acts
as the rotor mounting and support structure, as a part of the
gearbox housing, as the gearbox mounting structure, as the
support for the rotor control actuators and as the rotor
shaft bearing housing. This complexity, in turn, makes the
accurate determination of stresses and deflections very
difficult using only analytical methods.

The epoxy model technique has several advantages as a
procedure which can be used to alleviite the above diffi-
culties and contribute to the design of an optimum upper
cover. These advantages include a relatively short model
fabrication time span which permits an optimization program
to be conducted prior to the finalizing of the actual design,
the ability to easily modify the model which permits the

configuration to b- .uccessively evaluated and improved, and a
compatibility with birefringent coatings which can be used for
experimental stress analysis.

The objective of this program was to o')tain a minimtum weight
rotor shaft support housing consistent with an unlimited
fatigue life and acceptable bearing deflection. This was
accomplished by determining and evaluating areas of stress
concentration and minimizing their effects by successive
model modification. Geometry improvements were also inves-
tigated to minimize bearing outer race warping due to
external loads. This was accomplished by modifications to
the model.

Technical Approach

The various functions of the upper cover were segregated in
order to obtain an insight into their contribution to the
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combined stresses and deflections. The segregation chosen
for this testing was (a) rotor torque, (b) rotor hub loads,
and (c) rotor control actuator loads. A combined load
condition was imposed after completion of these three load
conditions. Deflections were measured for 25%, 50%, 75%, and
100% of the loads as defined in the Reference 1 test plan
for the model as initially configured. After modification,
the deflections were measured at 50% and 1.00% of the combined
loading for comparison with previous results. Photoelastic

t str:ess measurements were made at 100% load levels for both
the initial and modified configurations.

Test Method

Test Specimen Design

The test specimen utilized for this program was a one-half
size model of the HLH rotor shaft support housing. The
specimen assembly also included simulations of the rotor
shaft bearings, a segment of the rotor shaft, and the
planetary ring gear. (See Figure D-39.)

The rotor shaft support housing model was essentially a one-
half scale copy of the housing being designed for the HLH aft
transrmission. During manufacture, several modifications were
made to the model configuration in order to facilitate
fabrication. These included uhanging •r the shap, of the
horizontal webs of the mounting legs from conical. to fI-t,
reducing the draft angle on the vertical ribs of the mounting

K legs and changing the shape of the support ribs for the
actuator mounting pads.

The bearings used in the test specimen assembly were
simulated capered roller bearings. The outer races were
similar to actual bearing races but the inner Laces and
rollers were combined into sýngie-piece units. The models
were designed to include the r.rtinent elements of the
rotor shaft bearing geometry such as race and roller diameters,
contact angles and number of rollers.

The portic-, of the rotor shaft that is within the transmission
was included in the test specimen. The model shaft was a.
straight, circular cylinder that 6imulated the diameter and
wall thickness of the actual shaft in the area of the bearings.
The upper end of the model shaft was designed to provide for
applic:ation of the rotor loads.

For simplicity, the nimoel ring gear had a rectangular cross-
section rather than the "tee" s:ection of the actual part.
However, the model was designed to simulate the tadial
stiffness of the actual ring gear.
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The rotor shaft, inner bearings, outer bearings, and ring
gear models simulated steel components and were fabricated
with a high modulus epoxy (1,370,000 lb/in 2 ). The rotor
shaft support housing model simulated an aluminum component
and was fabricated with a low modulus epoxy (560,000 lb/in 2 ).
This modulus ratio for the models approximates the modulus
ratio that will exist for the components.

Conclusions

The photoelastic analysis provided data with which to
evaluate the relative magnitude of known stress concentrations.
This permits the selective reduction of the observed stress
concentrations. Significant reductions were obtained for
those data points at which a modification was incorporated.
At the maximum stress concentration point, the maximum
reduction of 40.5% of the initial concentrated shear stress
measurement was obtained.

D o• to a change in the basic design configuration, caused by
change in the swashplate actuator system, there was no

attempt to obtain a complete optimization. Several
ýiccessive modifications such as the one described in this
*aport would provide such an optimization.

In addition to defining the reduction in stress concentration,
the modified configuration provided an insight into the
effectiveness of the ring portion below the rotor shaft
support bearings. It can be concluded from a comparison of
deflection measurements before and after molification that
the material below the bearing support area is effective for
the ring section analyses of the housing. This increase in
the effective section will permit a reduction of ring
thickness in the immediate proximity of the bearing support
resulting in a corresponding reduction in weight.
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TRANSMISSION NOISE REDUCTION

Background

The arguments for reasonably low noise levels in military
aircraft are generally well understood. They encompass
requirements for an environment which will not be medically
damaging to hearing, will not cause undue fatigue, and will
permit reliable communication. To meet these requirements,
the military services generally include MIL-A-8806 as part of
the specification for aircraft procurement.

Rotor transmissions generate the highest levels of internal
4 noise in most helicopters, and they are generally located

near the flight crew or passengers. If no preventive

measures are taken, the gearboxes produce an environment
which does not permit reliable speech communication, produces
undue fatigue of crew and passengers, causes temporary
hearing threshold shifts, and possibly (after repeated ex-
tended exposure) permanent hearing loss. Therefore, the ques-
tion of acoustical treatment of transmissions is not whether
it shall be done, but how much and in what manner.

In order to ensure compliance with MIL-A-8806 as the best
compromise between an optimum acoustical environment and the
penalties imposed on an aircraft by the inclusion of a sound-
reducing treatment (e.,g., weight, cost, maintenance, and
incompatibility with other operational requirements), methods $

of predicting noise levels and tools to perform trade studies
(ie., source noise reduction versus enclosures) are being
developed.

The method used to calculate and reduce noise levels was

developed as part of the HLH/ATC Noise Reduction Program.
In addition, several other AMRDL funded programs directed
towards transmission noise prediction and noise reduction at
its source have been incorporated in this analysis. However,
the methods that were evolved are somewhat incompatible - the
method of predicting noise being dependent on cycled energy at
the gear mesh, while the method of reducing source noise is
dependent on the reduction of displacements at the shaft
supporting bearings. Because of this, a company IR&D
program was conducted to develop a semiempirical method

* relating changes in sound pressure level to changes in the
dynamic response of the geir shafts. Existing test data,
obtained from the HLH/ATC Noise Reduction Program, was
utilized to determine empirical constants.

The noise producting mechanism has been investigated under
contracts funded by USAAMRDL. The hypothesis is that noise
is generated by the transmission case as a result of nonuniform
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transfer of torque from pinion to gear due to tooth profile
errors and the elastic deforamtion of gear teeth under load.
This nonuniform transfer of torque produces a dynamic force
at the gear mesh frequency, and its multiples, resulting in a
coupled torsion/lateral vibration response of the gear shaft.
The lateral vibration (or bending) produces displacements at the
bearings, which in turn cause the case to vibrate, thus producing
noise. This noise-producing mechanism and methods of predicting
lateral response were experimentally verified for a CH-47
transmission, as a result of this HILH/ATC program. Using the
lateral response analysis, modification to shafts can be
analyzed to design the shaft with reduced response and
therefore reduce the noise.

Noise Prediction

The method of calculating sound pressure level (SPL) is based
on a scheme developed by Mechanical. Technology Incorporated.
This scheme assumes that some fraction (a) of the cycled energy
leaves the gear mesh as acoustic energy. The case is
initially assumed to be spherical in geometry and then in
geometry correction factor (0) is employed. These constants
are found as factors and the product ao = 2.06 x 10-3 was
experimentally determined t'o correlate with the CH-47C
transmission test. The SPL is then calculated by the

following equation;

Lf=10 log [4.94 x 104 a a f Z e Fo]

r

where:

L = SPL in dB

a = energy conversicn factor

= housing geometry factor

f = frequency of excitation -Hz

eo = peak value of sinusoidal excitation - p inches

Fo = dynamic tooth force at each excitation point -lbs

r = radial distance to center of sound - radiating
surface - ft

The peak values of the sinusoidal excitation (eo) are
calculated by the computer program GEARO (R-33) and the
dynamic tooth force (Fo) is calculated using the computer
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program TORRP (R-32). The TORRP model used for the pretest
predictions of the aft transmission installed in the test
stand is shown in Figure D-40. The sound pressure level (SPL)
of the baseline transmissions is shown in Figure D-41 for
the thin walled shafts (-I shafts) and ring gear but with a
stiffening ring installed in the pinion shaft.

Noise Reduction

To reduce the noise, the shaft displacements at the shaft
supporting bearings are reduced. This is accomplished by
predicting the damped forced response (DFR) of the gear shafts
using a computer program DFR (D-82). The shafts are then
mathematically modified and a new response is determined.Achange in noise levels is then associated to the change in I:
displacements. The DFR model used for this analysis is
shown in Figure D-42. The predicted responses for the base- I
line shafts are shown in Figures D-43 and D-44 for the
sun mesh frequency and in Figures D-45 and D-46 for thebevel mesh frequency.

The relation of the resultant noise reduction to the change in
shaft displacement is very complex. If a single shaft were
supported by a single bearing, the resultant noise reductionwould behave approximately as becdr:

(kx) New ,__

SSPL ý 20 loig[ asln •
L~y 

1 kx) aseline.'~

where F = kx is the dynamic force at the bearing station.
However, real transmissions have two primary shafts (excluding
the rotor shaft) and several supporting bearings. This
results in considerable difficulty in estimating the noisereduction.

A method which evolved as a result of the HLH/ATC program
which is currently being used, is outlined below

* Establish a dB level for each bearing dynamic force, usint
the largest force as the reference force.

o Logarithmically sum the referred noise levels.

* Using equation (1) calculate the A SPL for each bearing
and add to the referred noise levels.

* The difference between the log sum of the referred noise
levels and the log sum of the referred modification noise
levels is the most probable SPL reduction.

* Repeat above for each mesh frequency.
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The approach outlined above provided correlation with the
measured dynamic forces at the bearing. This correlation,
however, was considered unsatisfactory for design trade-off
utilization. Therefore, an empirical correction factor B was
experimentally developed and incorporated into the analysis as:

A SPL = (1 + B) A SPL (3)
corrected predicted

-' where B = -6.5539 + 6.394 x l0-3 f - 1.338 x 10-6 f 2 and

f = mesh frequency.

using this correction factor and the change in shaft displace-
ment at the bearings as shown in Figures D-43 through D-46,
a reduction in SPL at the sun mesh frequency was calculated
while no net change was noted for the bevel mesh frequency.
This change in SPL spectrum is also shown in Figure D-41 along
with an additional reduction for increasing the wall thickness
of the stationary ring gear. As the final part of the HLH/ATC
Noise Reduction Program, the transmission will be tested with
baseline and modified components to valid.te the analytical
methodology. The test approach is described in detail in
section ll.d of this report.

Dynamic Analysis of HLH Combiner Transmission

Althoagh noise is not of primary concern with regard to this
box, the beneficial effects of reducing shaft displacements
at the bearings was felt sufficient reason to perform a
dynamic analysis. The Boeing Vertol D-82 Computer Program was
again used to determine the damped forced response of the box
components.

The mathematical model of the HLH combiner box is shown in
Figure D-47. The coupled response of the six main components
(center shaft, right- and left-hand engine shafts, slant
shaft, center engine shaft, and rotor brake) were analyzed
for the three primary frequencies (idler mesh frequency,
pump mesh frequency, and rotor brake mesh frequency).

With six shafts responding to three frequencies, and sixteen
supporting bearings, the optimum configuration is at best a
compromise. The modification which provided the best overall
response is seen in Figure D-48. For the 18 conditions
analyzed (six shafts at three frequencies), this modification
was determined to be "better than" the baseline for eight
cases, "equal to" for seven cases, and "worse than" for three
cases.

This modification was designed as a removable slug inserted in
the spur gear end of the center shaft. This will allow for a
"with" and "without" comparison as a further verification of
this type of dynamic analysis.
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Preliminary Noise Data

The aft transmission contained modified input bevel and sun
gear shafts with an unmodified stationary ring gear. The noise
was measured at two microphone locations: 1 foot directlyl
below the sump, and 2.5 feet from the case at the HLH flight
engineer's approximate location. The preliminary data was
obtained without the benefiz of the acoustic enclosure and is
possibly 3 to 6 dB higher than the levels generated by the
rotor transmission alone.

Narrow and one-third octave frequency analysis revealed the
major noise contributors as: the upper-stage planetary system
mesh frequency 388 Hz (f 1 ) and its second harmonic 776 Hz (f 2 ),
lower-stage planetary system mesh frequency - 1,438 Hz (f )
and its second and third harmonics 2,876 Hz (f 2 ), and 4,311 Hz
(f 3 ), and input pinion mesh-frequency 4,933 Hz (fl).

Comparing the measured noise at the two microphone locations,
1 and 2.5 feet, indicited an approximate 8-dB difference, which a
was expected due to the spherical spreading of sound with
distance.

Noise levels compared on an input torque basis show little
difference with changes in torque (Figure D-49), while the
noise generated at the upper stage planetary mesh frequency
(388 Hz) is reduced a signiticant twelve decibels when simu-
lated rotor loads were applied.

The preliminary noise measurements of the HLH rotor transmis-
sion wita rotor load show the levels to be nearly those pre-
dicted for the transmission with tuned shafts, and within the
range of noise reduction that can be achieved with available
noise attenuating transmission case coatings and aircraft
interior acoustic barriers.
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TRANSMISSV'N NOISE ATTENUATION MATERIALS

A test program was coniucted to evalaate materials for
transmission case vibzation demping and isolation, and
airborne noise attenuation. Damping mateiials applied
directly to the case reduce the vibration and prevent the
generation of objectionable structureborne and airborne
noise. Damping comparisons were made of the constrained and
unconstrained viscoelastic materials, tuned mechanical
absorbers, an antiballistic compound, and a magnetostrictive
damping material. Materials with goua noise attenuation
qualities can be used as acoustical barriers enclosing
transmission cases to reduce airborne noise radiation. Noise
attenuation comparisons were made between the viscoelastic
materials and the leaded foam material.

All testing was conducted using the Boeing Vertol Acoustical
Material Test Laboratory, a 1/2-inch magnesium plate to
represent the HLH transmission case material, and a 50-pound
dynamic shaker for excitation.

Figure B-50 summarizes the measured reduction in vibration
and noise attenuation at ]400 Hz along with a comparison on
a weight basis. Some of the major conclusions were:

e A bonded viscoelastic material in a constrained configura-
tion was reqn•ir,ýd to achieve the goal of 18 dB vibration

reduction. Pn 18-dB reduction at 1400 Hz was required to
limit amplificatiozr of the panel resonance to a maximum of
5 dB.

* A bonded viscoelastic material in an unconstrained
configuration approaches the 18-dE reduction gocl and
is more effective on a weight basis.

* The antiballistic self-sealing compound approaches the
reduction goal, but is less effective on a weight basis
tntan either a constrained or an unconstrained viscoelastic

material. However, it has the potential to improve
survivability.

SMagnetostrictive damping, using copper-manganese inserts,
approached the reduction goal but it is not known whether
this reduction was due to the mass or the behavior of the
inserts when subjected to vibration.

* Tuned mechanical absorbers were found to be ineftective in
damping heavy panels with multiple resonances.

402



Fig 0
I -43

o'U

V

UsUmoa wwVa r.

0 aamixwnnO E

4 VOOZ a .91/Eu

IV ON

r4 >1

GUWJRS1WI El

C In

AZ0DM ZMdVDL UJ'

siomizduiva mopwdei.

403)OSV



* Damping tape is inadequate for damping large vibrating
masses.

t A direct 1/1 dB relationship between the vibration level
reduction and sound level reduction was confirmed during
the test program. One dB of vibration reduction results
in one dB reduction of structure-borne noise.

Noise Attenuation (Material used as an acoustical enclosure
around the case.)

* The noise attenuation properties of the better viscoelastic
materials met the 3 dB per lb/ft 2 objective on a weight
efficiency basis, with the constrained configuration
substantially exceeding it. Therefore, these materials can
provide a combination of case damping and airborne noise
attenuation.

* The leaded foam material which had been selected as a
candidate damping material actually provided little damping
but very good noise attenuation. Therefore, if
transmission airborne noise is a major contributor, this

[ material could be used as an acoustical enclosure though
still not as efficiently as fiberglass. Furtherr.ore, some
way of improving its serviceability characteristics over
present installations would be necessary.

Recommendations

.The large reduction in transmission noise required for the HLH
to meet the levels specified in MIL-A-8806A will necessitate
the use of many noise reduction methods and techniques. The
subject test program disclosed that the better materials
evaluated provided substantial vibration damping and acousti-
cal attenuation, and should definitely be considered for HLH
transmission nuise reduction treatment.

e The best viscoelastic materials constrained and
unconstrained, and the antiballistic compound, are
recommended with the final selection to be based on
compatibility with the environment, manufacturing methods
required, and cost. Although all the materials evaluated
were intended for damping application up to 150 0 F,
discussions with the manufacturers revealed that similar
materials with equivalent damping in the higher
temperature range, 200-250*F (estimated HLH case
temperature), are being developed. These materials are to
be available in time for evaluation on an HLH transmission
case during the ATC program.r Areas to be treated will be determined from actual trans-
mission case vibration measurements scheduled to De
obtained during the ATC program.
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ALUMINUM/GRAPHITE COMPOSITE DRIVE SHAFT TRADE STUDIES

COMPOSITE SHAFT TEST PROGRAM

A test program using subscale tubes (4.5-inch diameter) was
completed. The purpose of this program was to optimize the
composite tube configuration for ballistic survivability and
impact resistance. A tube configuration of high-modulus
graphite and S-glass has been developed using the material

properties of each material in the manner for which they are
particularly qualified.

"Five half-scale diameter and nominally half-scale wall thick-
ness tubes were fabricated and tested. The number of plies
and ply orientation were as follows:

INNER 4- - PLIES P OUTER
SPEC 900 + + 45ý SCUFF CLOTH

# - i8 4C
HT 1002S DRY 120(FIBERITE) CLOTH

(.004)

#2 4 1
HT 1002S DRY NYLON

(FIBERITE) CLOTH(.007)

#3 1 84 1
XP251S HM 1002S DRY NYLON

(HERCULES) CLOTH
(.007)

#4 8 4 1
HT 1002S DRY NYLON

(FIBERITE) CLOTH
(.007)

#58 4 1
"#" HT 1002S DRY NYLON

(FIBERITE) CLCTH
(.007)

The design torque values (sub-scale) were as follows:
Operating torque = 14,700 + 2205 in-lb
Limit torque = 22,050 in-lb
Ultimate torque = 33,070 in-lb

405



It was predicted that both specimen configurations would be
critical in buckling at 150 0 F. The predicted torsional
strengths were:

Specimens #1, #2, #4, #5: T = 35,300 in-lbs.

Specimen #3: T = 51,000 in-lbs.

The five specimens were tested at Ft. Eustis and Boeing
Vertol, according to the following schedule: t'

(see Figure D-51).

Specimen #1

Types of Test(s): a. Impact
b. Torque

Temperature: Room temperature

'Results:

a. Debonding between glass and graphite occurred at 10% of
design impact. Graphite cracked longitudinally. No
cracking of glass at 100% impact. Tube went .10 out of
round.

b. After impact testing, specimen was torqued and tailed
½L buckling at 26,000 in-lTs.

Specimen #2

Type of Test: Ballistic

Temperature: 10°F

Results-

Specimen withstood .30 caliber tumbled hit on center of
mid-span with steady design torque Ipad applied. Specimen
then torqued to failure between 26,000 and 30,000 in-lbs.
Failure mode was buckling.
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Specimen #3

Type of Test: Ultimate/Impact

Temperature: Room

Results:

Specimen torqued to 90% (49,000 in-lbs) of predicted ulti-
mate torque without mishap; then impacted at 120% design
impact load. Inner ply of glass and graphite failed and
broke away from cross-plied glass. No out of roundness
noted. Specimen then retorqued and buckling occurred at
about 24,000 in-lbs. Buckling originated at point of impact. K

Specimen #4

Type of Test(s): a. Scuffing
b. Torque

Temperature: a. Room
b. 150°F

Results:

a. Both a 1-inch steel bar and a plastic screwdriver
handle were hand-held against the specimen for two
IlkudluLtes. The sh- arf wa l~ULdLeU at 1000 tpifu. No b±91Lbt
of wear apparent in scuff cloth, but resin was "smudged".

b. Tested with objective of attaining 90% of predictedultimate before ballistic test. Failed at 36,000 in-
ibs.

Specimen #5

Type of Test: Torque

Temperature: 1500 + 10 0 F

Res ilts:

Specimen buckled at 48,000 in-lbs. Shaft was holding
torque at 48,000 in-lbs.
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CONCLUSIONS

The subscale test program indicated that the basic config-
uration (Specimens #1, #2, #4, and #5) would meet the impact
and ballistic criterion of transmitting limit torque after
damage. A full-diameter, full-length tube of this config-
uration, however, would not be adequate from a buckling
standpoint (135,000 in-lbs. vs. a required 188,100 in-lbs).
The full-scale tube test configuration then would be
derived -From subcale test specimen #3, with the following
layup :

Plies
1 ply dry nylon (.005) Outer
6 plies 1002S glass at +5 GO)

26 plies NM-5 graphite it +45 (.130)
J ply x P251-S glass at 901 (,0078) Inner

The sync shaft system weight, with a composite tube of this
configuration would be 597 pounds, resulting in a weight
savings of 75 pounds per aircraft, when compared to an
aluminum tube sync shaft system.
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ALUMINUM SYNCHRONIZING SHAFT ULTIMATE AND FATIGUE TESTS

The aluminum synchronizing shaft utilized in the HLH/ATC drive
system represents a critical link in the rotor synchronization
path. Testing of this shaft is required to verify structural
design and fabrication technique. A further reason for
testing is that this shaft represents a significant increase
in tube diameter to wall thickness ratio compared to past
experience.

Test Objective

The objectives of this test were to establish the torsional
fatigue strength, the ultimate strength, the mode of failure, C
and a failure progression rate for the aluminum synchronizing
shafts, including their end connections. The shafts' ultimate
torsional requirement is 188,000 in-lb and the operating
torsional requirement is 83,000 ±10,100 in-lb.

Specimen Design

The test specimens were fabricated in accordance with
Figure D-52, and consist of the 2024-T3 aluminum tube having
an outside diameter of 7.25 inches and a wall thickness of
.125 inch with a 7075-T73 adapter riveted to one end and
an adapter assembly fabricated from 4340 steel riveted to
the other end. A Thomas Coupling was included at each end
of the specimen assembly. The ultimate load specimen (-2)
was full length (approximately 69 inches) while the fatigue
specimens (-3) were reduced to 33 inches overall to
accommodate the test machine amplitude limitations.

Fixture Design

Torsional fatigue testing was conducted utilizing a Baldwin-
Lima-Hamilton Model IV-20 fatigue machine operating at 20 Hz.
A Sonntag Scientific Model SF-10 torsion fixture was used to
convert the force produced by the IV-20 into a torque and tO
apply this torque to one end of the specimen. The torque
was reacted at the opposite end of the specimen by a weldment
bolted to the bed of the IV-20.

The ultimate test was conducted using a rotary hydraulic
actuator for load application and the fatigue weldment for
the reaction.

Test Instrumentation

Each of the four test specimens was strain gaged with a
single four arm torque bridge in the central section of the
shaft. The three fatigue specimens also had crack wires
installed on the shaft adjacent to both end fittings to
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establish a baseline for crack propagation studies.

Dynamic forces were measured from standard strain gage
au'plifiers and an oscilloscope. Static force was applied
by a rotary actuator and monitored by a pressure transducer.

The force measuring systems were accurate to within 2% full
scale. Test measuring and recording instrumentation were in
current calibration in accordance with MIL-C-45662A and
traceable to the National Bureau of Standards.

Test Results

V fatigue Results

Specimen No. A106 was tested with an initial load of
83,800 in-lb. + 10,100 in-lb. This load was maintained
until runout o-curred at 2.0 million cycles.

The fatigue test was resumed with the 301-11017-1 bolts in
the specimen adapter torqued to 800-1000 in-lb. (dry). This
run was made with a load of 83,800 in-lb. + 12,600 in-lb.
and runout occurred at 2.635 million cycles.
The load was increased to 83,800 in-lb. + 15,300 in-lb. and
this was maintained until runout at 2.02 million occurred.

The load was increased again to 83,800 in-lb. + 21,000
in-lb. and at 4.07 million cycles the 301-11000-6 tube
cracked.

This crack emanated from under the 301-11.008-1 adapter and
had progressed to .25 inch beyond the edge of the adapter
where the crack detection wire was broken stopping the test.

With the crack closely monitored, the test was restarted,
maintaining the same load. Complete failure of the tube
occurred at 4.374 million cycles. During this time a crack-
growth was recorded and is shown in Table D-19.

Specimen No. A108 was used for the next series of runs.

This specimen ran at a load of 83,800 in-lb. + 21,000 in-lb.
for 10.363 million cycles. At this time a crack tripped the
crack circuit and the test was stopped.

The visible portion of the crack was approximately 3.3 inches
long, starting from under the 301-11008-1 adapter. No crack
was visible at the previous inspection period at 10.193
million cycles.
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TABLE D-19. HLH/ATC SYNCHRONIZING SHAFT -FAILURE
PROGRESSION RATE.-

PIN 301-11000-3

SIN A-106

LOD- --- NT' B. CYCEE ES x -•T ....
83,800 + 10,100 2.009 RUNOUT,

83,800 + 12,600 2.635 RUNOUT

83,800 + 15,300 2.020 RUNOUT

83o800 + 21,000 4.070 CRACK IN TUBE .25 INCH LCNG
FROM EDGE OF 11008-1
ADAPTER

4.080 VISIBLE CRACK LENGTH .30"
4.090 •
4.100 .5:3

1 4.110 .36
4.120 .40
4.130 .42
4.140 .42
4.150 .45
4.160 .m
4.1130 .
4.1.9G .58
4.200 .62 --

4230 .75
4.250 .83

4296 1.05 i
4 310 1.22

4320 1.28
4.331 1504.340 1.58

4360 2.0
4.370 2.83 -
4.374 COMPLETE FAILURE!*

SN A-107

83,800 + 23,000 5.396 CRACK LENGTH .50 INCH

+ 10,100 .967 .65 INCH

3.637 2.40 INCH
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The test was resumed at a reduced load of 83,800 in-lb. +
10,100 in-lb. until the tube ruptured at .021 million cycles.

Specimen No. A107 was subjected to a fatigue loading of
83,800 in-lb. + 23,000 in-lb. After 5.396 million cycles d

crack developes in the 301-11006-6 tube, emanating from under
the 301-11008-1 adapter. The length of the crack at the time
of discovery was .5 inch.

The load was reduced to 83,800 in-lb. + 10,100 in-lb. and
4after .967 million cycles the crack had progressed to .65

inch long.

( At 3.637 million cycles the 301-11007-1 adapter failed,
terminating the test. The crack in the tube had grown to
2.4 inches long.

Reviewing the results of the three fatigue testa it Is
concluded that in each case the typical mode of failure is
tube cracking starting at rivet holes where the 301-11008-1
adapter is secured. In each specimen the crack occurred at
the same end of the tube.

By plotting the three points of failure and by applying a
standard curve shape for riveted aluminum structures, the
value of the mean fatigue strength was determined to be
83,800 in-lb. + 19,190 in-lb at 50 million cycles.

By applying the mean minus three standara deviations an
endurance limit of 14,000 in -lb is indicated. (Figure D-53.)

Ultimate Results

A full size specimen was used for this test, serial no. A105.
A torsional load was applied in increments until the
MS2047ODDB-10 rivex; failed at the joint between the 301-
11000-5 tube and the 301-11008-1 adapter.

The failing load was 212,700 in-lb.

After teardown for inspection it was found that the 301-11017
-1 and the -3 bolts had yielded, This would account for the
observed offset in the plot of load vs. deflection.

Based on the results of this test the ultimate strength of the
301-11000-2 sync shaft is 212,700 in-lb. The mode of failure
is attributed to overloading of the MS20470DD8-10 rivets.
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Concslusions

The results of these tests verify the structural design of the
synchronizing shaft. The endurance limit (taken as the mean
minus three times the standarra deviation) is 83,000 inch-
pounds + 14,000 inch-pounds. This represents a 38% margin

£ of safety over the design torque of 83,800 + 10,100 inch-
pounds. The predominant mode of failure is tube cracking with

V some adapter cracks also occurring, both at the rivet holes.
Burrs at the rivet holes and fretting at the tube/adapter
interface were contributing factors to the fatigue failures.

C The torsional design ultimate strength of 163,000 inch-pounds
has been exceeded by 13.1%. Ultimate failure occurred at
212,700 inch-pounds due to shearing of the rivets.

A complete report on the test program Is presented
in Loeing Vertol Report T301-10265-1.
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LIST OF SYMBOLS

Ft (ft) feet

g acceleration of gravity
'OF

* F degrees fahrenheit

fpm feet per minute

HP (hp) horsepower ()

C.G. center of gravity

Lb (ib) pound(s)

rpm revolutions per minute

T torque

psi pounds per square inch

psig pounds per square inch gage

psia pounds per square inch absolute

lb/min pounds per minute

sqc in square inch
percent

R radius

Rad radius

TYP typical

Dia diameter
gal gallon

cu in cubic inch

min minute

rev revolution

GPM gallons per minute
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BTU British thermal unit

W weight

mV millivolts

mA milliampere

uA microampere

SH2 Hertz, cycles per second

centerline

M maintainability

R reliability

t thickness

Rc Rockwell hardness c scale

w coefficient of friction

AC alternating current

DC direct current

TPI threads per inch
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